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Effects of Reynolds Number and
Free-Stream Turbulence on
Boundary Layer Transition in a
Compressor Cascade
An experimental and analytical study has been performed on the effect of Reynolds num-
ber and free-stream turbulence on boundary layer transition location on the suction
surface of a controlled diffusion airfoil (CDA). The experiments were conducted in a
rectilinear cascade facility at Reynolds numbers between 0.7 and 3.03106 and turbulence
intensities from about 0.7 to 4 percent. An oil streak technique and liquid crystal coatings
were used to visualize the boundary layer state. For small turbulence levels and all
Reynolds numbers tested, the accelerated front portion of the blade is laminar and tran-
sition occurs within a laminar separation bubble shortly after the maximum velocity near
35–40 percent of chord. For high turbulence levels (Tu.3 percent) and high Reynolds
numbers, the transition region moves upstream into the accelerated front portion of the
CDA blade. For those conditions, the sensitivity to surface roughness increases consid-
erably; at Tu54 percent, bypass transition is observed near 7–10 percent of chord.
Experimental results are compared to theoretical predictions using the transition model,
which is implemented in the MISES code of Youngren and Drela. Overall, the results
indicate that early bypass transition at high turbulence levels must alter the profile ve-
locity distribution for compressor blades that are designed and optimized for high Rey-
nolds numbers. @DOI: 10.1115/1.1413471#

Introduction
The aerodynamic performance of turbomachinery blading is

strongly dependent on the nature of boundary layer development
on the blades. The blade boundary layer is responsible for the
airfoil aerodynamic efficiency and thus for the overall perfor-
mance of the machine. Several previous investigations in turbo-
machinery test facilities have shown that, in spite of the high
free-stream turbulence and the unsteady periodic wakes of the
upstream blade rows, the boundary layer is laminar along the
forward parts of the blade surface. This is true especially for tur-
bine blade sections, which usually operate at low Reynolds num-
bers. Also the boundary layers on compressor blades are observed
to be laminar in wide areas along the accelerated blade front re-
gion. Most blade designers take advantage of the laminar bound-
ary layer on the front and set the maximum suction side velocity
around 15–30 percent of blade chord. This allows high blade
loading in combination with low losses. Beyond the velocity
maximum, the suction surface flow is decelerated with a relatively
steep gradient and then—to keep the boundary layer slightly apart
from separation—decreased monotonically in strength toward the
trailing edge. These ‘‘controlled diffusion airfoils’’~CDA! are
widely in use in multistage compressors.

Several experimental investigations have provided evidence of
the existence of partial laminar boundary layers on compressor
blades. Studies in cascade facilities with different free-stream tur-
bulence levels and wakes, which have been produced by moving
bars, showed laminar flow on the suction side and final transition
within a laminar separation bubble shortly after the velocity maxi-
mum @1,2#. In real compressor environments, detailed measure-

ments on stator blades showed extended laminar boundary layers
up to 30–50 percent of blade chord. At very low Reynolds num-
bers, transition occurred even further downstream@3,4#. Transition
is induced in rather complex modes that depend on the incoming
wakes that impinge on the blade surface boundary layers, on the
profile velocity distribution, and the Reynolds number. Behind the
turbulent wakes so-called calmed ‘‘laminar-like’’ regions are ob-
served, which are followed by transition either in bypass modes or
in laminar separation bubbles aft of the suction side maximum. In
case of separated-flow transition the separation bubble and its ex-
tension oscillates with the blade passing frequency@5#. The turbu-
lence level between the wakes was determined by Halstead et al.
@4# to be about 2.5–3 percent and within the wake region about
5.5–6 percent. All these complex transition modes are excellently
described by Halstead et al.@4#, or in the paper of Cumpsty et al.
@6#, for example.

Essential for the above-described observations is that the corre-
sponding tests, both in cascade facilities and in compressor test
rigs, have been performed at blade chord Reynolds numbers rang-
ing from about 0.05 to 0.453106. Even tests with a special Rey-
nolds number variation did not exceed this range. Real compres-
sors in aeroengines, however, operate at Re50.6– 1.23106 even
at cruise altitude@7#, and industrial compressors or compressors in
heavy-duty gas turbines have blade chord Reynolds numbers
roughly from 2 to 63106 ~Fig. 1!. At these realistic turbomachin-
ery conditions with high Reynolds numbers, the calmed regions
after wake passing, the laminar boundary layers and, particularly,
the laminar separation bubbles will play a less important role.

Recent blade design and optimization studies by Ko¨ller et al.
@8# and Küsters et al.@9# showed that under high free-stream tur-
bulence levels, boundary layer transition on the blade suction side
successively propagated forward into the accelerated front region

Contributed by the International Gas Turbine Institute and presented at the 45th
International Gas Turbine and Aeroengine Congress and Exhibition, Munich, Ger-
many, May 8–11, 2000. Manuscript received by the International Gas Turbine Insti-
tute February 2000. Paper No. 2000-GT-263. Review Chair: D. Ballal.
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of the blades when the Reynolds number was increased. The blade
profile optimization algorithm employed considered this early
transition location and set the velocity maximum on the blade
suction side much further upstream than is common in so-called
controlled diffusion designs, which assume at least partly laminar
flow up to about 20–30 percent of chord@10#. It was clearly
shown that the location of transition onset has a considerable in-
fluence on the blading design process. Conversely, the results of
new blading designs depend strongly on the reliability of the tran-
sition models employed in the boundary layer codes. Therefore, it
is essential that the transition models have been validated thor-
oughly for all turbomachinery relevant flow conditions with real-
istic turbulence levels and pressure gradients.

One correlation for transition onset, frequently used in numeri-
cal boundary layer codes and embedded in many design tools, is
the correlation of Abu-Ghannam and Shaw@11#. It has been com-
prehensively verified for tests at lower turbulence levels for zero,
adverse, and slightly favorable pressure gradients on flat plates.
For high turbulence levels~.2 percent! there is little information
and Gostelow and Bluden@12# emphasized that uncertainty exists
for favorable gradients. Mayle@13# pointed out that, especially for
favorable pressure gradients, there are only two data points from
Blair @14# from a flat plate experiment withTu52 and 5 percent
that give sufficient information on transition onset and length.

In this present study, experiments have been conducted in a
linear cascade facility to give specific evidence that for higher
turbulence levels and increasing Reynolds number, transition on-
set on real compressor blades moves upstream into the region of
strong favorable pressure gradients. The test model used was a
controlled diffusion airfoil with suction surface acceleration along
a relatively long distance. This paper focuses on the investigation
of the transition location for different levels of nearlyisotropic
turbulence and Reynolds numbers, a first step in which the com-
plex mechanism of wake passing was neglected. The Reynolds
number was increased beyond levels investigated so far. An oil
flow technique and liquid crystal coatings have been used to vi-
sualize boundary layer state on the blade suction side.

Compressor Airfoil: Analytical Study
To study the effect of free-stream turbulence and Reynolds

number on transition onset, a blade profile was selected that was
designed for an inlet Mach number of 0.6 and a flow turning of 16
deg. Its profile pressure distribution is typical of controlled diffu-
sion airfoils~CDA! with a favorable pressure gradient on the suc-
tion surface to 30 percent of chord and beyond the station of the
maximum velocity, where the boundary layer is turbulent, a steep
‘‘controlled diffusion’’ with decreasing pressure gradient toward
the trailing edge. Its profile Mach number distribution is shown in
the upper part of Fig. 2.

The blade-to-blade solver MISES of Drela and Youngren@15#
was used for the numerical study of boundary layer transition
behavior. It is a coupled inviscid/viscous interaction method that
employs integral boundary layer equations for boundary layer and
wake development. Boundary layer transition is predicted em-
ploying the criterion of Abu-Ghannam/Shaw@11#, which has been
slightly modified by Drela@16# to achieve a more stable conver-
gence during the coupling process.

Basically, transition can occur in three different modes; in a
natural transition mode~Tollmien/Schlichting~TS! wave instabili-
ties!, in the ‘‘bypass’’ mode, or in the separated mode via a lami-
nar separation bubble with turbulent reattachment. All these
modes depend on the Reynolds number, the pressure gradient at
the edge of the boundary layer, and the free-stream turbulence
level. For high free-stream turbulence levels, transition primarily
is induced from outside of the boundary layer and the stages of the
natural transition process~TS instabilities! are ‘‘bypassed’’. For
many practical flows TS wave transition and bypass transition
both are often at work, but for favorable pressure gradients and
higher turbulence levels, bypass transition is relevant exclusively.

For the present study, boundary layer transition is calculated for
Reynolds numbers from 0.1 to 53106 and different turbulence
levels using the suction side Mach number distribution of Fig. 2.
The results in Fig. 2 bottom show a tremendous influence on the
suction side transition onset of both the Reynolds number and the
turbulence level. For small turbulence levels (Tu,1.5 percent!
and low Reynolds numbers, laminar separation is calculated after
the velocity maximum and transition with turbulent reattachment
is predicted to occur beyond 35 to 50 percent of chord. A stepwise

Fig. 1 Typical blade chord Reynolds number of a heavy-duty
gas turbine compressor

Fig. 2 Influence of Reynolds number and free-stream turbu-
lence on suction side transition onset „MISES simulation …
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increase of the turbulence level up to 6 percent reduces the extent
of the separation bubble, but as long as the Reynolds number does
not exceed values of about 0.23106, transition remains behind
the velocity maximum (xt /c.0.3). With increasing Reynolds
numbers the bubble finally disappears and transition onset propa-
gates upstream into the accelerated front portion of the blade. For
example, at a Reynolds number of 2.03106 and a turbulence level
of 3 percent, transition onset is located near 6.1 percent of chord.
Here the momentum thickness Reynolds number Reu, which is
used as the criterion for transition onset, is calculated to be 220.

Overall, the curves in Fig. 2 illustrate that the transition onset
location is most sensitive on the Reynolds number when the tur-
bulence levels are between about 2 and 4 percent. BeyondTu
54 percent the transition onset location for a given Reynolds
number is more or less insensitive to higherTu levels.

A further relevant influence parameter for boundary layer tran-
sition is the streamwise pressure gradient. Mayle@13# pointed out
that for favorable pressure gradients, the flow acceleration param-
eter is the appropriate parameter to correlate transition onset

K5
n

U2

dU

ds

To illustrate the acceleration rate on the blade surface of the
present cascade, the calculated parameterK for the blade suction
and pressure side is shown in Fig. 3. Calculations are presented
for both a low and a high Reynolds number, the range in which
the following experiments have been performed. On the front por-
tion of the suction side this parameter exceeds values of 3

31026 but the value successively falls toward zero near the ve-
locity maximum. According to the definition of the acceleration
parameter, it is obvious thatK is inversely proportional to the
chord Reynolds number. Therefore, the magnitude of this param-
eter becomes smaller when the Reynolds number is increased. The
correlation of the momentum thickness Reynolds number at tran-
sition onset against the acceleration parameter~Mayle @13#, Fig.
16! claims that for free-stream turbulence levels beyond 3 percent,
the acceleration parameterK has no influence on the momentum
thickness Reynolds number Reut . As there is little experimental
information on transition with accelerated boundary layers (K
.0) and high turbulence levels, the following experiments will
provide further insight to this transition process and help to con-
firm or correct the transition correlation.

Test Setup
The experiments were performed in the transonic cascade tun-

nel of the DLR Cologne@17#. This tunnel is a closed-loop, con-
tinuously running facility with a variable nozzle, an upper tran-
sonic wall, and a variable test section height. The air supply
system enables an inlet Mach number range from 0.2 to 1.4 and a
Mach number independent variation of the Reynolds number from
about 1310* 5 to 3310* 6. Tunnel sidewall boundary layers
ahead of the cascade are removed through protruding slots. Within
the blade pack aft of the minimum pressure region, endwall
boundary layers and AVDR are controlled by suction through
chordwise slots. Tailboards combined with throttles are used to
control inlet and exit boundary conditions.

To allow tests with high Reynolds numbers and to have a suf-
ficient resolution of the blade surface, the cascade blade chord
was enlarged to 150 mm. Three blades were installed in the test
section, with the center blade instrumented on the pressure and
suction side. A cross-sectional view of the test section and a pho-
tograph of the cascade model are shown in Figs. 4 and 5. For
visualization tests using liquid crystal coating, the center blade
was fabricated from a carbon-fiber-reinforced epoxy material to
reduce a chordwise heat flux within the blade contour.

Most tests were run at an inlet Mach number of 0.6 with total
pressures from 0.42 to 1.7 bar and total temperatures from about
306 to 310 Kelvin, giving blade chord Reynolds numbers from 0.7
to 2.83106. Some tests at M150.7 allowed Reynolds numbers
around 3310* 6. To increase the turbulence level, three different
turbulence grids constructed from rectangular bars were installed
near the entrance to the main tunnel contraction, one about 1.9 m
and an even more coarse grid 1.55 m upstream of the test section.

Experimental Results
Two main test series with different turbulence levels have been

performed: The first one used a standard oil flow technique and
the second one employed liquid crystal coatings. The minimum

Fig. 3 Acceleration parameter for suction and pressure side
for two different Reynolds numbers Fig. 4 Test section of the DLR Transonic Cascade Tunnel
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turbulence level without a grid installed was measured to be 0.7
percent. Two grids were located near the entrance of the tunnel
contraction; the first one, denoted ‘‘screen 1.9’’ with rectangular
bars of about 20 mm, generated a turbulence level of about 2.5–3
percent and the second one, ‘‘screen 1.914,’’ had bars of 20 mm
with four additional bars of 6 mm, generated slightly higher
frequencies.

During the course of the investigations it turned out that the
turbulence level of the first two grids was not sufficient to induce
the expected upstream propagation of transition onset. Therefore,
an even coarser grid~‘‘screen 2.6’’ with 25 mm bars! was located
slightly closer to the test blade, generating a turbulence level of
about 4–5 percent.

Oil Flow Visualization. In a preceding test series with blades
of 70 mm chord an oil flow picture~Fig. 6! was obtained at a low
Reynolds number of 0.83106 and a turbulence level of 0.7 per-
cent~no grid installed!. Figure 6 shows the oil traces on this blade,
which had an aspect ratio of 2.4. Due to a distinct suction side
velocity maximum around 30 percent of chord, which is followed
by a relatively strong diffusion, the laminar separation is well
developed and establishes as a short bubble between about 34 to
41 percent.

All further experiments presented here were performed using a
blade chord of 150 mm. Keeping the Reynolds number at the
same low level (0.73106) as in Fig. 6, but increasing the turbu-
lence level, the laminar separation behavior does not change con-
siderably. The blade Mach number distribution and the oil traces
in Fig. 7 both again indicate a separation bubble for aTu level of
2.5 percent and a Reynolds number of 0.73106. This separation
bubble, however, disappeared when the Reynolds number was in-
creased to Re52.03106. At this high Reynolds number andTu
level the oil traces do not show a specific change of their structure
along the blade suction side~Fig. 8!. Obviously, the discontinuity
in cf is not sufficiently distinct to show an essential difference on
the blade surface, at least downstream of about 15 percent of
chord. As at high Reynolds numbers the boundary layer is thinner,
the measured total pressure losses are lower compared to those of
the low Reynolds number tests and the experimental blade Mach
number distribution does not show the separation bubble. A nu-
merical simulation employing the blade to blade solver MISES
nearly exactly matches the measured surface Mach number distri-
bution, as shown in Fig. 8.

Further high Reynolds number tests with oil flow visualization
and even higher turbulence levels (Tu54 – 5 percent! did not pro-
vide a clearcf-induced change in the surface flow structure within

Fig. 5 Photograph of cascade and endwalls

Fig. 6 Oil streak lines on suction side, M 1Ä0.6, ReÄ0.8Ã106

Fig. 7 Mach number distribution and oil streak lines at Re
Ä0.7Ã106 and TuÉ2.5– 3 percent, 1 tick approximately 10 per-
cent of chord
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the accelerated front portion of the blade and thus no evidence
regarding transition in this region. Therefore, the tests have been
repeated using sensitive liquid crystal coatings.

Visualization Using Liquid Crystal Coatings. Liquid crys-
tal coatings have been used to detect transition by visualizing the
difference in adiabatic wall temperature between laminar and tur-
bulent boundary layers. This technique requires a relatively sen-
sitive mixture of liquid crystals that is sprayed on the black col-
ored blade surface. To achieve a sufficient contrast in wall
temperature as reflected through colors of the liquid crystals, it
was necessary to use a thermally insulated test blade that was
made completely out of carbon fiber composite. The event tem-
perature of the liquid crystals is selected to be approximately
4–5°C lower than the total temperature and within the sensitive
temperature range~about 2°C! the colors of the scattered light are
red, yellow, and green. Before approaching this range the liquid
crystals are transparent and the blade surface looks black. A fine
tuning of the total temperature in steps of about 0.1 deg allows an
adjustment of the wall temperature to the event temperature of the
liquid crystals~303–305 K!. More information on this visualiza-
tion technique is given in a previous report by Steinert and
Starken@18# and a recent measurement technique paper by Bize
et al. @19# for example.

The adiabatic surface temperatureTw , which depends on the
type of boundary layer and the Mach number at the boundary

layer edge, is calculated for the present cascade from its surface
Mach number distribution using the different recovery factors for
laminar and turbulent flow (r 50.836 and 0.89, respectively!. Fig-
ure 9 shows that in the front portion of the suction side a maxi-
mum temperature difference of about 2 K can be expected be-
tween laminar and turbulent flow. Prior to the tests, a numerical
parameter study was performed for a high Reynolds number and
four different turbulence levels to estimate the expected location
and magnitude of the temperature difference across transition. The
model used for prediction of transition again was the modified
correlation of Abu-Ghannam and Shaw@16#. Figure 10 shows the
calculated suction side temperatures for the tests at the Reynolds
number of 2.63106and turbulence levels from 0.5 to 3 percent.
The highest temperature difference across transition can be ex-
pected for the low turbulence level test. That case results in the
lowest temperatures for the laminar flow at velocity maximum
and a theoretical temperature increase of more than 2 K near 40

Fig. 8 Mach number distribution and oil streak lines at Re
Ä2.1Ã106 and TuÉ3 percent, 1 tick approximately 10 percent
of chord

Fig. 9 Predicted blade Mach number distribution and calcu-
lated adiabatic wall temperature on suction side

Fig. 10 Simulated surface temperature distribution on blade
suction side, influence of free-stream turbulence on tempera-
ture discontinuity near transition for M 1Ä0.6 and ReÄ2.6Ã106
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percent of chord. When transition propagates upstream with in-
creasingTu levels, this temperature difference unfortunately be-
comes somewhat less.

As transition in reality is a three-dimensional and more gradual
process, the temperature increase on the surface will not be as
pronounced and clear as predicted in Fig. 10, especially for the
high-turbulence-level tests. The transition-induced change in sur-
face temperature for those conditions, however, is still more pro-
nounced than the gradual temperature variation that is caused by
the local change of the surface Mach number. Certainly, some
uncertainty remains concerning the precise experimental determi-
nation of the transition location. The theory~with Tu53 percent!
would expect early transition within the accelerated front portion
around 5 percent of chord. The position of laminar separation and
reattachment from the experiment, however, is quite accurate.

The first test presented in Fig. 11 shows a low-Reynolds-
number test without a turbulence grid upstream (Tu'0.7 percent!.
Black regions in the blade front portion indicate a cold laminar
boundary layer. The ‘‘warm’’ laminar separation bubble to be seen
between 34 and 41 percent of chord, is yellow-red followed by a
streaky ‘‘partly cold’’ turbulent reattachment zone. Evidently, tur-
bulent reattachment takes place in combination with longitudinal
vortices, which produce a streaky temperature distribution. The
rear turbulent blade surface shows increasing temperatures with
yellow-red-green colors. Similar observations at such low Rey-
nolds number tests had been shown previously by Steinert and
Starken@18#.

When increasing the Reynolds number to about 2.23106 but
keeping the turbulence level as low as before~no turbulence grid!,
the liquid crystal picture again showed laminar flow in the front
portion; the yellow stripe, that indicates laminar separation, prac-
tically disappeared, but again or still, the streaky turbulent ‘‘reat-
tachment zone’’ remained~Fig. 12!. The blade Mach number dis-
tribution in Fig. 12~top! provides no clear indication for a laminar
separation bubble. Due to the increased Reynolds number, the
thinner boundary layer now starts to become sensitive to certain
roughness particles. Therefore, first yellow ‘‘turbulence wedges,’’
located downstream of isolated small grains or excrescencies, be-
come visible within the laminar front portion.

Increasing the turbulence level to about 2.5 percent, one sees
the weak laminar separation bubble completely disappears and
boundary layer transition starts around 30 percent of chord, i.e.,
near the suction side velocity maximum~Fig. 13!. A slightly
higher turbulence level (Tu'3 percent! provides only a marginal
upstream shift of transition and the liquid crystal picture in Fig. 14
does not confirm the forward transition location that was predicted
by the MISES code near 5 percent of chord~see Fig. 2 or for a
similar condition Fig. 10 bottom right!. However, the number of
roughness-induced turbulence wedges increases considerably so
that wide areas of the laminar flow effectively become turbulent.
On the other hand, these turbulence wedges provide a clear
evidence that the suction surface flow beside these wedges is
laminar.

A final upstream movement of the transition process could be
achieved only with a coarser turbulence grid. At about 4–5 per-
cent turbulence intensity the bypass mechanism becomes domi-
nant, and transition is observed upstream of 10 percent of chord
~Fig. 15!. A test with an even more increased Reynolds number
could be achieved at an inlet Mach number of 0.7. Figure 16
provides the liquid crystal visualization for a Reynolds number of
3.13106 and a turbulence level of about 3.5 percent generated by
the turbulence grid denoted ‘‘screen 1.914.’’ About 70 percent of
the blade front portion is covered with turbulence wedges, reveal-
ing the increasing sensitivity to surface roughness.

A comparison of the transition locations derived from the visu-
alization experiments to the predicted locations, employing the
criterion of the MISES code@16#, is shown in Fig. 17 for a con-
stant Reynolds number of 23106. Overall, the forward movement
of transition onset with rising turbulence level can be confirmed
qualitatively; but aroundTu53 percent the Abu-Ghannam and
Shaw/Drela correlation slightly overpredicts the forward move-
ment of transition into the accelerated blade front portion. Some
uncertainties remain because within the domain of higher Rey-
nolds numbers surface roughness seems to play an additional, but
essential, role.

Surface Roughness
The foregoing observations clearly show that both free-stream

turbulence and surface roughness have a considerable influence on
transition. At low Reynolds numbers, roughness is relatively
harmless, but the boundary layer becomes very sensitive when the
Reynolds number is increased. The test blade, which is covered
with liquid crystals, has a certain roughness that probably could
induce premature transition before the bypass transition process
becomes dominant. To ensure that the surface roughness remains
below the critical roughness height and that the global spanwise
transition onset either is natural transition or really is induced by
free-stream turbulence, a theoretical estimation was performed,
the results of which are presented in Fig. 18. This figure, derived
from a diagram in Mayle@13#, presents a correlation of the mo-
mentum thickness Reynolds number at the onset of transition plot-
ted against a roughness parameter~from Mick @20#, upper dashed-
dotted line!. If Reu lies above this curve, surface roughness would
induce transition. The nearly straight lines in Fig. 18 represent
calculated Reu developments along the blade surface of the

Fig. 11 Mach number distribution and liquid crystal picture of
suction side at Re Ä0.9Ã106 and TuÉ0.7 percent showing lami-
nar separation and turbulent reattachment
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present cascade for sand roughness heights of 5, 10, and 20mm.
Roughness measurements of the tested blade surface yielded sand
roughness heights not greater thanks510 mm ~with ks58.6
3Ra, following Schäffler @21#!. As the curve withks510 mm
does not intersect the limiting curve for Reu transition, it can be

concluded, or at least suspected, that transition at the high Rey-
nolds numbers and high turbulence level is bypass transition, and
not roughness, induced transition.

A further interesting and essential finding of these visualization
experiments can be seen in Figs. 12–15. These figures again show

Fig. 12 Mach number distribution and liquid crystal picture of
suction surface at Re Ä2.2Ã106 and TuÉ0.7 percent „no
screen …

Fig. 13 Mach number distribution and liquid crystal picture of
suction surface at Re Ä2.0Ã106 and TuÉ2.5– 3 percent „screen
1.9…

Fig. 14 Liquid crystal picture of suction surface at Re Ä2.0
Ã106 and TuÉ3 – 3.5 percent „screen 1.9 ¿4…

Fig. 15 Liquid crystal picture of suction surface at Re É2.0
Ã106 and TuÉ4 – 5 percent „screen 2.6 …
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tests for increasing turbulence levels at a high, but practically
constant, Reynolds number of 23106. As the turbulence level
was raised, more and more turbulence wedges on the blade sur-
face become visible originating with small roughness particles.
Evidently, the particles alone are not able to produce turbulence,
but the interaction of the particle-induced instabilities inside the
boundary layer with disturbances of sufficient strength from the
outer free-stream turbulence seems to initiate turbulence in the
boundary layer. This interaction of surface particle-induced insta-
bilities with the disturbances coming from outside of the boundary
layer is a complex, but rather important, mechanism that must be
considered in future research work on transition onset.

Conclusions
Surface flow visualization tests have been performed on the

blade suction side of a controlled diffusion compressor blade to
show the effect of Reynolds number and free-stream turbulence
on transition location. At the low Reynolds number of 0.83106, a
clear laminar separation bubble with turbulent reattachment is vis-
ible on the suction side, which does not disappear when free-
stream turbulence is increased to 3 percent.

The main focus, however, was on suction side transition onset
at high Reynolds number (Re.23106! and accelerated boundary
layers (K.0). A numerical study employing a modified Abu-
Ghannam and Shaw correlation indicated that for high Reynolds
numbers and an increasing turbulence level (Tu>3 percent!, tran-
sition propagates far forward into the accelerated region of the
suction side. The experiments qualitatively confirmed an upstream
movement of transition, but a slightly higherTu level was neces-
sary to induce early bypass transition. Additionally, the tests
clearly showed, that besides both increasing Reynolds number and
turbulence level, thesurface roughnessplays an essential role. At
high Reynolds numbers, roughness-induced turbulence wedges
cover wide areas of the blade front portion so that laminar flow
has a less important influence.

The results of both the numerical study and experiment suggest
that for high Reynolds numbers, blading design has to consider
the effect of early transition onset. Compressor blades with a tran-
sition location shortly after the blade leading edge should obtain a
front-loaded blade pressure distribution at least for subsonic flows
with a forward-located suction side velocity maximum.

When considering the more complex unsteady effects of wake-
blade boundary layer interaction, one should consider that for high
Reynolds numbers, laminar boundary layers are less important,
and that the calming effects after wake-induced transition may be
altered considerably. Furthermore, the combined effect of surface
roughness at high Reynolds numbers and high turbulence level is
an important field for future research work on boundary layer
development in turbomachinery blading.

Nomenclature

AVDR 5 axial velocity density ratio
5(r2w2 sinb2)/(r1w1 sinb1)

ks 5 height of standard sand roughness,mm
K 5 acceleration parametern/U2* (dU/ds)
M 5 Mach number

M is 5 isentropic Mach number5 f (p/pt1)
Ra 5 arithmetic average roughness
Re 5 Reynolds number5u1c/n1
T 5 temperature

TW 5 adiabatic wall temperature
Tu 5 turbulence level

c 5 profile chord length
p 5 pressure
s 5 blade spacing, pitch

U 5 velocity at edge of boundary layer
u 5 velocity
b 5 flow angle with respect to cascade front

Fig. 16 Liquid crystal picture of suction surface at M 1Ä0.7,
ReÄ3.1Ã106 and TuÉ3 – 3.5 percent

Fig. 17 Experimental „shaded area … and predicted „solid line …

suction side transition onset at Re Ä2Ã106

Fig. 18 Momentum thickness Reynolds number Re u calcu-
lated for three different roughness heights in comparison to
Reu transition „dashed line from †20‡… against the roughness
parameter uÕk S
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Db 5 flow turning 5b12b2
n 5 kinematic viscosity
r 5 density
v 5 total pressure loss coefficient5(pt12pt2)/(pt12p1)
u 5 boundary layer momentum thickness

Subscripts

1 5 inlet plane
2 5 exit plane
is 5 isentropic entity
t 5 total, stagnation value
t 5 transition
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Multi-Blade Row Interactions
in a Transonic Axial Compressor:
Part I—Stator Particle Image
Velocimetry (PIV) Investigation
Multi-blade row interactions in an advanced design 1&1/2 stage axial-flow compressor
are experimentally investigated at both subsonic and transonic rotor operating conditions
using particle image velocimetry (PIV). Transonic rotor operation had a significant im-
pact on the downstream stator unsteady flow field due to phenomena associated with the
intra-stator transport of the chopped rotor wake segments. In the stator reference frame,
the rotor wakes have a slip velocity relative to the mean flow that causes the low-
momentum wake fluid to migrate across the vane passage and accumulate on the stator
pressure surface as the chopped wake segments are transported downstream. This results
in the generation of counterrotating vortices on each side of the chopped wake segment
that convect downstream with the mean flow and act as an additional source of unsteadi-
ness to the vane pressure surface. These interaction phenomena are not evident in the PIV
data at the part-speed compressor operating condition due to the much lower velocity
deficit and hence slip velocity associated with the subsonic rotor wakes.
@DOI: 10.1115/1.1411973#

Introduction

To predict blade row interaction phenomena, design system un-
steady aerodynamic analyses generally consider the response of
an isolated blade row, with both linearized frequency domain and
nonlinear time-accurate computational fluid dynamic~CFD!
analyses utilized. Both approaches first require the specification of
the unsteady aerodynamic forcing functions as a boundary condi-
tion, with viscous wakes generated by an upstream blade row the
most common type of forcing function considered in these analy-
ses. In the unsteady analysis, the wake profiles are specified using
either the results of a steady CFD analysis or empirical correla-
tions based on far field measurements taken behind low-speed
cascades or isolated blade rows. This approach, however, is often
found to be inadequate when predicting the forced response be-
havior of multistage turbomachinery, due in part to multi-blade
row interaction effects not being accounted for in the analysis.

In multistage turbomachines, downstream blade rows periodi-
cally chop upstream-generated vane wakes, with the chopped
wake segments reoriented as they are transported through the ro-
tor passage. These chopped wake segments do not become re-
united at the rotor exit due to the airfoil circulation, thereby caus-
ing attenuation of the wake segments by dispersion@1#. This
inviscid wake transport process is often referred to as wake recov-
ery, with the inviscid straining of the chopped wake segments by
the downstream vane row potential flow field enhancing the rotor
wake decay by a reversible process that reduces the viscous mix-
ing losses. Van Zante et al.@2# developed a model to evaluate the
relative contributions of viscous dissipation and inviscid stretch-
ing to the decay of rotor wakes as they are transported through a
downstream stator passage, with the model predicting inviscid
stretching to be the dominant wake decay mechanism. Poensgen
and Gallus@3# investigated the decay of wakes generated by a
rotor consisting of circular cylinders both with and without a

downstream stator. The presence of the downstream stator was
found to cause the rotor wakes to decay twice as fast as those
produced by the rotor in isolation.

In the reference frame of the downstream stator, the wake fluid
has a higher tangential velocity component than the free stream,
Fig. 1. This slip velocity causes the low-momentum wake fluid to
drift across the vane passage and collect on the airfoil pressure
surface as the chopped wake segments are transported down-
stream. This results in a local broadening of the wake segment
near the pressure surface and a thinning near the suction surface
due to ‘‘negative jet’’ effects. Recirculating flow patterns are also
generated as high-momentum free-stream fluid is drawn into the
chopped wake segment near the suction surface to replace the
low-momentum wake fluid that has drifted across the passage. As
the low-momentum wake fluid accumulates on the airfoil pressure

1Currently at Honeywell Engines & Systems, Phoenix, AZ.
Contributed by the International Gas Turbine Institute and presented at the 46th

International Gas Turbine and Aeroengine Congress and Exhibition, New Orleans,
Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
Institute February 2001. Paper No. 2001-GT-268. Review Chair: R. Natole. Fig. 1 Intra-stator transport of chopped rotor wake segments
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surface, it will interact with the airfoil boundary layer and even-
tually end up appearing in the wakes of the blade row that per-
forms the chopping.

Hodson@4# investigated the wake-generated unsteady flow field
in a turbine rotor using a two-dimensional inviscid analysis. The
chopped wake segments became bowed as they were ingested into
the blade passage due to the convection velocity being much
higher near midpassage than at the leading edge stagnation points.
The chopped wake segments also behaved as ‘‘negative jets’’ as
they were transported downstream, with the low-momentum wake
fluid drawn across the passage from the pressure toward the suc-
tion surface of the blade. This wake migration resulted in a recir-
culating flow pattern and the generation of a large pair of vortices
of opposite sign on each side of the chopped wake segment.

Valkov and Tan@5# used an incompressible two-dimensional
Navier–Stokes analysis to investigate the unsteady flow field gen-
erated in a stator vane row due to its interaction with incoming
rotor wakes. The unsteady flow over the vane pressure surface
was substantially different in nature from that on the suction sur-
face due to the wake chopping and transport process. Once the
wakes entered the vane passage, the slip velocity in the rotor
wakes caused the wake fluid to migrate toward the vane pressure
surface where it piled up and evolved into two counterrotating
vortices. For strong wakes with a rotor relative velocity deficit of
75 percent, these nonlinear self-advective wake migration effects
were significant compared to the convective action of the free
stream flow. When the incoming velocity deficit was reduced to
30 percent, the free-stream convective effects became dominant
and the solution was characterized by more persistent wake seg-
ments and weaker vortices.

Circumferential nonuniformities in the stage exit total tempera-
ture profiles have also been attributed to the transport of the
chopped rotor wake segments through downstream stator pas-
sages, with these nonuniformities sometimes as large as 10 per-
cent of the temperature rise across the stage@6#. This is due to the
chopped rotor wake segments collecting on the stator pressure
surface as they are transported downstream, with the low-
momentum rotor wake fluid tending to appear in the stator wake
regions. Since the rotor wakes have a higher stagnation tempera-
ture than the free stream, this intra-stator transport process leads
to a circumferential variation in the stator exit total temperature
profile.

Particle image velocimetry~PIV! is a relatively new whole-field
technique that provides quantitative measurement and visualiza-
tion of a two-dimensional velocity field. In this technique, seed
particles within the flow field are illuminated by a thin light sheet
generated by a double-pulsed high-power laser, with images of the
particles corresponding to the first and second laser pulse re-
corded. The distances traveled by the particles over this time in-
terval are determined using correlation algorithms, with the veloc-
ity field calculated by dividing each distance by the known time
between pulses. The result is an instantaneous measurement of the
two-dimensional velocity field at a single instant in time, thereby
providing quantitative visualization of flow field structures that
would be difficult if not impossible to obtain using conventional
point measurement techniques such as laser doppler velocimetry
~LDV !.

However, there have been relatively few PIV applications to
turbomachinery, with most focusing on the steady blade-to-blade
flow field. These include measurements in a two-dimensional tur-
bine cascade@7#, a transonic three-dimensional annular turbine
nozzle @8#, a low-speed compressor rotor@9#, and the first-stage
vanes of a low-speed turbine with and without leading edge show-
erhead film cooling@10#. Funes-Gallanzi et al.@11# have also
made PIV measurements in the wake region behind an isolated
transonic turbine nozzle and reported reasonable agreement with a
steady three-dimensional viscous analysis.

Day-Treml and Lawless@12# investigated vane–blade interac-
tions in a low-speed turbine, with PIV data acquired between the

first-stage vane and blade row. Near the rotor leading edge, the
flow underturning in the vane wake was dominated by overturning
caused by the periodic passing of the rotor potential field. Ehrlich
and Fleeter@13# used PIV to characterize the unsteady flow over
an annular cascade airfoil driven to oscillate in a chordwise bend-
ing mode. High leading edge unsteady loading occurred at zero
mean incidence as the stagnation point migrated from the upper to
the lower surface of the airfoil over one oscillation cycle, with this
unsteadiness enhanced by the periodic formation and collapse of a
leading edge separation bubble.

Time-accurate multi-blade row CFD analyses are beginning to
be utilized to analyze nonlinear blade row interactions in ad-
vanced turbomachine designs. These analyses account for blade
row interaction effects and also eliminate the need to specify the
forcing functions as boundary conditions since they are deter-
mined as part of the solution. However, the computational domain
utilized for these simulations is usually reduced by scaling the
geometry such that each airfoil row is represented at most by a
few passages. This greatly reduces computer processing time and
storage requirements, but alters the fundamental periodicity of
rotor–stator interactions, i.e., the interblade phase angle, which is
specified by the blade–vane count ratio. Additionally, the solu-
tions converge very slowly and require vast computational re-
sources. Fundamental blade row interaction data are thus needed
to assess the validity of these time-accurate multi-blade row CFD
analyses.

This two-part paper is directed toward addressing this need,
while also providing an improved understanding of unsteady aero-
dynamic interactions in multi-blade row turbomachinery. This is
accomplished by obtaining detailed benchmark rotor–stator un-
steady aerodynamic blade row interaction data in an advanced
design transonic 1&1/2 stage axial-flow research compressor at
both design and part-speed operating conditions. These detailed
data include measurements of the rotor wake generated unsteady
aerodynamic forcing function to the downstream stator, the result-
ant stator vane steady and unsteady aerodynamic response, and
PIV measurements of the time-variant stator midspan vane-to-
vane flow field. This portion of the paper describes time-variant
PIV measurements of the downstream stator flow field, with the
rotor wake-generated forcing function and downstream stator
steady and unsteady aerodynamic response data described in
Part II.

Research Facility
The Purdue Transonic Research Compressor Facility features a

1&1/2 stage axial-flow geometry representative of that used in the
front stages of advanced aircraft engine high-pressure compressor
designs. The drive system consists of a 400-hp AC motor, a vari-
able speed magnetic clutch, and an 8:1 ratio gearbox, the output of
which drives the compressor rotor, Fig. 2. Atmospheric air is
drawn into the test section through a converging bellmouth inlet
with a 16:1 contraction ratio and exits the test section through
discharge piping, which contains a butterfly throttle valve to regu-
late the flow rate.

The test section has a constant hub–tip ratio of 0.67 with a tip
diameter of 0.3 m~12.0 in.! and features an inlet guide vane
~IGV! row, a blisk with 19 rotor blades, and a downstream stator.
The compressor design speed is 20,000 rpm, with a maximum
pressure ratio of 1.38. The rotor blades consist of NACA 65 series
profiles on circular arc meanlines with a 5.08 cm~2.0 in.! chord
and a thickness distribution varying from 10 percent at the root to
6 percent at the tip. The IGV and stator vanes are an advanced
controlled diffusion airfoil~CDA! design with a 4.45-cm~1.75-
in.! chord and a constant 7 percent thickness. Both the IGV row
and stator feature variable stagger angles, adjustable axial spac-
ings, and can be independently configured with either 18 or 20
vanes. Additionally, the IGV row is indexable, i.e., the IGV ring
can be clocked circumferentially relative to the downstream stator
and stationary instrumentation probes.

Journal of Turbomachinery JANUARY 2002, Vol. 124 Õ 11

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Particle Image Velocimetry
Particle image velocimetry~PIV! is a whole-field measurement

technique, providing quantitative flow visualization of a two-
dimensional velocity field. The flow is seeded with tracer par-
ticles, with the two-dimensional blade-to-blade plane of interest
illuminated by a laser sheet generated by a timed double pulse of
a high-power laser. In the digital PIV technique, a CCD~charge
coupled device! camera synchronized to the laser is used to record
the images of the seed particles within the light sheet for both
laser pulses. The camera images are then divided into rectangular
interrogation regions and correlation algorithms used to determine
an average displacement vector for each region. The velocity vec-
tors are then determined by dividing each displacement vector by
the specified time between pulses.

PIV System. The DANTEC PIV system utilized for these
experiments consists of a 30-mJ NewWave Research Minilase III
Nd:YAG laser, a high-resolution Kodak Megaplus ES 1.0 digital
camera, and a dedicated personal computer~PC! controlled PIV
2100 Processor. The laser has twin oscillators operated in single
Q-switch mode and are capable of delivering a 5–7 ns duration
pulse with a wavelength of 532 nm~visible green light! at a rep-
etition rate of 10 Hz. The two oscillators are necessary to provide
a pair of equal energy laser pulses in the short time interval re-
quired to expose the images in a high-speed flow, with the time
between pulses specified using software. The digital camera has a
100831018 CCD array operated in cross-correlation mode, with
the images corresponding to the first and second pulse of the laser
recorded separately. Both images are then transferred to the PIV
2100 Processor that provides near real-time vector processing of
the images using Fast Fourier Transform~FFT! correlation tech-
niques. This unit also synchronizes the camera and laser, and is
capable of resolving the particle displacement to within 1/10 of a

pixel through the use of sub-pixel interpolation schemes. PC con-
trolled software is used to perform off-line validation and post-
processing of the vector maps, with directional velocity informa-
tion unambiguously determined since the initial and final particle
positions are recorded as separate images.

Flow Seeding. Reliable PIV measurements require that the
flow be seeded with tracer particles small enough to track the flow
accurately and large enough to scatter sufficient light to be de-
tected with the imaging system. These particles must be intro-
duced in a manner that does not significantly disturb the flow field
and at the same time provides a sufficient and uniform seeding
density in the region of interest. Due to the high flow rate through
the compressor, a Rosco 1600 Fog Machine is used to generate the
seed particles. This is a thermal aerosol generator that produces a
high volume of seed particles by discharging a heated and pres-
surized glycol-based mixture into the atmosphere where it imme-
diately vaporizes and then condenses into a fine mist of monodis-
perse particles. A uniform seeding density in the test section is
achieved by introducing these seed particles upstream of the bell-
mouth inlet and allowing them to disperse into the ambient air
prior to being drawn through the facility.

PIV Image Acquisition. To characterize the downstream sta-
tor unsteady flow field generated by the rotor–stator interactions,
the instantaneous midspan vane-to-vane flow field is measured for
several time instants over one rotor blade-passing period. A once-
per-revolution pulse from a photo-optic sensor on the compressor
shaft triggers the PIV 2100 Processor that then fires the lasers and
records the camera CCD images. To record images at different
points over one interaction cycle, the measured rotor speed is used
to calculate the time delay to position the rotor at the desired
angular location relative to the stationary vanes. This value is then
programmed into a LaserStrobe 165 Phase Delay Generator,
which can deliver an accurate time delay up to 999.9ms in 0.1-ms
increments.

Optical access for the PIV measurements is provided to a single
stator passage using a removable window assembly, which fea-
tures 2.54 cm~1.0 in.! constant-thickness Plexiglas contoured to
the flow path O.D., Fig. 3. Note that the PIV data are acquired for
the same passage at which the unsteady rotor wake generated
forcing and vane unsteady aerodynamic response measurements
were made, but these data are not simultaneous. The midspan
vane-to-vane flow field is illuminated by a 1-mm-thick sheet in-
troduced downstream of the stator through an optical probe, Fig.
4. The probe has a 7.94-mm O.D. and consists of a 45-deg high-
energy Nd:YAG mirror and a14.0-mm plano-cylindrical lens.
Prior to entering the probe, the laser beam is passed through an
iris and a 1000-mm plano-convex lens located on a breadboard

Fig. 2 Purdue transonic compressor research facility

Fig. 3 Flow path optical access
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adjacent to the test section. To minimize disturbances produced by
the finite size of the probe, it is positioned ahead of the support
strut leading edge 2.06 stator chord lengths downstream of the
stator trailing edge.

A 60-mm Nikon lens with an aperture setting of f/4.0 is used to
image the flow through the entire vane passage onto the CCD
array. This provides information about the global features of the
downstream stator unsteady flow field generated by rotor–stator
interactions, but the spatial resolution is inadequate to resolve
small-scale flow structures. To examine the details of the down-
stream stator unsteady flow field generated by these interactions, a
Nikon 105-mm lens is used to image only a small portion of the
vane flow field onto the CCD array. The magnification factors for
both lenses are determined by photographing a test grid with
known spacing through the window assembly, with optical distor-
tion caused by the curved window accounted for by using separate
scale factors in the horizontal and vertical directions.

PIV Image Analysis. The images corresponding to the first
and second laser pulses are divided into rectangular interrogation
areas, with cross-correlation software used to determine an aver-
age particle displacement for each region. To obtain a high signal-
to-noise ratio, the interrogation area must be small enough so that
the flow velocity is homogeneous within each region and at the
same time large enough to encompass a sufficiently large popula-
tion of particle pairs. When imaging large areas with high gradi-
ents such as unsteady flow through turbomachinery blade pas-
sages, it may not be possible to satisfy both of these requirements
simultaneously, and a compromise must be made when choosing
the size of the interrogation area.

The FFT processing algorithm that computes the cross-
correlations generates artificial cyclic background noise at the

edges of each interrogation area, since this approach assumes that
the sampled regions are periodic in space. This can result in the
loss of particle pairs due to a low signal-to-noise ratio at the
boundaries, with particles near the edges not used in the velocity
calculation. However, this information is recovered by oversam-
pling the images using overlapping interrogation regions. This
process does not increase the fundamental spatial resolution, but
generates additional vectors as suitable interpolations. For the
present investigation 32332 pixel interrogation areas with 50 per-
cent overlap are used to process the image maps, which results in
3844 raw velocity vectors per image. The maximum uncertainty
in these velocity measurements is estimated to be 2.5 percent.

Results
The downstream stator unsteady flow field generated by rotor–

stator interactions is experimentally investigated along the nomi-
nal operating line at both the transonic design speed (Nc
520,000 rpm) and part-speed condition in which the rotor flow is
subsonic (Nc515,000 rpm), Fig. 5. For these experiments, the
compressor test section is configured with moderate axial spac-
ings, with the IGV–rotor and rotor–stator midspan axial spacings
set at 41.4 and 39.0 percent stator chord, respectively. Both the
IGV and stator have 18 vanes set at their design stagger angles
~minimum loss incidence!, with the IGV row fixed in the un-
clocked position, i.e., the stacking axes of the IGV and stator
vanes coincide at the same circumferential position, Fig. 2. Note
that the unsteady data presented in Parts I and II of this paper are
acquired for the same reference stator passage, i.e., the rotor wake
generated forcing function, stator vane unsteady aerodynamic re-
sponse, and PIV data are for the same stator passage but are not
simultaneous. Additionally, the vane-blade initial position for
these data correspond to the rotor stacking axis being at the center
of the reference passage at timet50.

PIV Data Ensemble Averaging. The PIV data are ensemble-
averaged in order to obtain clean periodic snapshots of the down-
stream stator flow field at several time instants over one interac-
tion cycle. Figure 6 shows the effect of using different numbers of
images to determine the ensemble-averaged axial Mach number
contours for a single frozen rotor blade position at the transonic
design speed. The instantaneous stator flow field for one ensemble
contains a high degree of random unsteadiness, but with 30 en-
sembles a clean periodic snapshot of the flow field is obtained.
Relatively few ensembles are required for the PIV data since the
vector fields for each image are constructed using a ‘‘spatial av-
erage’’ of the velocity within each interrogation region, with pro-
cessing of the image maps averaging out many of the small-scale
structures associated with turbulent flow.

Note that there are some regions of the flow field where it was
not possible to acquire valid data. Since the flow field is turbulent,
there is a finite probability that some particles will travel out of
the plane of the light sheet between successive images. This loss
of particle pairs causes some interrogation regions to yield no

Fig. 4 Stator optical probe and light sheet optics

Fig. 5 Purdue transonic compressor performance map
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valid data, with this loss of data occurring at random locations in
each image. Additionally, there are other regions of the flow field
where it was not possible to obtain valid data regardless of the
number of ensembles used, i.e., near the vane surfaces and pas-
sage inlet. The lack of data in these regions is attributed to a
combination of factors such as saturation of the raw image caused
by shadows and reflections off the vane surfaces and secondary
reflections off the rotating rotor blades back into the vane passage.
Three-dimensional effects associated with the highly loaded rotor
wakes and their transport through the vane passage may also con-
tribute to the lack of data in certain regions of the flow field,
particularly near the pressure surface of the vane, where the
chopped wake segments collect on the airfoil surface. In general,
the number of valid vectors used to compute the ensemble average
flow field is less than the number of images acquired, with no
valid data present in some regions of the flow. For the subsequent
analysis, 30 images are used to calculate the ensemble-averaged
velocity field for each rotor position, with at least ten valid vectors
required to compute the mean for each interrogation area.

Stator Vane-to-Vane Flow Field. The time-variant down-
stream stator midspan vane-to-vane flow field is measured using
PIV, with ensemble-averaged snapshots of the periodic unsteady
flow field generated by rotor–stator interactions presented for ten
equally spaced increments over one blade-passing period. The
time-average of the unsteady flow field is also presented, with this
vector field calculated by arithmetically averaging the ensemble-
averaged flow field over one complete interaction cycle. Since it
was not possible to obtain valid data at every point in the flow
field, the time-average is calculated only for interrogation regions
that had valid velocity vectors at all ten time instants.

The time-averaged stator midspan Mach number contours are
shown in Figs. 7 and 8 for the subsonic and transonic compressor
operating conditions, respectively. These time-averaged PIV data
are in excellent agreement with the steady surface Mach number
distributions shown in Fig. 9, with the surface Mach number cal-
culated from the pneumatic pressure tap data described in Part II
of this paper. Specifically, the steady surface Mach number distri-
butions for the subsonic rotor speed indicate that the average inlet
and exit Mach numbers are 0.30 and 0.25, respectively, with the
pressure surface Mach number nearly constant at 0.23 and the

suction surface Mach number peaking at 0.38 at 30 percent chord.
At the transonic rotor speed, the average inlet and exit Mach
numbers determined from the pneumatic surface pressure data are
0.39 and 0.34, with the pressure surface Mach number nearly
constant at 0.30 and the suction surface Mach number peaking at
0.51 at 30 percent chord. These values are in excellent agreement
with the time-averaged PIV data for both rotor speeds.

Two unsteady flow phenomena occur as the rotor wakes are
chopped and transported through the downstream stator passages.
First, the circulation around the stator vanes enhances the decay
rate of the rotor wakes due to an inviscid straining of the wake
fluid as the chopped wake segments are convected downstream,
Fig. 10. For an incompressible inviscid two-dimensional flow,

Fig. 6 Effect of ensemble-averaging the stator flow field at
transonic rotor speed

Fig. 7 Time-averaged stator flow field at subsonic rotor speed

Fig. 8 Time-averaged stator flow field at transonic rotor speed
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Kelvin’s theorem requires that the circulation associated with the
incoming wake segment remain constant as it is transported
through the vane passage. Thus, the length of the chopped wake
segment increases and its width is reduced as it convects down-
stream to maintain the same vorticity. Since the velocity deficit is
proportional to the width of the wake for a fluid with constant
vorticity, the straining of the wake fluid by the vane row potential
field causes the chopped wake segments to decay faster than they
would behind an isolated blade row. This inviscid straining occurs
in addition to viscous dissipation and is commonly referred to as
wake recovery, which is a reversible process that reduces the vis-
cous mixing losses.

Second, the low-momentum rotor wake fluid has a slip velocity
relative to the free stream that causes it to drift across the vane
passage and accumulate on the vane pressure surface as the
chopped rotor wake segments are transported downstream, Fig. 1.
This slip velocity causes the low-momentum rotor wake fluid to
drift across the vane passage and collect on the airfoil pressure
surface as the chopped wake segments are transported down-
stream. This results in a local broadening of the wake segment
near the pressure surface and a thinning near the suction surface
due to ‘‘negative jet’’ effects. Recirculating flow patterns are also
generated as high-momentum free-stream fluid is drawn into the
chopped wake segment near the suction surface to replace the
low-momentum wake fluid that has drifted across the passage. As
the low-momentum rotor wake fluid accumulates on the vane
pressure surface, it will interact with the airfoil boundary layer
and eventually end up appearing in the stator wake regions.

These unsteady phenomena are investigated by examining the
downstream stator time-variant midspan vorticity and axial Mach

number contours at ten time instants over one blade-passing pe-
riod. The time-variant vorticity field is shown in Figs. 11 and 12
for the subsonic and transonic rotor speeds, respectively. The vor-
ticity is calculated from the ensemble-averaged velocity using
central differencing and is normalized by the compressor inlet
stagnation speed of sound and stator chord length, with the calcu-
lation performed only if there are valid velocity vectors present
for all four neighboring interrogation areas. The shear flow in the
rotor wake causes the vorticity to be negative on the suction side
of the wake and positive on the pressure side. Thus, the chopped
wake segments appear as alternating bands of positive and nega-
tive vorticity that extend across the vane passage and are con-
vected downstream with the mean flow.

The reduced frequency is defined as the ratio of the time it takes
a fluid particle to convect through the vane row to the time scale
of the wake-generated unsteadiness. Thus, this parameter provides
an indication of the number of chopped wake segments residing
within the vane passage at any given instant in time. The reduced
frequencies based on the mass-averaged midspan stator inlet ve-
locity are 2.42 and 2.45 for the subsonic and transonic rotor
speeds, respectively, indicating that it takes approximately 2.5
blade-passing periods for one chopped wake segment to be com-
pletely transported through the vane row.

For both rotor speeds, the rotor wake is in the process of being
cut by the lower vane betweent/T50.5 andt/T50.8. Notice that
this wake was cut by the upper vane in the passage at an earlier
time, with the blade-vane count ratio setting the spatial periodicity
of the wake chopping and transport process. For the present ge-
ometry with 19 rotor blades and 18 stator vanes, the interblade
phase angle is 380 deg. Thus, the rotor wake was cut by the upper
vane 1.06 blade-passing periods earlier, with the resulting un-
steady flow in the vane passage periodic at blade-pass frequency.

After being cut by the vane, the chopped wake segment acts a
‘‘negative jet,’’ with the slip velocity in the wake region causing
low-momentum wake fluid to drift across the vane passage and
collect on the pressure surface as it convects downstream. The
effects of this are first visible att/T50.8 for both rotor speeds,
with the chopped wake segment becoming noticeably broader
along the pressure surface of the lower vane and thinner near the
suction surface of the upper vane in the passage. Both viscous
dissipation and the inviscid straining of the wake fluid by the vane
row potential field cause it to decay as it is transported through the
vane passage, with the vorticity of the wake segment thus reduced
as the cycle progresses.

The subsonic rotor wakes decay very rapidly after they are
chopped and ingested into the stator passage, Fig. 11. This decay
is evident by examining the vorticity contours for the first
chopped wake segment betweent/T50.8 andt/T50.2, with the
dispersion of the chopped wake segment very noticeable. The
chopped wake segment continues to disperse as the cycle
progresses, with both the wake width increasing and the vorticity
decreasing considerably by the time it exits the stator passage 2.5
blade-passing periods after being initially cut. Note, however, that
even though the subsonic rotor wakes decay considerably as they
are chopped and transported through the stator, the chopped rotor
wake segments are still clearly evident downstream of the stator
trailing edge.

The chopped rotor wakes appear to disperse much more rapidly
at the transonic rotor speed, and are not evident downstream of the
stator trailing edge as they were for the subsonic compressor op-
erating condition, Fig. 12. This result is surprising considering
that the transonic rotor wakes are much larger than those gener-
ated by subsonic flow, with the transonic rotor wake velocity defi-
cit 25.7 percent of the free-stream relative Mach number versus
15.2 percent at the subsonic rotor speed. Thus, it might be ex-
pected that the transonic rotor wakes would persist for longer
distances downstream of the rotor. However, the reasons for the
more rapid decay of the rotor wakes at the transonic rotor speed
are due to unsteady flow effects. Specifically, the slip velocity in

Fig. 9 Stator steady midspan surface Mach number
distributions

Fig. 10 Inviscid wake recovery process for a stator row
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the rotor wakes causes low-momentum fluid to drift across the
stator passage as the chopped wake segments are transported
downstream, with this rotor wake fluid accumulating on the vane
pressure surface and thus appearing in the stator wake regions
during the transport process. This unsteady intra-stator wake

transport process is more significant at the transonic rotor speed
due to the much deeper and broader rotor wakes generated by
transonic compressor operation, with the differences between the
subsonic and transonic rotor wakes described in Part II of this
paper.

Fig. 11 Time-variant stator vorticity at subsonic rotor speed

Fig. 12 Time-variant stator vorticity at transonic rotor speed

Fig. 13 Time-variant stator axial Mach number at subsonic
rotor speed

Fig. 14 Time-variant stator axial Mach number at transonic
rotor speed
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This intra-stator wake transport process is further investigated
by examining the axial Mach number contours for the subsonic
and transonic rotor speeds, Figs. 13 and 14, respectively. Notice
that the low-velocity regions associated with the chopped wake
segments do not extend across the entire passage as did the vor-
ticity contours, with this evident in the data for both rotor speeds.
This is due to the wake segments being cut by the upper vane 1.06
blade-passing periods earlier, with a significant portion of the low-
momentum wake fluid drifting toward the pressure surface during
this time. Also recall that the chopped wake segments act as
‘‘negative jets’’ as they are transported downstream. Thus, high-
momentum free-stream fluid is drawn into the wake segments on
the suction side of the passage to replace the low-momentum
wake fluid that has drifted toward the pressure surface during this
time interval. It is this transport process that causes the low-
velocity regions to be concentrated only on the pressure side of
the passage.

At the subsonic rotor speed, the low-velocity regions associated
with the chopped wake segments are superimposed on the steady
flow field, with the time-variant flow field outside of the wake
regions very similar to the time-average flow field depicted in Fig.
7 at each time instant. Additionally, very little low-momentum
rotor wake fluid accumulates on the stator pressure surface as the
chopped wake segments are transported through the vane row.
This is consistent with the surface pressure data presented in Part
II of this paper, in which the convection of the chopped wake
segments through the vane passage have a low-order effect on the
vane response at the subsonic rotor operating condition. In fact,
the stator response at this operating condition is mainly due to
changes in the airfoil circulation distribution due to the incidence
change associated with the passing of the rotor wakes.

This is not the case for the transonic rotor speed, in which the
higher slip velocity in the rotor wakes causes a significant amount
of low-momentum wake fluid to accumulate on the vane pressure
surface as the chopped wake segments convect downstream, Fig.
14. Also notice that distinct low-velocity regions associated with
the various chopped wake segments are only evident in the lead-
ing edge region at the beginning of the wake chopping cycle be-
tweent/T50.5 andt/T50.1. For timest/T50.2 to t/T50.5, the
low-velocity regions of the two adjacent chopped wake segments
have begun to merge and encompass a significant portion of the
airfoil pressure surface. This is due to the chopped wake segments
becoming broader as they convect further downstream, with more
and more low-momentum wake fluid accumulating on the vane
pressure surface as the cycle progresses. This is again consistent
with the surface pressure data presented in Part II of this paper,
with the intra-stator transport of the chopped rotor wake segments
through the vane passage significantly impacting the character of
the vane pressure surface response at the transonic rotor speed.

Time-Variant Stator Pressure Surface Flow Field. To ex-
amine the detailed unsteady flow field generated by the accumu-
lation of low-momentum rotor wake fluid on the stator vane pres-
sure surface at the transonic rotor speed, PIV images were also
acquired focusing on the pressure surface leading edge flow field.
The wake migration process is depicted in Fig. 15, which shows
the unsteady velocity vectors superimposed on the time-variant
axial Mach number contours for the transonic rotor operating con-
dition. This unsteady velocity field was calculated by subtracting
the time-averaged velocity and shows how the steady flow field is
perturbed at each time instant during the wake chopping cycle.

The slip velocity is largest prior to the wake being cut by the
vane (t/T50.4). Once the wake has been cut, this slip velocity
causes the low-momentum rotor wake fluid to accumulate on the
airfoil pressure surface as the chopped wake segment is trans-
ported downstream. Notice that the wake slip velocity is reduced
as the cycle progresses and the chopped wake segment is con-
vected farther downstream. This is due to both viscous dissipation
and wake recovery effects enhancing the rotor wake decay rate, as

can be seen by examining the length of the velocity vectors in the
wake region as the cycle progresses onward fromt/T50.5.

As the wake fluid collects on the vane pressure surface, coun-
terrotating vortices are generated near the airfoil that are evident
throughout the entire cycle. These vortices are convected down-
stream along with the chopped wake segments and are an addi-
tional source of unsteady aerodynamic excitation to the stator
vanes. Recirculating flow patterns are also established away
from the vane surface on each side of the chopped wake segment
as high-momentum free-stream fluid is drawn into the wake re-
gion to replace the low-momentum wake fluid that has migrated
toward the airfoil pressure surface. Also, notice that these vortices
actually appear to distort the chopped wake segment. This distor-
tion, however, may be an artifact of a large radial velocity com-
ponent in the convected wake regions that cannot be measured
using conventional two-dimensional PIV techniques that only
measure the axial and tangential velocity components. These
three-dimensional effects may also be responsible for the lack of
data near the vane pressure surface, with the radial velocity com-
ponent at the impingement point on the airfoil surface probably
significant.

Summary and Conclusions
The unsteady aerodynamic flow field of a downstream stator in

an advanced design transonic 1&1/2 stage axial-flow compressor
has been experimentally investigated at both subsonic and tran-
sonic compressor operating conditions. The blade row interaction
data presented in Parts I and II of this paper were acquired at
midspan and included measurements of the rotor wake generated
forcing function, the resultant stator steady and unsteady aerody-
namic response, and particle image velocimetry~PIV! measure-

Fig. 15 Unsteady stator pressure surface velocity vectors at
transonic rotor speed
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ments of the time-variant stator midspan vane-to-vane flow field.
This data provides a benchmark test case for unsteady multi-blade
row CFD code validation.

Two unsteady flow phenomena occurred as the rotor wakes
were chopped and transported through the downstream stator pas-
sages. First, the circulation around the stator vanes enhanced the
decay rate of the rotor wakes due to an inviscid straining of the
wake fluid as the chopped wake segments were transported
through the vane row. This inviscid stretching, or wake recovery,
occurred in addition to viscous dissipation and enhanced the rotor
wake decay rate. Second, the chopped rotor wake segments acted
as ‘‘negative jets’’ after being cut by the downstream vanes. This
was due to the slip velocity in the wake region causing low-
momentum wake fluid to drift across the stator passage and collect
on the vane pressure surface as the chopped rotor wake segments
were transported through the vane row.

The rotor wakes decayed very rapidly after they were chopped
and ingested into the downstream stator passage, but were still
evident downstream of the vane trailing edge for the subsonic
rotor operating condition. This was not the case at the transonic
rotor speed, in which the chopped rotor wakes dispersed much
more rapidly and were no longer evident by the time they reached
the stator exit. This increased decay rate was due to the much
higher levels of unsteadiness at the transonic operating condition.
In fact, even though the rotor wakes were much deeper at the
transonic rotor speed, the higher slip velocity in the wake region
caused more low-momentum fluid to drift across the stator pas-
sage and accumulate on the vane pressure surface as the chopped
rotor wake segments were transported downstream.

As the low-momentum wake fluid collected on the vane pres-
sure surface, counterrotating vortices were generated on each side
of the chopped wake segment. These vortices were convected
downstream by the mean flow and acted as an additional source of
unsteadiness to the vane pressure surface. It should be noted that
the presence of these vortices is not accounted for in linearized
analyses that utilize the frozen gust assumption since they are
generated by a nonlinear process. These interaction phenomena
were not evident in the PIV data at the part-speed compressor
operating conditions due to the subsonic rotor wakes having a
much lower velocity deficit, and hence slip velocity, with the
intra-stator wake transport process dominated by the convective
action of the inviscid free-stream flow at the subsonic rotor speed.

These conclusions are consistent with the surface pressure data
presented in Part II of this paper, in which the convection of the
chopped wake segments through the vane passage had a low-order
effect on the vane response at the subsonic rotor speed. In fact, the
stator response at the subsonic rotor speed was mainly due to
changes in the airfoil circulation distribution due to the incidence
change associated with the passing of the rotor wakes. This was
not the case at the transonic rotor speed, in which the intra-stator

transport of the chopped rotor wake segments generated very high
levels of unsteadiness on the vane pressure surface as the low-
momentum rotor wake fluid accumulated on the vane surface dur-
ing the transport process.

Finally, since the rotor wake fluid ultimately tends to appear in
the stator wake regions, the characteristics of the wake-generated
forcing function to a downstream rotor in a multistage compressor
would be significantly impacted by this unsteady intra-stator wake
transport process. Thus, these multi-blade row interaction effects
must be accounted for to accurately predict the forced response
characteristics of multistage turbomachinery.
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Introduction
The THM 1304 industrial gas turbine is a two-shaft design in

the 10-MW power class, suited for mechanical drive as well as
generator drive applications~Bauermeister et al.@1#!. The main
features are a ten-stage axial compressor followed by a centrifugal
compressor stage, two external combustion chambers, a two-stage
high-pressure turbine and a two-stage low-pressure turbine to
power the driven equipment~Fig. 1!.

As part of an ongoing up-rating process aimed at increasing
power and efficiency, the centrifugal compressor was studied in
detail regarding potential for improving efficiency and pressure
ratio. The study included a thermodynamic cycle analysis of the
effect of centrifugal compressor improvement on power output
and efficiency of the gas turbine, and flow analysis for the impel-
ler, the radial vaned diffuser, and the axial deswirl vanes.

Using a thermodynamic cycle model of the THM 1304 gas
turbine, the effects of centrifugal compressor improvement on the
overall cycle were evaluated. The study yielded the result that a 4-
percent improvement of the centrifugal stage efficiency would im-
prove the overall compressor isentropic efficiency by 0.8 percent,
resulting in a gas turbine heat rate reduction close to 1.5 percent.

Improved compressor efficiency leads to a reduction in the re-
quired power to drive the compressor for any given engine oper-
ating point. It therefore becomes necessary in a two-shaft engine
to change the power split between the high-pressure and low-
pressure turbines. This is achieved by modifying turbine nozzle
flow areas by small changes in guide vane stagger angles. The
power saved, due to the improved compressor, can be utilized in
the low-pressure turbine to drive the equipment only if this match-
ing is done.

Impeller Study
The rotor geometry was generated with a design system avail-

able at DLR~Krain and Hoffmann@2#! based on a Bezier spline
concept, and thus offers many degrees of freedom. The meridional
contours and blade shapes can be modified interactively and ad-
justed to prescribed conditions. The blade geometry, for example,
is modified by a variation of blade angle and thickness distribution
along hub and shroud contour. A precondition for the rotor design
was that the main dimensions are kept constant to allow easy

retrofit in an existing engine. A series of nine rotors was aerody-
namically analyzed. Figure 2 shows the meridional contours of
two of these rotors, denoted as rotors Ro0 and Ro5, that were
generated during the optimization process. Both rotors have dif-
ferent blade backsweep and exit width at the impeller discharge,
the original impeller having a greater backsweep. The examples
demonstrate that the rotor geometry can be varied over a wide
range. The blade surfaces are always generated by straight lines,
which ensures that the rotor can be manufactured in a flank mill-
ing mode on a five-axis milling machine.

The three-dimensional impeller flow field study was carried out
using an available three-dimensional steady-state calculation
method that had been verified previously with a series of optical
measurement results taken in different types of rotors~Krain and
Hoffmann@3#!. For the calculations, a program system developed
by Hoffmann@4# was applied. The flow solver embedded is based
on the unstructured code published by Dawes@5#, which has been
further developed for special radial turbomachinery requirements.
It solves the basic flow equations with a four-step Runge-Kutta
scheme; thek-« turbulence model is used to close the system of
equations.

A constant static pressure was prescribed at the exit of the dif-
fuser to adjust the mass flow rate. At the inlet the boundary con-
ditions were taken from the available result of a multistage hub-
to-tip calculation performed for the ten-stage axial compressor
ahead of the radial compressor stage. The imposed inlet flow con-
ditions shown in Fig. 3 include both the throughflow calculation
result and assumed inlet boundary layer profiles at hub and
shroud.

Figure 4 shows the results of this study for rotors Ro0 and Ro5.
The calculated efficiencies plotted for both rotors on mean meridi-
onal planes clearly show that rotor Ro0, the original one, shows
better performance than the modified rotor Ro5. The study finally
revealed that a slightly higher pressure ratio with almost equal
efficiency could be obtained with rotors having less backsweep
than the original one, but only if the main dimensions were modi-
fied. Significant improvement within the prescribed axial and ra-
dial limits was not obtained. Therefore, it was decided to keep the
original rotor design, and to try to reach the envisaged overall
efficiency improvement solely by an improved design of the dif-
fuser system. The inlet flow conditions for the diffuser design
were taken from the three-dimensional solution obtained for rotor
Ro0.
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International Gas Turbine and Aeroengine Congress and Exhibition, New Orleans,
Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
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Aerodynamic Diffuser System Design

Radial Diffuser Redesign. Although the pressure ratio of the
centrifugal compressor stage is not very high, design constraints
made it necessary to apply a vaned, instead of a vaneless diffuser.
The whole diffuser system consisted of the vaned diffuser part, a
90-deg bend, and an axial deswirl cascade. The original vaned
diffuser was a tandem design that generated a significant amount
of turning.

An inverse diffuser design method available at DLR was used
to generate the profiles. In this method, described by Krain and
Hoffmann @2#, a reasonable velocity profile along the diffuser
blades is predicted via an inverse boundary layer calculation, us-
ing the boundary layer blockage from the three-dimensional im-
peller calculation and a prescribed skin friction distribution as
inputs. This resulting velocity profile is then used as input for the
following inverse blade design. The main diffuser dimensions like
inlet and exit radii are prescribed. Other geometric parameters, as
for example blade height, thickness distribution, blade number,
and shape of the blade mean camberline, are used to find an op-
timized diffuser geometry. Figures 5 and 6 illustrate the result of
such a design procedure. For the imposed skin friction distribution
shown at the bottom of Fig. 5, the inverse boundary layer calcu-
lation delivers the pressure rise and deceleration shown on top of
Fig. 5. Additionally, it delivers information about the boundary
layer displacement thickness to be expected, as shown in the
lower part of Fig. 5.

Figure 6 illustrates the difference in blade shape that resulted
from the inverse blade design method for identical input, except

blade number. Obviously, the resulting blade shape strongly de-
pends on blade number, which is mainly due to the different
blockage belonging to both designs. To achieve the same pressure
recovery the diffuser with higher blade number~RD7! has to gen-
erate more turning than diffuser RD5.

The data shown in Figs. 5 and 6 can be used for initial judge-
ment of the diffuser performance, but they give only little infor-
mation about the influence of the rotor exit conditions on the
diffuser flow that are known to influence the diffuser performance
significantly, especially if a strongly distorted rotor exit velocity
profile is present, as was found in this case~Fig. 4!.

The three-dimensional steady-state calculation method devel-
oped by Vogel@6# was used for the aerodynamic studies. This
method was validated extensively for axial compressor and tur-
bine bladings before. The calculation domain covers the area be-
tween rotor exit up to the collector and includes the vaneless
space ahead of the vaned diffuser part, the vaned diffuser part
itself, the 90-deg bend, and the region of the axial deswirl cas-
cade. At the beginning of the optimization process the area of the
deswirl cascade was taken as a vaneless area, because it was as-
sumed that a redesign of this cascade could be avoided. Total
pressure, flow angle, and temperature distributions between hub

Fig. 1 THM 1304 Gas Turbine

Fig. 2 Meridional contours of rotors Ro0 and Ro5

Fig. 3 Inlet boundary conditions for impeller calculations

Fig. 4 Total Õtotal isentropic efficiencies calculated for rotors
Ro0 and Ro5
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and shroud were given as boundary conditions at the inlet of the
calculation domain. At the exit, the static pressure was prescribed.
The inlet conditions were taken from the three-dimensional flow
field solutions available for the original rotor Ro0~Fig. 4!. For
reference the flow field of the original diffuser RD0 was also
analyzed. After an intensive pre-optimization with the described
inverse diffuser design method, a detailed study of the following
parameters was carried out with the help of the three-dimensional
flow solver:

• Blade number
• Position of vaned diffuser inlet and exit radii
• Blade twist
• Maximum flow deceleration

Although the number of diffuser blades has a significant influ-
ence on the overall diffuser concept~Fig. 6!, it was nonetheless
retained as in the original diffuser. By this, rotor blade resonances
were strictly avoided. Inlet and exit radii could only be varied in a

small range. Therefore, mean stagger angle, blade twist, and ac-
ceptable deceleration were the remaining quantities of most inter-
est.

Figure 7 shows a comparison of the flow fields calculated for
the original tandem diffuser and for the final design. The flow
traces are plotted for the midspan sections of both designs. Obvi-
ously, the original diffuser shows a significant separation at the
pressure side of the rear blade, whereas the new diffuser avoids a
separation like that which results in higher total exit pressure, but
less static pressure rise and more exit swirl, as shown in Table 1.
The higher pressure recovery of the new design results also from
the higher static pressure at the impeller exit, which is due to the
different rotor/stator matching. This result clearly indicated that an
improvement of the overall diffuser system also necessitated a
new design of the axial deswirl cascade. Otherwise, it would have
been impossible to reach the required higher static exit pressure
with almost no swirl.

Redesign of Axial Deswirl Blading. Based on the three-
dimensional flow results of the radial diffuser, the inlet flow con-
ditions of the axial deswirl blading were known. Figure 8 shows
the spanwise inlet distributions of swirl anglea and tangential
velocity after the 90-deg bend in comparison with the original
design. In contrast to the original one, there remains a much
higher swirl behind the new radial diffuser. Therefore, a signifi-
cantly greater flow turning ranging from 34 deg at the hub to 58
deg at the shroud for the new axial blading is required. As a very

Fig. 5 Radial diffuser inverse boundary layer calculation

Fig. 6 Two different blade shapes for radial diffuser

Fig. 7 Velocity vectors at 50 percent span Original „tandem
blading, top … and final design „bottom …

Table 1 Mean radial diffuser system characteristics

Journal of Turbomachinery JANUARY 2002, Vol. 124 Õ 21

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



first step in the design process, a two-dimensional analysis for the
mean flow having 40 deg flow turning at an inlet Mach number of
0.20 in the axial part was performed using the MISES code~Drela
@7#!. The optimization goal was to create a cascade with no exit
swirl; i.e., a250 deg. The result is a cascade with a pitch-to-
chord ratio of 0.40 for the axial diffuser. The profile shape with
boundary layer displacement and the isentropic profile Mach num-
ber distribution for a nominal design point witha1540 deg as
well as the performance map are shown in Fig. 9.

Due to the very low aspect ratio of the deswirler and due to
manufacturing constraints, it was decided to use the same profile
shape along the whole span. To account for three-dimensional
flow phenomena, the blade sections were stacked accordingly.

As the final geometry of the radial part was already established,
it was possible to include the whole diffuser system in the three-
dimensional analysis during the design of the axial deswirler. In

general, there are different blade numbers in the radial and axial
part. Therefore, a quasi multistage calculation was performed us-
ing a mixing plane behind the 90-deg bend as can be seen in Fig.
10. A small radial gap at the hub, required for mechanical design
reasons, had to be taken into account and was also modeled in the
three-dimensional analysis.

The design process of the axial blading consists of the follow-
ing steps~Weber and Steinert@8#!:

• Generation of flow path and profile geometry using fast in-
teractive tools

• Generation of the three-dimensional multiblock structured
grid ~Eriksson@9#!

• Three-dimensional Navier-Stokes analysis of the flow~Vogel
@6,10#!

• Circumferential averaging and determination of characteristic
mean values

In the three-dimensional analysis, the same grid resolution as
for the radial part alone was used. There are 33 nodes in the radial
direction and 250,000 points overall. At the inlet planeI 1 span-
wise distributions for total pressure, total temperature, and flow
anglea according to the mean impeller exit conditions were im-
posed, whereas at the exit planeE2 a radially constant pressure is
imposed to adjust the mass flow. To have a criterion for the com-
parison, the original geometry consisting of a radial tandem dif-
fuser and the linear axial blading was analyzed first.

During the whole design process, the flow path in the axial part
as well as the shape of the 90-deg bend were optimized, but due to
design constraints the outer contour~hub! was not changed. An
intermediate flow path and the final geometry can be seen in Fig.
11. The final geometry is nearly the same as in the basic design;
there are only minor differences in the inner bend part. The domi-
nating flow phenomenon in the axial deswirler is a large passage
vortex, as can be seen in Fig. 12 for both, original and final axial
blading for anx5const plane at midchord. The driving forces for
this vortex are

Fig. 8 Inlet distributions for original tandem arrangement
and new radial blading at reference plane I2 of Fig. 10. Three-
dimensional result without axial blading.

Fig. 9 Q3D-MISES optimization for M 1Ä0.20 and AVDRÄ0.90.
Isentropic profile Mach number distribution for a1Ä40 deg and
simulated total pressure losses.

Fig. 10 S2m grid topology „each second grid line skipped … and
reference planes, S1 grid inside of radial blading and modeling
of clearance
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• The large pressure gradient from hub towards the shroud:
phub.pshroud

• The variation in tangential velocity in spanwise direction
~Fig. 8!

• The hub clearance gap

The major design goals are to have a maximum static pressure
recovery and no exit swirl, or at least to keep the exit swirl as low
as possible. Additionally, the flow inside the blade passages
should not be separated. To reach these goals, the shape of the
flow path~Fig. 11!, the profile shape, the blade number, the chord
length, the axial position of the blading, and the profile stacking
line had to be optimized~Weber and Nicke@11#!. In addition, a
more complex splitter blading was analyzed. Overall, 21 different
three-dimensional geometries with two different profile shape
concepts, one with a higher flow deflection in the leading edge
part and another~Fig. 9! with a well-balanced deflection along the
chord, were analyzed during the design process. The most impor-
tant aspects derived from the optimization process are:

• The dominating passage vortex could neither be eliminated
nor remarkably reduced unless an excessively high blade
number was chosen. Therefore, a remaining exit swirl was
present in all trials.

• The original flow path contour nearly met the require-
ments regarding maximum pressure recovery and design
constraints.

• Using a linear cascade, i.e., applying radial stacking, results
in an exit swirl angle which, over the whole span, is nearly 3
deg higher than for a twisted blade.

• An axial chord length and an axial positioning comparable to
the basic design was found to be preferable.

• A splitter blading leads to high manufacturing costs and does
not have a significant advantage compared to a single
blading.

The exit swirl distributions for selected design steps in com-
parison with the original can be seen in Fig. 13. Additionally, the
analytical result using the new radial design without deswirler is
shown. As can be seen in Fig. 14, the pressure level inside of the
axial blading is significantly higher than in the original deswirler.
Figure 14 shows mean total pressure isobars in the whole diffuser
flow path. Compared to the original design the final design shows
a remarkable reduction in the extension of the high loss region
near the shroud in the radial blading.

The development of circumferentially averaged distributions of
swirl angle and total pressure in specific reference planesI 1 to E2
~see Fig. 10! is shown in Fig. 15. As the shading for the swirl
angle indicates, the split of the flow deflection into radial and axial

Fig. 11 Geometry variation: Flow path and positioning of axial
blading

Fig. 12 Static pressure contours and velocity vectors inside of
axial blade passage at 50 percent chord. Comparison original
versus final design „bottom ….

Fig. 13 Exit swirl angle distribution a in reference plane E2
„NRO: axial part without blading …

Fig. 14 Mean total pressure distribution in meridional plane
„conservative averaging …; „p 2 : mean static pressure at exit
plane …
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part remaining at the impeller exit is completely different for both
designs. In the original design the main flow turning is done in the
tandem radial diffuser, whereas in the final design the axial blad-
ing has to do the main deflection. The total pressure distributions
at the exit planeE2 show a significant total pressure rise for the
new design. As explained before, the Mach number discrepancy at
the diffuser inlet is due to the different rotor/stator matching.

Table 2 delivers the results of two new designs in comparison
with the original. Diffuser mean values and the stage efficiency
gain ~including impeller! are listed. For the new diffuser designs
the mean static exit pressure as well as the overall pressure level
are significantly higher than the corresponding values of the origi-
nal diffuser. Figure 16 illustrates the different three-dimensional
designs of original and final diffuser.

Mechanical Design and Manufacturing

Requirements for New Diffuser. The main purpose of the
radial diffuser vanes is to convert dynamic pressure into static
pressure. At the same time, the vanes are also the connection and
centering element between the stator vane carrier and the rear
bearing housing. Another requirement for the diffuser redesign
was to permit retrofit of existing engines at reasonable cost.

Hardware Design. Because of the new vane geometry, a
number of modifications were necessary in the surrounding region
also ~Fig. 17!. Whereas the existing diffuser has two vane rows,
the new diffuser has one single row with a greater diffuser leading
edge/rotor exit radius ratio. The outer ring of the diffuser could be

simplified significantly because the second vane row was omitted.
It now carries only the axial deswirl vanes. The rear bearing hous-
ing as well as the main case can be retained without any modifi-
cations.

Based on the coordinates generated by DLR for the new vane
profiles, three-dimensional-CAD models were created for use in
the manufacturing process of the diffuser and deswirl vanes.

Fig. 15 Spanwise development of circumferentially averaged
swirl angle and total pressure along complete diffuser flow
path

Table 2 Mean diffuser system characteristics „radial ¿axial …

Fig. 16 Diffuser geometry: Comparison original „top … versus
final design. Right: axial blading.

Fig. 17 Comparison of original and new diffuser region
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Manufacturing drawings, including the required dimensional and
shape tolerances, surface quality and control points, were derived
from these models.

Casting, forging, or milling were considered as possible manu-
facturing processes. Milling out of a block turned out to be the
most economical and, at the same time, the fastest method, since
sophisticated foundry patterns or forging dies are not required.
The three-dimensional-CAD models created earlier in the process
were used again for NC-manufacturing and for final dimensional
check of the vanes.

In addition to the aerodynamic benefits of the new diffuser,
which led to improved overall efficiency, manufacturing costs
could also be reduced due to a reduction of the number of parts.
The new radial diffuser and axial deswirl vanes are now used in
THM 1304 production engines.

Experimental Verification

Test Configuration and Instrumentation. In order to verify
the analytical results and the mechanical design, tests were per-
formed on a THM 1304 engine in the full-load gas turbine test cell
of MAN Turbomaschinen AG GHH BORSIG.

The compressor was operated not only on its design working
line ~pressure versus flow!, but also at increased pressure levels in
order to gain additional information concerning compressor char-
acteristics. Working lines at elevated pressures were achieved by
installing a throttling device between the compressor discharge
and the combustion chambers. Similar tests had earlier been per-
formed on the engine with the original diffuser to allow a back-
to-back comparison.

The engine was adequately equipped with instrumentation to
permit evaluation of the efficiency of the overall compressor as
well as of the centrifugal stage. This included multiple measure-
ments of total pressure and temperature at the compressor exit,
and total and static pressure as well as total temperature at the
inlet to the radial stage. Additional pressure measurements, e.g., at
the diffuser vane leading edge were also carried out for compari-
son with the three-dimensional flow calculations.

Results of Testing. Results of the gas turbine tests are sum-
marized in Figs. 18 and 19. All results are normalized by the
nominal values of the original design. The overall compressor
pressure ratios and the corresponding efficiencies are plotted for
three speed lines. Each diagram shows three lines at constant rotor
speed~99, 100, 101 percent!. Open symbols are for the configu-
ration with the original radial diffuser, filled symbols are for the

new diffuser. For each speed line, there are three pressure ratios,
achieved by using the throttling device downstream of the com-
pressor.

It is evident that the efficiency has improved noticeably~ap-
proximately 0.6 to 0.8 percent!, whereas the pressure versus mass
flow characteristic remains largely unchanged. Figures 20 and 21Fig. 18 Total compressor pressure ratio versus mass flow

Fig. 20 Centrifugal stage pressure ratio versus mass flow

Fig. 21 Centrifugal stage efficiency versus mass flow

Fig. 19 Total compressor efficiency versus mass flow
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show the corresponding measurement results for the centrifugal
stage alone. Clearly, the envisaged efficiency improvement of
around 4 percent has been achieved.

Also, pressure ratio has increased slightly, indicating that the
centrifugal stage is producing a greater share of the total pressure
rise compared to the original configuration.

Conclusions
The aerodynamic tools available at DLR were used for a study

of the three-dimensional flow occurring in the backswept rotor,
the vaned diffuser, and the deswirl cascade of a centrifugal com-
pressor rear stage, which is part of a medium pressure ratio gas
turbine. It was found that there was almost no potential for a
further improvement of rotor efficiency within the given geomet-
ric constraints, but a rather high potential for better flow condi-
tions in the diffusing system by redesigning the vaned diffuser and
the deswirl blading. Therefore, these components were aerody-
namically optimized with the help of available blade generators. A
three-dimensional calculation method was applied to the overall
diffusing system, consisting of a vaned diffuser, a 90-deg bend,
and the deswirl cascade. The resulting diffuser and deswirl blades
are fully three-dimensional, whereas the meridional flow path
could be retained. Therefore, a replacement of the original blades
is easily possible. Using modern design and production methods,
it was possible to manufacture the complex three-dimensional
blades within a short time and to test the gas turbine in the test cell
of MAN Turbomaschinen AG GHH BORSIG, Oberhausen. The
radial compressor part of the gas turbine was equipped with static
pressure taps, total pressure and total temperature probes. Tests
performed with this instrumentation confirmed that the efficiency
rise aimed at was achieved.

Nomenclature

A 5 area
AVDR 5 axial velocity density ratio5(r2u2)/(r1u1)

c 5 chord length
cp 5 diffuser pressure recovery5(p22p1)/(ptot 12p1)
cf 5 skin friction coefficient
h 5 local blade height~hub!50
H 5 blade height5htip2hhub
M 5 Mach number
p 5 pressure

Re 5 Reynolds number
s 5 mean meridional coordinate
T 5 temperature

Tu 5 turbulence intensity
v 5 velocity
a 5 swirl angle5a tan(vtan/vmer)

d1 5 displacement thickness
r 5 density
w 5 v total pressure loss coefficient5(ptot 12ptot 2)/(ptot 1

2p1)
hstt 5 isentropic total-to-total efficiency

Subscripts

1 5 inlet plane upstream of leading edge
2 5 exit plane downstream of trailing edge

AD 5 axial deswirler/diffuser
abs 5 absolute
ax 5 axial
is 5 isentropic entity

LE 5 leading edge
mer 5 meridional
rad 5 radial
tan 5 tangential
tot 5 total
tt 5 total to total

RD 5 radial diffuser
TE 5 trailing edge
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Experimental Evaluation of a
High-Gain Control for Compressor
Surge Suppression
The present paper considers the suppression of surge instability in compression systems
by means of active control strategies based on a high-gain approach. A proper sensor-
actuator pair and a proportional controller are selected that, in theory, guarantee system
stabilization in any operating condition for a sufficiently high value of the gain. Further-
more, an adaptive control strategy is introduced that allows the system automatically to
detect a suitable value of the gain needed for stabilization, without requiring any knowl-
edge of the compressor and plant characteristics. The control device is employed to
suppress surge in an industrial compression system based on a four-stage centrifugal
blower. An extensive experimental investigation has been performed in order to test the
control effectiveness in various operating points on the stalled branch of the compressor
characteristic and at different compressor speeds. On one hand, the experimental results
confirm the good performance of the proposed control strategy; on the other, they show
some inherent difficulties in stabilizing the system at high compressor speeds due to the
measurement disturbances and to the limited operation speed of the actuator.
@DOI: 10.1115/1.1413475#

Introduction
Surge instability strongly limits the operating range and the

performance of compression systems. As is known, surge occurs
at low compressor flow rates, causing highly undesirable oscilla-
tions in the system. By means of a control system it is possible to
attenuate or eliminate the phenomenon, allowing the plant to op-
erate at naturally unstable points. In particular, the active control
techniques are based on the use of a suitable sensor/actuator pair
in a closed-loop control device. The control is effective if the
actuation is capable of dissipating the unsteady energy surplus
introduced in the system by the compressor when it operates in
the stalled region.

In the last decade, much work has been devoted to the study of
active suppression of compressor surge. A large part of the litera-
ture is based on the work of Greitzer@1# and Moore and Greitzer
@2#, who proposed dynamic models of the compressor instability
that have been deeply exploited for the analysis and the design of
control systems. Epstein et al.@3# first suggested that surge can be
prevented by actively damping the small disturbances from which
the instability originates while their amplitude is low. Experimen-
tal demonstrations of active stabilization of surge have been given
by several investigators, e.g., Ffowcs Williams and Huang@4# and
Pinsley et al.@5#. An extensive study was carried out by Simon
et al. @6#, who analyzed the performance of several sensor/
actuator configurations, together with a proportional compensator,
by means of a local stability analysis based on a linearized model.

After these pioneering works, the compressor surge control has
attracted many researchers, as it appears from several recent con-
tributions that suggest more sophisticated techniques to face the
problem. A Lyapunov approach has been proposed by Behnken
and Murray @7# and by Gravdal and Egeland@8#. A nonlinear
approach based on backstepping has been suggested by Gravdal
and Egeland@9# and by Banaszuk and Krener@10#. The problem
of bifurcation control, based on the Moore–Greitzer model, is
addressed by McCaughan@11#, Abed et al.@12#, and Kang et al.

@13#. A feedback linearization method is presented by Badmus
et al. @14#. Extensive surveys are provided by Gu et al.@15# and
by Willems and de Jager@16#.

The aim of the present work is to investigate the application of
a high-gain-type control for the suppression of surge instability in
an industrial size compression system. With ‘‘high-gain control’’
we mean an approach based on a proper selection of sensor, ac-
tuator and control law, which, at least in theory, guarantees system
stabilization in any operating condition for a sufficiently high
value of the gain. Furthermore, surge suppression is here intended
as the capability of removing the system from a surge limit cycle,
rather than the easier task of avoiding instability by damping the
small disturbances that cause it. Consequently, any local stability
analysis or linearized model of the controlled compression system
is here avoided for purposes of control design and performance
prediction. Indeed, the dynamics of a compression system under
unstable operation is strongly nonlinear, and the assumption of
small perturbations of the steady equilibrium point is far from
being fulfilled, especially in the case of compressors that exhibit
abrupt stall@17#.

The compression system considered in the present work is
based on a four-stage centrifugal compressor, which has been pre-
viously used by the authors for various experimental investiga-
tions in both stable and unstable operating conditions@18–20#. A
nonlinear lumped-parameter model of the compression system
was also worked out, which proved to be capable of correctly
predicting the system dynamics at different compressor speeds
and throttle valve settings@21#. Finally, this compression system
was employed to investigate the effectiveness of an innovative
device for the passive control of surge based on the use of an
oscillating water column@22#.

The present active control device includes a sensor of differen-
tial pressure between the plenum and the compressor outlet, a
proportional controller, and an actuation valve at the plenum exit.
The sensor/actuator pair has been selected on the basis of a theo-
retical analysis performed by Giannattasio@23#, who critically re-
vised the work of Simon et al.@6#. Furthermore, Blanchini and
Giannattasio@24# demonstrated, by using a nonlinear approach,
that such a control has the ‘‘high-gain’’ property, and they also
discussed the limitations introduced by the occurrence of control
saturation. All these results are synthetically reported in the
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present paper, together with further considerations about the influ-
ence of measurement disturbances, unmodeled fast dynamics, and
low-pass filter on the effectiveness of the proposed control sys-
tem. In particular, a simple linear model is employed to show that,
in practice, the gain value cannot be chosen arbitrarily large with-
out the risk that the disturbances compromise the local stability.
This latter argument suggested the idea of using an adaptive con-
trol strategy, which allows the controller to increase the gain au-
tomatically until the system is removed from surge, so avoiding
the overtuning of the gain. Furthermore, the adaptive control has
the remarkable property that it does not require any knowledge of
the compressor and valve characteristics.

After introducing some theoretical arguments concerning the
aforementioned topics, the present paper reports the results of an
experimental analysis of the actively controlled compression sys-
tem. Unsteady measurements of compressor and plenum pres-
sures, mass flow rate, and actuator position have been performed
in different naturally unstable operating conditions, by varying
both steady flow rate and compressor speed. Tests have been car-
ried out by using both the classic proportional control and the
adaptive strategy. The experimental results provide a rather com-
plete information about the effectiveness and the limits of the
proposed control system.

System Description and Model
Figure 1 shows a sketch of a compression system with some of

the sensors and actuators proposed in the literature for the control
of surge instability. The basic system is formed of a compressor, a
volume ~plenum!, and a throttle valve, while the control device
consists of a sensor of a proper system output, a controller where
the required control law is applied, and an actuator that introduces
the feedback signal into the system. The control effectiveness
strongly depends on the appropriate selection of the sensor/
actuator pair, which has to be based on the knowledge of the
compression system dynamics under unstable operation and on
the specific technical features of the considered plant.

Model of the Basic Compression System. A simple and use-
ful model of the basic compression system is the one proposed by
Greitzer@1# and successfully employed by the authors for simu-
lating the system dynamics in both uncontrolled and controlled
conditions@17,21,22#. It is a nonlinear lumped-parameter model,
which results in the following dimensionless equations:

dwc

dt
5B~cc2cp! (1)

dw t

dt
5

B

G
~cp2c t! (2)

dcp

dt
5

1

B
~wc2w l ! (3)

dcc

dt
5

1

tc
@ccs~wc!2cc# (4)

c t5~Ac /At!
2w t

2 (5)

Equations~1! and ~2! are the momentum conservation equations
in the compressor and throttle pipes, respectively; Eq.~3! ex-
presses mass conservation in the plenum; Eq.~4! is a first-order
model of the compressor dynamics; Eq.~5! represents the steady
characteristic of the throttle. Greitzer parameterB, which appears
in Eqs. ~1!–~3!, is defined asB5U/2vHLc5(U/2ap)AVp /AcLc
and it can be interpreted as the ratio of pressure and inertial forces
acting in the compressor pipe@1#. The value of this parameter
strongly affects the system stability and the control effectiveness.
The valve parameterG in Eq. ~2! is defined asG5LtAc /LcAt and
exerts a minor influence on the system dynamics@1#. Term
ccs(wc) in Eq. ~4! refers to the steady-state compressor character-
istic, while the time constant of the first-order compressor dynam-
ics, tc , can be related to the time needed for the complete devel-
opment of a stall cell@1,21#.

Sensor-Actuator Selection and Model. The sensor/actuator
pair considered in the present work has been selected from the
twelve different options suggested by Simon et al.@6#. Those au-
thors considered a standard proportional control and all the com-
binations of four sensors~compressor flow rate, plenum pressure,
compressor face total and static pressure! and three actuators
~close-coupled valve in the compressor delivery pipe, plenum
bleed valve, movable plenum wall!, see Fig. 1. On the basis of a
linear stability analysis, Simon et al. came to the conclusion that
the combination of a sensor of compressor mass flow rate with a
close-coupled valve is far the best choice for a control device of
maximum effectiveness. However, such a result was obtained for
fixed values of some operating parameters~steady equilibrium
positions of throttle valve and close-coupled valve! which, more-
over, were not reported in the paper. On the contrary, the variation
of the steady operating point of an actual compression system was
duly considered by Giannattasio@23#, who revised the compara-
tive analysis of Simon et al. by using the same linear approach.
The results of that study show that pair ‘‘compressor mass flow
sensor/close-coupled valve’’ is clearly superior to the other ones
only for comparatively small values of the close-coupled valve
fraction open, which imply large pressure losses in the compressor
delivery pipe. Moreover, it turns out that five of the twelve sensor/
actuator pairs have to be discarded because of severe gain-
independent stability constraints, which cannot be removed by the
control. Finally, some other combinations require extremely large
values of the gain for an effective system stabilization~compres-
sor face total or static pressure/close-coupled valve! or involve
technical complications~control of both speed and position of the
movable plenum wall!. In conclusion, the best compromise be-
tween control performance and technical requirements appears to
be attained by the use of a sensor of total or static pressure at the
compressor inlet and of an actuation valve at the plenum exit.
These controls turn out to be high-gain ones, in the sense that both
allow system stabilization to be attained in any operating condi-
tion of the compressor for a sufficiently high value of the gain. In
theory, the solution with the static pressure sensor appears to be
superior to the other one because it does not imply any gain-
independent constraint to system stability, while the total pressure
sensor is effective only when the static stability condition is sat-
isfied ~the slope of the compressor characteristic must be less than
the slope of the valve characteristic in the steady equilibrium
point! @6,23#. However, such a condition is commonly satisfied in
most of the actual compression systems, while a much simpler
implementation of the sensing device is allowed by the use of the
compressor face total pressure as system output. In fact, a simpleFig. 1 Controlled compression system

28 Õ Vol. 124, JANUARY 2002 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



application of the one-dimensional momentum equation shows
that the compressor face total pressure, referred to as the ambient
pressure, is proportional to the mass flow acceleration in the com-
pressor duct, i.e.,

c015
p012p0

1/2r0U2 }2
1

B

dwc

dt
5cp2cc

where the last equality descends from Eq.~1!. This means thatc01
is also proportional to the pressure difference between any two
points of the compressor duct, so that a representative sensor sig-
nal can be drawn by simply using a differential pressure trans-
ducer between plenum and compressor outlet. For this reason, the
following system output is defined and used in the present work:

y5
pp2pc

1/2r0U2 5
Ld

Lc
~cp2cc! (6)

whereLd /Lc is the ratio of the equivalent lengths of the compres-
sor delivery pipe and the whole compressor duct. This ratio is
introduced in order to reduce the pressure differencecp2cc ,
which is responsible for the flow acceleration in the whole com-
pressor duct, to the pressure difference which causes the accelera-
tion of the only mass contained in the duct portion between com-
pressor outlet and plenum. With definition~6! of the system
output, the present control law is written as

ur5S At2Ats

Ats
D

r

5Ky (7)

whereK is the gain and the system input required by the control-
ler, ur , is defined as the dimensionless difference between the
throttle flow area,At , and its steady equilibrium value,Ats . In the
present work, the valve at the plenum outlet is assumed to perform
both functions of throttling device and actuator. These functions
can be kept apart by simply introducing a bleed valve, as the
actuator, in parallel with the throttle valve@6#. The two options are
quite equivalent from a conceptual point of view, the best choice
depending only on technical considerations.

To complete the model of the control device, a simple first-
order model of the actuator dynamics is introduced in order to
account for the time lag between the command output of the con-
trol law, ur , and the response of the actuator,u

du

dt
5

1

ta
~ur2u! (8)

With the introduction of system inputu, Eq. ~5! can be rewritten
as

c t5~Ac /At!
2w t

25~Ac /Ats!
2S w t

11uD 2

(9)

If c t is eliminated from Eq.~2! by using Eq.~9! and Eqs.~6!
and ~7! are introduced in Eq.~8!, the model of the controlled
compression system results in five ordinary differential equations
in the unknownswc , w t , cp , cc and u. They can be solved
numerically for given values of parametersB, G, tc , ta , Ld /Lc ,
and gainK, if the steady-state characteristics of the compressor,
ccs(wc), and of the throttle valve,Ats , are known. Numerical
simulations performed by Giannattasio et al.@17# showed that the
proposed control device is capable of suppressing surge within
almost the whole unstable operating range of the compressor with
reasonable values of the gain. Furthermore, they showed that the
predictions of the nonlinear model can be substantially different
from the ones of a linear stability analysis, especially in the case
of compressors which exhibit abrupt stall.

Suppression of Surge Cycles
A considerable simplification of the model described in the pre-

vious section can be obtained by neglecting the flow inertia in the
throttle duct (G50) and the time-lags in the transient responses

of compressor and actuator (tc5ta50). Such approximations are
well accepted in the literature since the simplified model has been
shown to capture the fundamental dynamics of the compression
system@1,6#. In this case, the system of equations reduces to

dwc

dt
52B@cp2ccs~wc!# (10)

dcp

dt
5

1

B
@wc2~11u!w ts~cp!# (11)

where w ts(cp)5Ats /AcAcp is the steady characteristic of the
throttle andu5At /Ats21 represents the control action. This sys-
tem is associated with the output

y5
Ld

Lc
@cp2ccs~wc!# (12)

For a more compact notation, denote byx(t)5(wc(t),cp(t))T

the system state at timet, and byxs5(ws ,cs)
T the steady equi-

librium state which is the solution of the equations

2B@cp2ccs~wc!#50 (13)

1

B
@wc2w ts~cp!#50 (14)

As mentioned in the introduction, the main goal of the present
control strategy is to remove the system from surge limit cycles
driving the state to the target equilibrium point,xs . When the
system is under deep surge, linearization methods cannot be ap-
plied to the stabilization problem, since surge regime is character-
ized by a strongly nonlinear behavior@1,17#. Therefore, we con-
sider the nonlinear stabilization approach adopted by Blanchini
and Giannattasio@24#. Let us consider the proportional control

u~t!5Ky~t! (15)

whereK is a real constant. This simple control has been investi-
gated by several authors~see, e.g.,@4,6#! and it has the following
property if applied to system~10!–~11! @24#.

Proposition „High-Gain Stabilization…. There existsK̄.0
such that for eachK>K̄ and for any initial conditionx~0! that
belongs to~or which is inside! a limit cycle, the convergence
condition, x(t)→xs as t→`, is guaranteed. This theoretical re-
sult, which is based on model~10!–~11!, states that control~15!
with a sufficiently large value ofK.0 is a suitable stabilizing
control for the present class of systems.

However, from a practical standpoint, the following consider-
ations hold that partially invalidate this result:

~i! The control is subject to saturation constraints of the form
21<u<M5At,max/Ats21, which means that the actual control
action will be

u5sat@21,M #~Ky!

where

sat@a,b#~q!5H a if q,a

q if a<q<b

b if q.b
J

Having an overly large value of the gain is useless in the presence
of such strict saturation constraints. This problem has been theo-
retically investigated by Blanchini and Giannattasio@24#, who
showed that, even for the simplified model~10!–~11!, whenever
the high-gain saturated controller fails, there will be no controller
that removes the system from limit cycles.

( i i ) The real system is affected by disturbances. In particular,
the presence of sensor noise can compromise the control perfor-
mance. To attenuate such a noise, the sensor signal must be pro-
cessed by a low-pass filter, the cut-off frequency of which
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must be suitably chosen. Sensor noise affects the control output,
so producing actuator oscillations the amplitude of which in-
creases with the value of the gain. High permanent oscillations are
not desirable because they cause actuator mechanical and electri-
cal stress.

( i i i ) The second-order system~10!–~11! does not consider part
of the system dynamics such as the actuator dynamics, the com-
pressor dynamics, and the filter dynamics. As previously men-
tioned, these dynamics can be reasonably neglected in the simu-
lation of an open loop system. Unfortunately, it is known that a
high gain feedback can excite such dynamics at the point that they
may compromise stability.

The foregoing three points show that an overly high value of
gainK may be not practically useful or even dangerous. To better
explain this fact one can use a linearized model of the system.

Linear Analysis. Linear analysis is not sufficient on its own
to assure global stability; that is, in the present case, to assure
surge suppression. Nevertheless, it turns out to be very useful to
point out some limitations. Indeed, the stabilization problem re-
quires, as a necessary condition, that the considered equilibrium
point is locally stable, because as the system approaches the equi-
librium the linear model provides a faithful description of its be-
havior. System~10!–~12! admits the following linear approximate
representation

ddwc

dt
52B~dcp2mcdwc! (16)

ddcp

dt
5

1

B S dwc2
1

mt
dcp2wsduD (17)

dy5dcp2mcdwc (18)

where mc5(dccs /dwc)s and mt5(dc t /dw t)s52(Ac /Ats)
2ws

denote the slopes of the compressor and valve characteristics, re-
spectively, in the steady equilibrium point, and termLd /Lc has
been omitted in Eq.~18! since it can be thought to be included in
the gain. The transfer function of the open loop system is

F~s!5
2cs

s21bs1a
(19)

where a512mc /mt , b51/Bmt2Bmc and c5ws /B. The de-
nominator of the closed-loop transfer function is

p~s,K !5s21~b1cK!s1a (20)

which turns out to have roots with negative real part~linear sta-
bility condition! for a sufficiently large value ofK, i.e., for

K.2b/c5
B

ws
S Bmc2

1

Bmt
D5B2

mc

ws
2

1

2cs
(21)

However, the situation is slightly different if fast dynamics or a
low-pass filter are considered. For the simple exposition, let us
consider the case in which only the filter is taken into account~its
use is necessary in practice! and let us consider, for instance, a
filter having the following transfer function:

Ffilter~s!5
1

112~j/v0!s1s2/v0
2 (22)

wherev0/2p is the cut-off frequency andj,1 is a positive pa-
rameter that depends on the particular filter. The closed-loop char-
acteristic polynomial turns out to be

pfilter~s,K !5~s21bs1a!S 112
j

v0
s1

s2

v0
2D 1cKs (23)

and, for any value ofa, b, c, j, v0 , there exists a limit value,
K INST.0, such that forK>K INST local stability is lost. This prop-
erty can be proved by plotting the positive root locus or just using
the parameterized Routh–Hurvitz table; the formal proof is

skipped for brevity. Furthermore, even under conditionK
,K INST there may be some problems. Indeed, for high values of
K, the closed-loop linearized system may have~stable! modes
which are poorly damped. These modes are extremely sensitive to
disturbances, so that their effect can result in permanent oscilla-
tions around the equilibrium point. In a nonlinear context, these
oscillations may have a destabilizing effect and they can prevent
the surge from being completely suppressed.

A Trade-Off Choice of K: The Adaptive Control. The pre-
vious considerations show that, practically speaking,K has to be
chosen large, but not so much as to compromise local stability.
This choice is hard to be made by computation due to the nonlin-
ear nature of the system behavior during surge.

An efficient way to tuneK is to do it adaptively. The basic idea
behind this approach is that the controller automatically increases
the gain until the system is removed from surge. This goal can be
accomplished by using, instead of a constantK, a time-varying
nondecreasing gain,K(t), as long as system outputy is outside a
tolerance interval having an amplitude,«, fixed by the user. Such
a gain can be computed by the adaptive control law

dK~t!

dt
5ms~ uyu! (24)

wherem5const.0 is an adaptation parameter and

s~ uyu!5H 0 if uyu<«

uyu2« if uyu.«

represents the distance of outputy from threshold interval@2«,«#.
The convergence of this control law has been theoretically inves-
tigated and numerically validated by Blanchini and Giannattasio
@24#. Note that, if convergence occurs andy(t) enters interval
@2«,«#, then conditiondK/dt50 holds and the adaptation stops;
from that moment we haveK(t)5const5K` . A great advantage
of this procedure is that it does not require any knowledge of the
compressor and valve characteristics. Furthermore, by its nature,
K is increased as far as it is necessary for stabilization, so that the
practical problem of having a too high value of the gain can be
solved.

In practice, the adaptive procedure can be used in two steps:
1! Training session: the adaptive control is applied and the

limit value of the gain,K` , is detected.
2! Working session: the controlleru5Ky is applied withK

5const5K` .

Experimental Tests
In order to verify the effectiveness of the proposed control strat-

egy, an industrial compression plant has been coupled to a prop-
erly designed control device and a comprehensive set of measure-
ments has been performed.

Test Plant and Instrumentation. The compression system,
shown in Fig. 2, is based on a low-pressure multistage centrifugal
compressor driven by a DC motor through a speed increasing
gear. The blower includes four impellers, with 16 backswept
blades and 465 mm outer diameter, and vaned diffusers. The com-
pressor inlet consists of a radial bellmouth duct with a 125 mm
inner diameter (Ac5122.7 cm2), while the delivery pipe is con-
nected to a cylindrical plenum of large volume (Vp

53.1332 m3). The equivalent length of the compressor ducting
turns out to beLc513.5 m, while the equivalent length of the
compressor delivery pipe isLd57 m.

The normal operation speed of the considered blower ranges
from 2000 to 4000 rpm. The minimum value of the system stabil-
ity parameterB, corresponding to the compressor speed of 2000
rpm, is 0.304, which turns out to be far higher than the critical
value of the present compressor,Bcrit50.06 ~see@12# for a rigor-
ous definition of bifurcation parameterBcrit). This results in a
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great system tendency to instability and accounts for the deep
surge conditions observed by Arnulfi et al.@20# also at the lowest
compressor speeds.

A butterfly valve at the plenum exit performs both functions of
throttling device and actuator. The valve has a disk of 101 mm
diameter, and its movable part, having a moment of inertia of 1.5
kg cm2, is mounted on ball bearings. It is driven by a stepper
motor with a rotor inertia of 0.56 kg cm2, a maximum torque of 1
Nm, and a resolution of 200 steps/rev.

The instrumentation system is shown in Fig. 3, where the capi-
tal letters refer to the measurement point locations in Fig. 2. Pres-
sures and temperatures are measured by means of inductive trans-
ducers and K-thermocouples, respectively, while a magnetic
pickup is used for the compressor rotational speed. The mass flow
rate is measured by means of an orifice flow meter mounted in the
compressor delivery pipe. Although this instrument is normally
used for steady flow measurements, it was considered acceptable
in the present case because of the slow dynamics of surge~a few
cycles per second!. The throttle angular position is measured by
means of a precision potentiometer. The stepper motor is driven
by a Power Driver Unit, which allows a quarter of step resolution
~0.45 deg! to be selected.

The acquisition of temperatures and rotational speed is per-
formed only once at the beginning of each test, while the signals
of pressure and valve angular position are acquired simulta-
neously at a sampling rate that must be high enough to represent
surge dynamics correctly. This sampling rate is determined by an
external trigger provided by a pulse generator.

Experimental Procedure. Previous experimental tests per-

formed by Giannattasio et al.@17# had shown some difficulties in
stabilizing the compression system due to software limitations and
to the use of a stepper motor with an excessively large rotor iner-
tia. These limitations have been largely reduced in the present
work by using a more efficient computer-based system for data
acquisition and control and by selecting a lighter and faster actua-
tion device.

A new software has been developed with the aim of maximiz-
ing the control speed. A sampling rate of 30 Hz has been selected
as a compromise between the need of a faithful reproduction of
the surge dynamics and the requirement of a sufficiently large
time interval between two subsequent acquisitions which allows
the desired angular displacement of the actuator to be completed.
The stepper motor has been driven at the frequency of 4000 Hz.
Over this value the strong accelerations of the actuator during the
control originate inertial torques that can exceed the motor torque.
On the basis of the values of sampling rate and motor frequency,
the code computes the maximum number of motor steps allowed
in a sampling period. When the time needed for calculations and
I/O operations is considered, the residual sampling period allows a
maximum of about 110 motor steps~50 deg!. If the controller
requires a larger actuator displacement, the code limits the number
of steps at its maximum value.

As mentioned above, the acquisition of the pressure and angular
displacement signals occurs simultaneously on five separate chan-
nels. The system output signal, which is acquired as the differen-
tial pressure between plenum and compressor outlet, is first cor-
rected by adding the pressure losses between the two
measurement sections. These losses are estimated as a fraction of
the differential pressure signal from the orifice flow meter~a frac-
tion of 60 percent has been considered on the basis of preliminary
calibration tests!. After being acquired and corrected, the system
output signal is filtered by means of a low-pass second-order But-
terworth filter (j51/A2 in transfer function~22!! in order to re-
duce the measurement disturbances. Preliminary tests suggested
an optimum value for the cut-off frequency between 4 and 6 Hz
~the maximum frequency of the surge oscillations in the present
compression system is close to 1 Hz!. At this point, the propor-
tional or adaptive control law is applied to the filtered data, so
obtaining the valve flow area required by the control. This area
value is turned into valve angular position and is compared with
the actual butterfly angle computed from the potentiometer signal.
The difference between these two angles is converted into number
of pulses to the stepper motor, which are limited in case they
exceed the maximum allowable value.

The present software for data acquisition and control allows the
throttle valve to be moved to the desired steady position and the
control device to be enabled or disabled when required, without
interrupting the processes of data acquisition and recording.

Experimental Results. Tests have been carried out at the
compressor speeds of 2000, 2500, 3000, and 3500 rpm and for
nine different angular positions of the throttle valve~from 5 to 25
deg with a step of 2.5 deg! corresponding to operating points on
the unstable branch of the compressor characteristic curves, see
Fig. 4. In each of these test conditions, the two-stage procedure
described previously~training session and working session! has
been applied, by always starting the control after a fully devel-
oped surge had been obtained. At first, the adaptive control has
been performed by assuming the value of 50/vH for the dimen-
sionless adaptation parameter,m. However, a different choice of
this parameter within a very large range does not change signifi-
cantly either the limit gain,K` , or the stabilization time, as
claimed in@24#. In the cases of successful adaptive stabilization,
the system has been taken back to unstable operation and the
control test has been repeated, by using the value ofK` obtained
in the training session as the constant gain of a standard propor-
tional control.

The suppression of surge has been obtained in all the test con-
ditions, except the ones at the highest compressor speed, 3500

Fig. 2 Experimental compression plant

Fig. 3 Schematic of the instrumentation system
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rpm. The summary of the present results is shown in Fig. 5, which
reports the values ofK` obtained in the stabilized conditions. The
limit gain turns out to increase strongly with compressor speed
and throttle closing. These expected trends can be justified even
by a linear stability analysis. In fact, Eq.~21! shows that, ifmc

.0, the gain grows withB2, and hence withU2, while it varies as
the inverse of the steady equilibrium flow coefficient,ws .

Detailed representations of the adaptive control action are pro-
vided in Figs. 6~a–d!, which show the time traces of flow coeffi-
cient, plenum pressure coefficient, filtered system output, and
valve angle for the steady equilibrium condition corresponding to
us520 deg and for all the considered compressor speeds. The
time required for the system stabilization is observed to increase
with the compressor speed, i.e., withB: at 2000 rpm 3 Helmholtz
periods are sufficient while about 50 periods are required at 3000
rpm. The achievement of system stabilization is shown by the
disappearance of the low-frequency surge oscillations in the sig-
nals of flow rate, plenum pressure, and system output. After the

system stabilization has been reached, the flow rate appears to be
almost constant, while the plenum pressure signal is affected by
high-frequency oscillations, the amplitude of which increases with
the compressor speed. These oscillations result from the fact that
the plenum pressure has been obtained by summing up the signals
of compressor delivery pressure~which is highly disturbed! and
differential pressure between plenum and compressor outlet,
rather than from direct measurements.

The behavior of the adaptive control is quite evident in the plots
of the valve angle. After the control has been started, the valve
moves with oscillations of growing amplitude, due to the increas-
ing gain, until the system stabilization is attained. However, high-
frequency oscillations remain in the angle signal after the surge
has been suppressed. They are due to residual disturbances in the
filtered output signal, which are amplified by the gain, resulting in
oscillations whose amplitude increases with the compressor speed.

The operating condition at 3500 rpm~Fig. 6~d!! shows the lim-
its of the performance of the present control device. In fact, the
actuator is not capable of performing the large displacements re-
quired by the controller~frequent saturated valve openings should
occur in this operating condition!, due to valve accelerations
which exceed the stepper motor capability.

The harmful effects of disturbances and actuator speed limita-
tions on system stabilization have been fully confirmed by nu-
merical simulations of the controlled system dynamics. The model
of Eqs.~1!–~8!, together with adaptive control law~24!, has been
employed to test the operating condition of Fig. 6~d! numerically,
by introducing either a limitation of the maximum angular veloc-
ity of the valve or a sinusoidal disturbance of system outputy. The
simulations have been performed with the following values of the
parameters:B50.53, G50.025, tc54, ta50.1, Ld /Lc50.52,
K(0)50, m58.4,«50.1. The amplitude and the frequency of the
disturbance have been set equal to 0.05 and 4 Hz, respectively,
which correspond to the leading component of the measured re-
sidual noise in the filteredy signal. Under ideal conditions~ab-
sence of disturbances and actuator speed limitations! the simula-
tion predicted a complete suppression of surge. On the contrary,
when varying the maximum allowable actuator speed~without
disturbances!, system stabilization was observed only for values
of (du/dt)max greater than about 1500 deg/s, which is close to the
estimated limit performance of the actual control device. Further-
more, stability was never reached when the sinusoidal disturbance
was added to the system output, not even in conditions of no
actuator speed limitation.

The effects of the proportional control are shown in Figs. 7~a–
c!, which report the time traces ofwc , cp , y andu, together with
the corresponding system trajectories in plane (wc ,cp), in three
different operating points (us57.5, 15, 22.5 deg! at the compres-
sor speed of 2500 rpm. It is observed that, when using the limit
gain values of the adaptive control, the proportional control turns
out to be very effective since the system stabilization is obtained
in a short time even in the more difficult case of very closed valve
~the stabilization time varies from 1 Helmholtz period at 22.5 deg
to 5 periods at 7.5 deg!. The stabilization test has been completed
by inhibiting the control after the surge cycles have been com-
pletely suppressed and by observing the consequent system be-
havior. As the cases in Figs. 7~a–c! are concerned, it is noticed
that the system continues to be stable after the control has been
removed at the steady valve angles of 15 and 22.5 deg, while at
7.5 deg it immediately returns to a surge condition. This behavior,
which has been observed also at the other compressor speeds, can
be explained by observing that for large values ofus the equilib-
rium point is a locally stable one~the slope of the compressor
characteristic is negative or slightly positive!, while the dynamic
stability condition (b.0 in Eq. ~19!! is not satisfied at valve
angles less than about 10 deg.

For a clearer representation of the system trajectories in plane
(wc ,cp), the data to be plotted have been properly filtered to
eliminate the high-frequency disturbances and they have been lim-

Fig. 4 Test points as intersections of valve and compressor
characteristics

Fig. 5 Limit gain values of the adaptive control
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ited to few oscillations before system stabilization. Furthermore,
the (wc ,cp) plots in Figs. 7~a–c! report the compressor charac-
teristic at 2500 rpm~dashed line! and the steady characteristic of
the valve~dashed–dotted line!. These plots show that the system
proceeds from a deep surge cycle to a stable condition through a
short transient evolution. It is also observed that for the larger
values of valve steady angle, the system correctly converges to the
equilibrium point~the intersection of the compressor and throttle
characteristics!, while for us57.5 deg the system moves to a flow
coefficient value which is considerably larger thanws . This be-
havior has been observed in all the other operating conditions at
very low values ofus and it can be explained by considering that,
in these cases, the possible valve motion around the equilibrium
position is not symmetric, being limited below by the saturation
constraint of complete closing. Consequently, the valve oscilla-
tions, which are observed also in stabilized conditions due to the
disturbances that affect the system output signal, occur around an
average angular position that is larger than the desired one. Such a

behavior resulted also from numerical simulations of the con-
trolled system dynamics, when a sinusoidal disturbance was
added to output signaly.

Conclusions
A high-gain approach for the active control of compressor surge

has been introduced and validated by experiments. The differen-
tial pressure between plenum and compressor outlet has been se-
lected as the sensor signal, while the actuation is performed by
means of the throttle valve at the plenum exit. Besides a standard
proportional control, an adaptive strategy has been introduced in
order to perform a satisfactory tuning of the gain. A computer-
based control system has been coupled to an industrial compres-
sion plant based on a four-stage centrifugal blower, and an exten-
sive experimental investigation has been performed.

The experimental results show that the proposed control strat-
egy is capable of suppressing surge in almost the whole unstable

Fig. 6 Time traces of the system parameters during the adaptive control for usÄ20 deg:
„a… 2000 rpm; „b… 2500 rpm; „c… 3000 rpm; „d… 3500 rpm
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branch of the compressor characteristic for rotational speeds up to
3000 rpm. Under these conditions, the standard proportional con-
trol turns out to be very effective if the limit gain values provided
by the adaptive control are imposed. At the highest compressor
speed~3500 rpm! the control strategy fails. This is not a concep-
tual limitation of the high-gain approach, which in theory assures
system stabilization in any operating condition, but it mainly re-
sults from the limited actuation speed and from the interaction of
high gain, sensor disturbances, and actuator saturation. In fact, as
the compressor speed, and hence parameterB, is increased, the
system requires higher gain values to be stabilized. On one hand,
such high gains cause very fast actuator displacements to be re-
quired by the controller, so that the inertial resistance of the valve
can exceed the motor torque. On the other hand, the unavoidable
disturbances of the system output signal are strongly amplified by
the high gain, so resulting in large valve oscillations and hence in
frequent conditions of actuator saturation~complete valve clos-
ing!. Saturation does not necessarily cause system instability on
its own ~the so called ‘‘bang-bang’’ controls, which are based on
actuator saturation, have several technical applications!, but it is
clear that the saturation induced by disturbances has no correla-
tion with the system dynamics to be controlled.

Another negative effect of amplified disturbances and valve
saturation is observed in the stabilized conditions at small valve
steady angles: the asymmetric valve oscillations around the equi-
librium position determines an average flow rate which is signifi-
cantly larger than the desired one.

In order to attenuate or possibly eliminate the limits of the
proposed control strategy, further work is required, which should
be focused on two main topics. On one hand, an actuator of higher
performance should be selected, which is not an easy task due to

the difficulty of increasing both motor torque and speed~a motor
with a higher torque has usually a larger rotor inertia!. On the
other hand, the origin of the sensor disturbances should be care-
fully investigated~the low-frequency disturbances in the filtered
signal might be due to secondary dynamics, which are excited by
the high gain feedback!, and different filtering techniques should
possibly be considered. Although the solution of both problems
appears to be a rather difficult task, the authors believe that further
investigations are worth pursuing, since the proposed high-gain
approach has the potential for very effective applications in the
field of compressor surge control.
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Nomenclature

A 5 area
B 5 Greitzer parameter
G 5 valve parameter
K 5 control gain
L 5 equivalent length

TH 5 Helmholtz period
U 5 impeller tip speed
V 5 volume
a 5 speed of sound

ṁ 5 mass flow rate
p 5 absolute pressure
s 5 Laplace transform variable

Fig. 7 System trajectories in plane „wc ,cp… and time histories produced by the proportional control at 2500 rpm: „a… us
Ä22.5 deg; „b… usÄ15 deg; „c… usÄ7.5 deg
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t 5 time
u 5 system input
y 5 system output

Dpc 5 compressor pressure rise
d ~•! 5 small perturbation

u 5 valve angular position
r 5 density
t 5 dimensionless time5vHt

ta 5 actuator dynamics time constant
tc 5 compressor dynamics time constant
w 5 flow coefficient5ṁ/r0UAc
c 5 pressure coefficient52(p2p0)/r0U2

cc 5 compressor pressure coefficient52Dpc /r0U2

vH 5 Helmholtz angular frequency5apAAc /LcVp

Subscripts

0 5 ambient
1 5 compressor inlet
c 5 compressor
p 5 plenum
r 5 required by the controller
s 5 steady-state
t 5 throttle valve
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Numerical Investigation of
Tandem-Impeller Designs for a
Gas Turbine Compressor
The tandem-bladed impeller centrifugal compressor, which may offer potential aerody-
namic benefits over conventional designs, is rarely employed in production gas turbine
applications. Conventional impeller designs are often favored because of concerns for
both significant performance losses and increased manufacturing costs associated with
tandem configurations. In addition, much of the available literature concerning the char-
acteristics of tandem-impellers is inconclusive, and at times contradictory. Because of the
scarcity of tandem-impellers, rules for their design are nearly nonexistent. Also, the ef-
fects of inducer/exducer clocking upon tandem-impeller performance and exit flow char-
acteristics are not fully understood. In the present study, a numerical investigation was
performed to investigate the aerodynamic characteristics of a tandem-impeller design for
the rear stage of a gas turbine compressor (target impeller PRt2t'3.0!. A parametric
study of tandem-impeller inducer/exducer clocking was performed in order to explore its
effect upon performance and exit flow quality. Because the tandem impeller was designed
to be retrofittable for an existing conventional impeller, it was also compared to predic-
tions for the baseline conventional design. Results of the study indicated that the tandem-
impeller was less efficient than the conventional design for all clocking configurations
studied. Tandem-impeller blade clocking was found to have a significant effect upon
predicted pressure ratio, temperature ratio, efficiency, and slip factor; the maximum val-
ues for these parameters were predicted for the in-line tandem configuration. The mini-
mum predicted tandem-impeller isentropic efficiency occurred at a clocking fraction of 50
percent, falling 3.8 points below that of the in-line case. Although the tandem-impeller
performance was predicted to diminish as blade clocking was increased, significant im-
provements in the uniformity of impeller exit velocity profiles were observed. Profiles of
both total pressure and swirl at impeller exit indicated that the tandem-impeller design
may offer both improved diffuser recovery and stalling margin over the conventional
design. @DOI: 10.1115/1.1413472#

Keywords: Impeller, Numerical, Tandem, Compressor

Introduction
Tandem-blade impeller designs may be used in centrifugal

compressors for a number of reasons. The most common reason
for their application is to reduce the highly distorted jet/wake exit
velocity profiles typically encountered in conventional impeller
designs. In some cases, tandem-impeller designs may also provide
structural benefits over conventional impeller designs. In spite of
potential benefits, the tandem-impeller concept is often not con-
sidered for aircraft engine applications because of increased
manufacturing costs, and concern for potentially large losses in
aerodynamic performance.

A tandem-blade arrangement refers to pairs of blade rows in
close axial proximity having some circumferential spacing, and
can encompass both stationary~e.g., double-row stators! and ro-
tating airfoils. For rotating tandem-blade arrangements such as in
an impeller, it is assumed that no relative circumferential motion
occurs between the blade pairs. Figure 1 shows a shaded three-
dimensional representation of a tandem-bladed impeller. As
shown, the upstream and downstream blades are referred to as
‘‘inducer’’ and ‘‘exducer’’ blades, respectively. Figure 2 shows a
top view detailing the nomenclature for the blading configuration.
The axial gap between airfoils isDxs , while the circumferential
angle between inducer trailing edge and exducer leading edge is

us . In the present paper, the circumferential spacing shall be re-
ferred to as a fraction of blade pitch, wherels5us /(360
deg/Nblades). Positive values ofus andls refer to a positioning of
the exducer L.E. relative to the inducer T.E. such that the exducer
suction surface is closest to the pressure surface of the inducer, as
shown in Fig. 2. All values ofls refer to inducer/exducer align-
ment at the shroud.

Because of the relatively small number of designs in existence,
the aerodynamic merits of tandem-impellers are not well docu-
mented. From one perspective, the presence of a tandem gap,
which reduces the effective loading area and forces premature
diffusion in the inducer passage, should handicap the tandem de-
sign both in terms of achievable efficiency and pressure ratio as
compared to a similar conventional impeller. From another per-
spective, however, the close proximity of the inducer and exducer
airfoils could prevent the onset of downstream suction surface
separation by re-energizing the blade-surface boundary layer
much like a wing-flap configuration. Such a potential improve-
ment in flow quality could reduce the distortion in impeller exit
velocity profiles, consequently improving both diffuser recovery
and range of operability.

Most of the available publications dealing with tandem-blade
turbomachines have historically favored axial configurations over
centrifugal devices. The relatively few publications that have in-
vestigated tandem-bladed centrifugal turbomachines have for the
most part been inconclusive as to the impact on performance.
When summarizing various tandem-impeller studies in their 1992
paper, Kadner and Hoffman@1# concluded that ‘‘... there are very
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contradictory statements of the attainable improvements of such a
blade arrangement so that no design rules are available.’’ Despite
these contradictions, a brief summary of several studies is pre-
sented herein.

Boyce and Nishida@2# explored a tandem-blade impeller design
in an attempt to reduce a flow separation on the splitter blade of a
corresponding conventional impeller design. A clocking fraction
of ls533 percent between the inducer and exducer blades was
used. The authors found that the tandem arrangement both elimi-
nated the separation and had a slight improvement on measured
efficiency. It is unclear, however, as to whether the tandem ar-
rangement would have delivered a superior efficiency if the base-
line design had been properly designed without flow separation.

In a numerical study of a high head-coefficient pump impeller,
Bache@3# compared a conventional baseline impeller to several
tandem arrangements. The results of this study showed that sig-
nificant gains in flow uniformity could be achieved by a tandem
blade arrangement. In addition, the author showed that clocking,

rather than the meridional split location, had the greatest impact
on flow uniformity. No efficiency data were included in this work.

A parametric computational fluid dynamic~CFD! study of a
tandem blade turbopump was performed by Cheng et al.@4# in
1993. In this study, two versions of a tandem-impeller design
having clocking fractions of 7.5 and 22.5 percent were compared
to a baseline consortium impeller. Numerical results predicted that
both tandem designs delivered lower efficiency and head than the
baseline due to large flow distortions. A flow separation was found
to occur on the suction side of the splitter blade in both tandem-
impeller cases.

Two very thorough experimental tandem-impeller studies were
performed by Kadner and Hoffman@1# and Kadner@5#. These
papers are of particular interest because their centrifugal designs
are the most similar to that of the present appear. In the first study,
the authors studied a medium pressure ratio~PR53.9! tandem-
impeller having 14 inducer and 28 exducer blades, 32 deg of
backsweep, and an axial gap of approximately 1.5 percent of tip
radius. The design was tested in combination with a vaneless dif-
fuser for five different relative circumferential inducer/exducer~or
clocking! positions. Because of structural limitations, the design
could only be tested up to 88 percent of its design speed. At this
speed, the inducer/exducer positioning had a relatively small im-
pact on performance, resulting in a maximum deviation in poly-
tropic efficiency of approximately 0.5 percent and in total pressure
ratio of 2 percent. The optimum positioning was found to be the
in-line configuration and the poorest performance was observed
when the exducer pressure surface was placed closest to the in-
ducer suction surface. The authors also observed that the effect of
blade positioning mostly impacted the pressure ratio of the in-
ducer blade and the leading edge region of the exducer. A series of
impeller exit velocity traverses using laser velocimetry~L2F!
were also taken, and it was concluded that velocity profiles were
not significantly affected by relative blade position.

In the follow-up study by Kadner@5#, a similar impeller design
was once again tested for various inducer/exducer clockings. In
this case, however, a different impeller material was used so that
the correct aerodynamic design speed could be achieved. In addi-
tion, the axial gap between the inducer and exducer blades was
reduced to zero in an attempt to increase the sensitivity of the
design to the relative circumferential positions. Findings indicated
that the total-to-total pressure ratio was not significantly impacted
by inducer/exducer clocking. It was found, however, that the stage
surge margin could be improved by blade clocking. The maximum
improvement in surge margin corresponded with the closest to,
but not in-line, blading arrangement in which the exducer suction
surface was closest to the inducer pressure surface at 27 percent of
exducer pitch. Also, in contrast to the rotor total-to-total pressure
ratio, the stage total-to-static pressure ratio was found to be sig-
nificantly affected by blade positioning. The optimum surge mar-
gin position also resulted in the highest total-to-static pressure
ratio. This was the only arrangement in which the stage total-to-
static pressure ratio was found to exceed that of the in-line con-
figuration; all other configurations were lower. The authors attrib-
uted the improvements in both stage pressure ratio and surge
margin to a smaller wake zone and more balanced velocity field at
the impeller exit, which improved diffuser performance. Measure-
ments of exit meridional velocity profiles affirmed this argument,
showing a significant reduction in jet/wake velocity differences
for the optimal clocking configuration as compared to the in-line
case. In addition, it was observed that the velocity profiles of the
two exducer~i.e., main/splitter! channels were more balanced in
the optimum case than for the in-line configuration.

The present study explores the aerodynamic characteristics of a
retrofittable tandem-impeller design, intended to perform a similar
duty as an existing conventional rear-stage impeller for a multi-
stage aircraft gas turbine compressor. The intent of the study is to
compare both the flowfield and performance characteristics of a

Fig. 1 Three-dimensional representation of tandem-impeller
design „lsÄ5 percent configuration shown …

Fig. 2 Nomenclature for tandem-impeller clocking
arrangement
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tandem-impeller with a conventional design of a similar duty, and
to explore the impact of inducer/exducer blade clocking upon im-
peller performance and exit flow quality.

Description of Impeller Geometries
The conventional full-bladed impeller design is intended for an

aircraft gas turbine application behind a multistage axial compres-
sor. It is designed to function in combination with a downstream
discrete-passage type diffuser, and to deliver a target impeller
total-to-total pressure ratio of approximately 3.0. The design is
fully subsonic at entry, and is designed for a mean upstream pre-
swirl of 22 deg. This impeller consists of 28 main blades without
splitters, and has 36 deg of trailing edge backsweep.

The tandem-impeller design was designed as a retrofit to the
baseline design, which could be ‘‘dropped in’’ between the up-
stream axial compressor and downstream diffuser, maintaining
common entry and exit gas-path corner points. The tandem design
was required to deliver at least the same pressure ratio as the
conventional design for the smallest possible efficiency penalty.
The inducer blade was designed using axial airfoil methods while
the exducer blade was designed using conventional impeller tech-
niques. Initially, the first tandem-impeller design was a two-
bladed copy of the conventional impeller, having clocked airfoils
and an axial split-gap. It was found, however, that several design
changes were necessary in order for the tandem-impeller to de-
liver a similar pressure ratio to the conventional with a minimal
efficiency penalty. Several features of the final tandem-impeller
design include modified blade camber distributions, a narrower
gas-path in the ‘‘knee’’ region, 31 inducer and 31 exducer blades,
and 24 deg of backsweep. In addition, the inducer/exducer blade
axial gap,xs , is 0.6 percent of impeller-tip radius. The design was
optimized in such a way that it delivered a slightly higher pressure
ratio than the conventional design for a clocking pitch fraction
(ls) of 5 percent; the additional pressure ratio was incorporated
into the design to improve matching with upstream components.
This design is shown in Fig. 1. A comparison of the meridional
gas-path profiles for both the conventional and tandem-impeller
designs is shown in Fig. 3.

Numerical Modeling
All CFD calculations were performed using a finite-element,

turbulent, compressible flow solver called NS3D@6#; the solver
was jointly developed by Pratt & Whitney Canada and Concordia
University. The primary flow variables are pressure,p, and mass
flux, rV, with a pressure dissipation term in the continuity equa-
tion. By introducing this dissipation term, the odd–even decou-
pling ~or checkerboarding! effect is avoided, hence allowing
equal-order interpolation to be used for velocities and pressures.
Stabilization of the momentum equations is achieved by means of
the Streamline Upwind Petrov Galerkin~SUPG! scheme@7#.

The code presently supports hexahedral, tetrahedral, and pris-
matic element types. Equations are linearized using a Newton
method, and are solved in a fully coupled manner using a highly
parallelized preconditioned iterative solver@8#.

Both k–« and k–v turbulence models are supported by the
code, but thek–v model was used because it has been found to
be more stable. Equations are integrated to the wall by means of a
special logarithmic element@9# spanning the region from the wall
to the first near-wall grid mode. They1 value of the first node is
allowed to vary over a range from 30 to 300. By using this
scheme, computational time is significantly reduced, as compared
to traditional wall integration schemes, in which numerous linear
elements are required to capture high near-wall gradients. In ad-
dition, superior accuracy is achieved as compared to conventional
wall function approaches, with only a small increase in computa-
tional cost.

In this study, the NS3D code was used to analyze seven impel-
ler configurations. The configurations consisted of the conven-
tional impeller as well as the clocked tandem-impeller at 0, 5, 10,
25, 50, and 75 percent clocking fractions (ls). Finite element
grids of the impeller flow domains were created using a method
developed at PWC called ‘‘ICAST.’’ Prior to this method, an axial
compressor grid-generation tool was used to generate impeller
grids; this former technique, although generally sufficient for con-
ventional geometries, lacked the capability to accommodate
tandem-impeller designs. ICAST combines the three-dimensional
CAD package CATIA with the commercial three-dimensional
hexahedral grid-generation package ICEM-HEXA. Interactive
routines programmed in CATIA are used in combination with
HEXA to construct impeller grids for multiple topologies in a
rapid, automated fashion. An additional benefit to this method is
that the user is afforded much greater control over grid spacing,
including the distribution of near-wall gridy1 values, hence im-
proving the quality of solutions.

All grids were of the structured hexahedral type, consisting of
linear quadrilateral elements. The grids were extended upstream
of the leading edge axially at the inlet and downstream of the
trailing edge radially at the exit by a distance of 10 percent of the
impeller tip radius. Three separate grid topologies were used to
model the conventional impeller, the clocked tandem-impellers,
and the in-line (ls50) tandem-impeller. Grid sizes for each of
these three topologies were allowed to vary in order to maintain
similar near-wall grid spacings and bunchings in the flow do-
mains. The grid sizes are summarized as follows:~i! conventional
impeller: 120,096 elements~i5140, j533, k528!, ~ii ! clocked
tandem-impellers: 277,020 elements~i5181, j558, k528!, and
~iii ! in-line tandem-impeller: 228,312 elements~i5152, j555,
k529!. A cut of a typical tandem-impeller mesh is shown in Fig.
4. For all impeller analyses, a constant tip clearance value of 1.6
percent of impeller exit blade height was modeled using six
k-planes to grid the tip clearance region.

In all cases, the impeller flowfield was analyzed in isolation
without a diffuser. For the analysis, a steady-state, compressible,
three-dimensional, fully turbulent flow was assumed. The imposed
upstream radial boundary condition profiles for total pressure, to-
tal temperature, swirl~a!, and radial flow angle~f! were taken
from predicted exit profiles for the upstream axial compressor, and
were identical for all runs. Inlet turbulence boundary conditions of

Fig. 3 Comparison of conventional and tandem-impeller me-
ridional gas-path profiles
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k50.001 and«50.004 werealso imposed in all cases. For each
case, a constant static pressure was imposed at the downstream
exit boundary while the mass-averaged values of total temperature
and pressure were held constant at the inlet. All cases were ana-
lyzed at the impeller design speed over a range of several flows by
varying the exit static pressure imposed. All solutions were run to
a sufficient convergence level such that the overall residual was of
the order 1024 and the exit mass flux was within less than 0.5
percent of the inlet value. Mass-averaged thermodynamic impeller
performance calculations~i.e., PR, TR, and efficiency! were based
upon inlet total temperature and pressure at 5 percent~of impeller
tip radius! upstream of the leading edge, exit total temperature at
the trailing edge, and total pressure at 5 percent downstream of the
trailing edge. Total pressure was calculated downstream of the
trailing edge to partially account for mixing which would nor-
mally occur downstream of the impeller.

Results and Discussion
The predicted impeller running-line total pressure ratio, total

temperature ratio, and isentropic efficiency values have been plot-
ted versus clocking fraction (ls) in Figs. 5~a!–~c!. Running line
values were calculated for a constant value of impeller exit cor-
rected flow (Wcor), in an attempt to represent the engine matching
points for the various designs. Note that the results have been
normalized to the impeller design targets. From the large degree
of variation in predicted performance, it is clear that the inducer/
exducer clocking had a significant impact upon tandem impeller
performance.

It is immediately apparent from the plots of Fig. 5 that the
tandem-impeller running-line pressure-ratio, efficiency, and tem-

perature ratio values were highest for the in-line~0 percent! case.
All three parameters were observed to decrease continually as a
function of clocking fraction, reaching minimum values atls
550 percent. Increasing further to 75 percent clocking fraction,
both temperature ratio and pressure ratio were found to increase,
while efficiency was virtually unchanged. In general, the tandem-
impeller design was found to be less efficient than the conven-
tional impeller for all configurations, having a minimum effi-
ciency penalty of 0.55 points atls50 percent and a maximum
efficiency penalty of 3.8 points atls550 percent. In spite of its
lower backsweep value, the tandem-impeller total pressure ratio
was found to exceed that of the conventional design only for the 0
and 5 percent configurations, while the 10 percent design deliv-
ered a nearly identical level.

Due to the backsweep difference, the predicted tandem-impeller
temperature rise was, not surprisingly, higher than that of the con-
ventional design. The dependence of tandem-impeller temperature
rise upon clocking fraction, however, does suggest that trailing
edge slip factor is dependent upon relative circumferential posi-
tion. Understanding this variation of tandem-impeller slip factor
as a function of inducer/exducer clocking is a highly important
relationship for a compressor designer sizing impeller designs to

Fig. 4 Sample computational grid for tandem-impeller

Fig. 5 Comparison of predicted impeller: „a… total-to-total
pressure ratio, „b… isentropic efficiency, and „c… total tempera-
ture ratio at running line
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meet a target pressure ratio. Figure 6 shows the predicted running
line slip factor~s! values as a function of tandem-impeller clock-
ing fraction. The slip factor was found to vary from a maximum
value of 0.923 at 0 percent clocking to a minimum of 0.898 at 50
percent; by comparison the predicted conventional impeller slip
factor was 0.909. The observed increase in slip~12s! from 0 to
50 percent clocking is most likely the result of increased exducer
blade-to-blade loading with increased clocking. Generally, for
lower backsweep designs such as the tandem-impeller, it is ex-
pected that the amount of slip would be greater than for designs
having higher backsweep due to increased aerodynamic loading at
the back-end of the exducer. In the present study, however, this
was only found to be true for the 10, 25, and 50 percent cases; for
the 0, 5, and 75 percent cases, the velocity field due to the tandem
arrangement resulted in less slip than for the conventional design.
A general conclusion that can be drawn is that conventional im-
peller slip factor correlations may not necessarily apply to
tandem-impeller designs because of the strong effect of inducer/
exducer clocking.

Contour plots of the predicted running-line impeller flowfields
for the conventional as well as three of the tandem-impeller (ls
50, 5, and 50 percent! cases are shown in Figs. 7–10. For each of
these cases, relative Mach contours are shown for cuts at 25, 50,
75, and 95 percent span in (a) – (d), at the trailing edge in~e!, and
a meridional velocity contour is shown at a location 3 percent
downstream of the trailing edge in~f!. The Mach contours near the
hub at 25 percent span showed little difference between the vari-
ous tandem-impeller configurations. For the conventional impeller
at 25 percent span, a low-velocity region was observed near the
knee of the impeller along the pressure side of the blade. Such a
pronounced low-velocity region was not observed on the pressure
side of the exducer for any of the tandem-impeller designs, likely
because of the narrower gas-path of the tandem design.

The Mrel contours from 50 to 95 percent (b–d) span are more
revealing in terms of differences in flow characteristics. Observa-
tion of the flow in the split-gap region shows that the suction
surface near the leading edge of the exducer is affected by its
relative circumferential position to the inducer. For the in-line
tandem-impeller case (ls50 percent!, acceleration about the ex-
ducer leading edge was negligible, while for the 50-percent
clocked case, a strong acceleration was observed in this region.
For the 5 percent clocked case, more modest exducer leading edge
suction surface acceleration was observed, which, because of the
small circumferential gap between airfoils, was found to create a
‘‘jet’’ of high-momentum flow along the exducer suction surface.
Changes in the degree of acceleration about the exducer leading
edge are due to variations in incidence, resulting from circumfer-
ential variations in inducer T.E. deviation. In addition, inducer

trailing edge deviation is very likely affected by airfoil clocking.
The observed reduction in slip factor fromls50 to 50 percent
discussed above is consistent with the increased exducer incidence
and hence higher exducer loading.

Flow in the downstream portion of the exducer~past the gas-
path bend to radial! was characterized by varying degrees of low-
momentum flow and separation for the different tandem configu-
rations. In the conventional full-blade design~Fig. 7~d!!, a
separation was observed near the shroud, occupying approxi-
mately 2/3 of the blade-to-blade passage closest to the pressure
surface at 95 percent span. In the case of the tandem-impeller,
both the shape and the extent of the separation zone were found to
vary due to the clocking arrangement. At 75 percent span~Figs.
8–10~c)!, the separation zone was found to move closer to the
exducer suction surface, and to increase in size as the clocking
fraction was increased. The tandem-impeller separation patterns
observed at 95 percent span~Figs. 8–10~d!! were more complex
than those at 75 percent, showing the effects of both clocking and
the tip-clearance vortex on the separated flow distributions. The
chordwise extent of the 95-percent span separated region appears
to have increased as blade clocking was increased, but the shape
of the low-momentum distributions has changed the appearance of
the flow for each case. Comparing the tandem-impeller designs to
the conventional impeller, the chordwise extent of separation in
the tandem-impeller designs appears to be less extensive at 95
percent and more extensive at 75 percent. An additional observa-
tion is that, in the conventional design, the separated flow has
reattached by the impeller trailing edge. In the tandem-impeller
designs, however, various degrees of separation were observed at
the trailing edge with reattachment occurring slightly downstream.

Fig. 6 Predicted impeller slip factor versus clocking fraction
„ls…

Fig. 7 Conventional impeller: „a–d… Mrel contours at 25, 50, 75,
and 95 percent span; „e… Mrel contour at impeller trailing edge;
„f… meridional „Cm… velocity contour at trailing edge ¿ 3 percent
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The flow was likely to reattach farther upstream in the conven-
tional design due to the less aggressive diffusion caused by the
higher backsweep angle.

Plots of impeller exit flow predictions are shown in Figs.
7–10~e!,~f!. Both relative Mach contours~e! at the trailing edge,
and meridional velocity contours~f! at 3 percent downstream of
the trailing edge, are shown. In each of the impeller cases, it was
found that a low relative velocity region, or wake, developed near
the suction surface/shroud zone at the trailing edge; this jet/wake
phenomenon is typical in many impeller designs. This wake was
found to be more pronounced in the tandem-impeller cases than
for the conventional design, due to the different backsweep val-
ues. In the tandem-impeller cases, both the size and strength of
these wakes were found to increase as a function of increased
clocking from 0 to 50 percent. In addition, this wake was found to
migrate toward both the shroud and the suction surface of the
exducer as the relative blade clocking was increased up to 50
percent. The increased exducer blade-to-blade loading with in-
creased clocking is a likely explanation for both the increased
extent of the wake size, and the secondary effect of the wake
migration.

The downstream meridional velocity contours of Figs. 7–10~f!
show the impeller exit flow in the absolute sense following some
mixing; these plots are representative of the flowfield, which
would be seen at entry to the downstream diffuser. The TE13
percent meridional velocity contours indicate that the shroud/
suction surface relative velocity wake seen at the trailing edge has
mixed out somewhat~from plots ~e! to ~f !!. What is more note-
worthy is that at the TE1 3 percent location for both the conven-

tional and in-line tandem-impeller, the lowest absolute region was
observed along the shroud over the entire passage. This region of
low momentum across the shroud was found to diminish as the
clocking fraction was increased. For the 50-percent clocked con-
figuration, a much less diminished shroud velocity profile was
observed as compared to the 0 percent case; however, the low
velocity region in the shroud/suction surface corner at the trailing
edge, which had mixed out for the other configurations, could still
be observed at the TE1 3 percent location for thels550 percent
case.

The amount of distortion in the absolute velocity field exiting
the impeller is known to be important in terms of its impact both
upon the downstream diffuser recovery and compressor surge
margin. Although the diffuser is not modeled in the present study,
the trends in the impact of various impeller designs upon diffuser
performance can be postulated. It is known that the level of aero-
dynamic blockage at the impeller throat has a strong impact upon
diffuser static pressure recovery. Hence, impeller designs having
lesser distortions in their absolute exit velocity profiles should
result in improved diffuser performance. In order to compare the
various configurations quantitatively, a velocity distortion param-
eter,r, was defined. This parameter expresses the degree of varia-
tion in radial velocity about the mean value at the TE1 3 percent
location. Figure 11 expresses running-line impeller exit velocity
nonuniformity parameters versus clocking fraction. The in-line
tandem-impeller case was found to have the highest degree of
velocity distortion (r 50.56) as compared tor50.48 for the con-

Fig. 8 Tandem-impeller „lsÄ0 percent …: „a–d… Mrel contours at
25, 50, 75, and 95 percent span; „e… Mrel contour at impeller
trailing edge; „f … meridional „Cm… velocity contour at trailing
edge ¿ 3 percent

Fig. 9 Tandem-impeller „lsÄ5 percent …: „a…–„d… Mrel contours
at 25, 50, 75, and 95 percent span; „e… Mrel contour at impeller
trailing edge; „f … meridional „Cm… velocity contour at trailing
edge ¿ 3 percent
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ventional impeller. All other tandem-impeller configurations, how-
ever, were found to have significantly lower values of radial ve-
locity distortion than the full-blade design.

The 5-percent clocked case was found to have a nonuniformity
parameter value of 0.42, while the 25 percent clocked case had the

lowest value ofr50.38. The degree of exit velocity nonuniformity
was found to increase from this minimum for clocking values
beyondls525 percent.

The reduction in velocity nonuniformity from 5 to 25 percent
clocking is most likely due to the improvements in shroud veloc-
ity deficit levels; for the 50 and 75-percent cases, however, the
impeller trailing edge wake zone became so predominant that the
velocity distortion was increased in spite of the improved shroud
velocity profiles.

Impeller running line ‘‘loading’’ diagrams, or blade surface
isentropic relative Mach number plots comparing the conven-
tional, 0, 5, and 50 percent tandem-impeller cases are shown in

Fig. 12 Impeller blade surface loading „isentropic relative
Mach number … distributions at „a… 25, „b… 50, and „c… 95 percent
span

Fig. 10 Tandem-impeller „lsÄ50 percent …: „a–d… Mrel contours
at 25, 50, 75, and 95 percent span; „e… Mrel contour at impeller
trailing edge; „f … meridional „Cm… velocity contour at trailing
edge ¿ 3 percent

Fig. 11 Radial velocity distortion parameter „r… at trailing edge
¿ 3 percent versus clocking fraction „ls…

42 Õ Vol. 124, JANUARY 2002 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Figs. 12~a!–~c!. These plots express the airfoil surface pressure
distributions in terms of an equivalent Mach number, and help to
show the distributions of aerodynamic loading for the various de-
signs. Comparing the conventional impeller loading distributions
to those of the 0-percent tandem-impeller case clearly illustrates
that the tandem-impeller blade-to-blade loadings were much more
aggressive and had to be redistributed in order to compensate for
the lack of available loading area in the split-gap region. A subtle
point, which is not fully understood, is the much larger local ac-
celeration about the leading edge of the conventional impeller.
Because the inducer blade was designed using different methods,
a possible explanation lies in the more elliptic inducer leading
edge shape. Another observation that is immediately noticeable is
that the surface isentropic relative Mach number levels became
somewhat smaller as the clocking fraction was increased. Because
the designs were compared at a constant value of exit corrected
flow, this phenomenon was simply the result of reduced inlet cor-
rected flow due to reduced pressure ratio as a function of clocking.

A more detailed comparison of the loading diagrams for the
various tandem-impeller configurations reveals some subtle ef-
fects of airfoil clocking. In thels55 percent case, it was found
that the inducer trailing edge blade-to-blade loading was higher

than for the in-line case. This increased loading likely results from
a combination of reduced trailing edge deviation and boundary
layer thickness due to an airfoil flap type of interaction. In the
ls55 percent case, the near, but offset location of the exducer
suction surface draws flow toward it, both energizing the bound-
ary layer and helping the suction surface flow to continue turning
approaching the trailing edge. Although the in-line configuration
also assisted in preventing boundary layer growth, the position of
the exducer suction surface did not result in a circumferential
suction component on the trailing edge flow, and hence, had a
lesser impact upon deviation. As a result of the reduced inducer
deviation in thels55 percent case, incidence at the exducer lead-
ing edge was found to be less than that of the in-line case.

Loading diagrams for thels550 percent tandem-impeller case
show an observed loss in inducer blade-to-blade loading from 70
to 100 percent chord as compared to the 5 percent case. Because
the exducer suction surface was no longer in close proximity for
this case, the inducer suction surface boundary layer was able to
thicken near the T.E., resulting in a loss of aerodynamic loading.
In addition, the exducer leading edge incidence was observed to
be greater for the 50-percent case than for the in-line and
5-percent clocked cases. The increased incidence indicates that
either the exducer circumferential position is in a region of in-
creased inducer trailing edge deviation, or the increased inducer
boundary layer thickness has increased inducer deviation. The net
effect of this arrangement was higher loading in the front portion
of the exducer, while loading near the rear of the exducer was
diminished due to the larger wake zone discussed above.

The running line impeller exit flow is characterized in terms of
pitch-averaged exit total pressure and air-angle~a! profiles at the
TE 1 3 percent location in Figs. 13~a!,~b!. The hub-to-shroud
total pressure profiles for both the conventional impeller and the
in-line tandem-impeller cases indicated similarly shaped profiles,
both having a strong shroud total pressure deficit from approxi-
mately 65 to 100 percent span. The 5 and 50-percent tandem-
impeller cases were observed to have more pronounced ‘‘dips’’ in
the total pressure profiles at approximately 35–40 percent span,
but also showed significantly improved tip total pressure profiles.
The observed locations for the onset of the tip total pressure defi-
cits were at approximately 77 and 85 percent span for the 5 and
50-percent clocked cases, respectively. The profiles reflect signifi-
cantly stronger shroud boundary layer profiles as the inducer/
exducer clocking fraction is increased.

The effects of tandem-impeller clocking upon the exit swirl~a!
distributions are illustrated in Fig. 13~b!. A curve showing the
downstream diffuser reference angle distribution is also shown in
order to compare the effects upon incidence in the vaneless space
region, most importantly near the shroud. Near the shroud region,
incidence was found to be more positive for the in-line tandem-
impeller case than for the conventional case, which would tend
the design more toward stalling. For the 5-percent case, however,
incidence in the shroud region was significantly reduced. In the
case of the 50-percent clocked design, tip swirl was reduced to the
point that the shroud region incidence was negative. Overall, the
5-percent clocked case was thought to have the most preferable
impeller exit total pressure and swirl distributions of those shown
in Fig. 13. Both the improved shroud boundary layer profile and
the reduced diffuser shroud incidence are very likely beneficial to
reducing diffuser throat blockage, delaying the onset of separation
in the diffuser, and hence, providing both additional diffuser re-
covery and surge margin.

Conclusion
A computational study of a retrofittable rear-stage, medium

pressure ratio tandem-bladed impeller was performed for various
inducer/exducer clocking configurations. The various tandem-
impeller configurations were also compared against a conven-
tional impeller design for the same intended application. The key
conclusions of this investigation are summarized as follows:

Fig. 13 Hub-to-shroud profiles of pitch-averaged „a… total
pressure, and „b… swirl „a… at trailing edge ¿ 3 percent
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• Results of the study showed that inducer/exducer relative cir-
cumferential position, or, clocking, had a significant impact on
tandem-impeller performance.

• Values of impeller pressure ratio, temperature ratio, and isen-
tropic efficiency were found to be greatest for the in-line tandem-
impeller case and lowest for a clocking fraction of 50 percent of
airfoil pitch.

• The maximum variation in predicted running-line impeller
efficiency for various tandem-impeller configurations was ap-
proximately 3.8 points.

• When compared to the conventional impeller design, the
tandem-impeller was found to be less efficient for all clocking
configurations.

• A significant degree of variation in impeller trailing edge slip
factor was also observed as a function of clocking; this was likely
the result of variation in both exducer blockage and loading.

• Observation of the impeller trailing edge relative velocity
fields showed a shroud/suction surface wake zone which increased
in size with increased clocking fraction. In spite of the growing
trailing edge wake, radial velocity contours downstream of the
impeller showed a reduced shroud velocity deficit as clocking
increased.

• A statistical expression for the nonuniformity of the down-
stream radial velocity profiles quantitatively showed that distor-
tions in the impeller exit absolute velocity field could be signifi-
cantly reduced by an appropriately clocked tandem-impeller
arrangement versus a conventional design.

• Hub-to-shroud profiles of impeller downstream total pressure
and swirl indicated that a tandem-impeller configuration could
significantly energize the shroud boundary layer and, in addition,
improve the diffuser vaneless space incidence matching.

Recommendations
Although improvements to the impeller exit flow profiles as a

result of the tandem arrangement are speculated to improve the
diffuser recovery and stall margin, these benefits are presently
unsubstantiated. In addition, there is a likely tradeoff between the
benefits of improved impeller exit flow quality with increased
clocking and the predicted drop-off in impeller efficiency. It is
recommended that future work be performed that explores the
effects of the tandem-impeller clocking arrangement on the over-
all centrifugal stage performance. One recommendation is to per-
form an unsteady CFD analysis of the entire centrifugal stage. The
second recommendation is to test various tandem configurations
in an experimental facility. Such tests should provide validation
for the work presented in this paper.

Nomenclature

C 5 velocity, absolute frame of reference
i,j,k 5 topological grid dimensions,i 5 streamwise,

j 5 circumferential,k 5 spanwise
k 5 turbulent kinetic energy

M 5 Mach number
P 5 pressure

PR 5 total pressure ratio
TR 5 total temperature ratio

V 5 velocity, relative frame of reference
r 5 velocity nonuniformity parameter

r 5
A*(Cr2C̄r)

2dA

*CrdA
W 5 absolute mass flow

Wcor 5 corrected flowWcor5
WATt

Pt

Dxs 5 tandem blade axial split gap
a 5 absolute swirl angle relative to meridional plane
« 5 turbulent dissipation
f 5 radial flow angle on meridional plane
r 5 density

s 5 impeller slip factors5
Cu,actual

Cu, ideal
us 5 tandem blade relative ‘‘clocking’’ angle
ls 5 tandem blade inducer/exducer relative clocking angle

as fraction of blade pitch~positive quantities below 50
percent refer to orientation in which exducer suction
surface is closest to inducer pressure-surface!

h 5 isentropic efficiency
v 5 turbulent dissipation normalized by turbulent kinetic

energy

Subscripts

1 5 impeller inlet quantity
actual 5 actual velocity component
ideal 5 ideal velocity component~assuming no trailing edge

deviation!
m 5 meridional velocity component
r 5 radial velocity component

ref 5 reference quantity from design targets
rel 5 relative quantity~rotating frame of reference!

s 5 tandem-impeller split-gap quantity
t 5 total quantity

t-t 5 total-to-total ratio
u 5 tangential velocity component
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The Application of Ultra High Lift
Blading in the BR715 LP Turbine
The original LP turbine of the BR715 engine featured ‘‘High Lift’’ blading, which
achieved a 20-percent reduction in aerofoil numbers compared to blading with conven-
tional levels of lift, reported in Cobley et al. (1997). This paper describes the design and
test of a re-bladed LP turbine with new ‘‘Ultra High Lift’’ aerofoils, achieving a further
reduction of approximately 11 percent in aerofoil count and significant reductions in
turbine weight. The design is based on the successful cascade experiments of Howell
et al. (2000) and Brunner et al. (2000). Unsteady wake-boundary layer interaction on
these low-Reynolds-number aerofoils is of particular importance in their successful ap-
plication. Test results show the LP turbine performance to be in line with expectation.
Measured aerofoil pressure distributions are presented and compared with the design
intent. Changes in the turbine characteristics relative to the original design are inter-
preted by making reference to the detailed differences in the two aerofoil design styles.
@DOI: 10.1115/1.1415737#

Introduction
The BR715 21 klb. thrust engine powers the new B717-200

regional aircraft and is the latest in the BR700 engine series for
Gulfstream and Canadair executive jets. As part of achieving the
BR715 program, an advanced technology LP turbine~Fig. 1! was
designed by RR based on technology derived from the BR700 and
RR Trent engine programs and research work of Universities in
Germany and the UK. This design and its successful test, which
achieved a turbine efficiency more than 1 percent above bid
and a blade count reduction, are reported in Cobley et al.@1# and
Harvey et al.@2#.

In modern high-bypass-ratio engines, the weight of the LP tur-
bine can be one third of total engine weight. Maintaining the same
levels of stage work in small engines as in larger ones results in
excessively heavy LP turbines with too many stages. Thus stage
pressure ratios and Mach number~M! levels are higher for the
BR700 series of engines compared to the Trent. Given the impor-
tance of weight in such machines, work has continued on reducing
aerofoil count even further while trying to mitigate any loss of
performance. The latter arises because there is a strong trade-off
between LP turbine efficiency and engine fuel burn.

Since the aspect ratios of the LP Turbine blading for the BR715
are between 4 and 5, the losses are largely two-dimensional in
origin. Thus successfully achieving reduced aerofoil count is
largely an exercise of optimizing the two-dimensional aerodynam-
ics. A considerable amount of research work has been carried out
in the past, to support this optimization process~described in the
next section!. This research effort finally resulted in a new ‘‘ultra
high lift’’ aerofoil design with lift coefficients being approxi-
mately 11 percent higher than those of the original BR715; see
Fig. 2.

Cascade Research
The first comprehensive statement on high lift, low-Reynolds-

number blading was made by Hourmouziadis@3#. Extensive re-
search undertaken subsequently such as that by Hodson et al.
@4,5#, Banieghbal et al.@6#, and Curtis et al.@7# showed that for
such blading consideration of the unsteady effects in the engine
~in particular wake interaction with downstream blade rows! is
indispensable. Further fundamental investigations into the effects

of moving bars and their wakes on the performance of LP turbine
blades was performed by Schulte and Hodson@8–10#. They ar-
gued that the becalmed regions behind~wake-generated! turbulent
spots, which propagate downstream on the aerofoil suction sur-
face, are capable of withstanding strong adverse pressure gradi-
ents without separation. Their conclusion was that this effect is
responsible for the loss reduction seen on such blades in unsteady
inflow conditions. Halstead et al.@11# also investigated wake/
blade interference and concluded that the location of spots coin-
cided with regions of raised free-stream turbulence due to the
wakes from the upstream blade rows. A complete overview on the
topic of wake-blade interaction is given by Hodson@12,13#. The
overall conclusion from all this research is that the key to achiev-
ing good aerodynamic performance is the control of boundary
layer separation and transition on these aerofoil surfaces in the
unsteady environment.

To support the work described in this paper, complementary
research in high-speed and low-speed cascades~both with simu-
lated wakes! was conducted by Rolls-Royce Deutschland in Ger-
many and Rolls-Royce plc in the UK. The experiments focused on
the optimization of the two-dimensional aerodynamics of aero-
foils that had lift coefficients that were approximately 15 percent
higher than those of high lift blading.

Contributed by the International Gas Turbine Institute and presented at the 46th
International Gas Turbine and Aeroengine Congress and Exhibition, New Orleans,
Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
Institute February 2001. Paper No. 2001-GT-436. Review Chair: R. Natole. Fig. 1 BR715 GA
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High-Speed Cascade. High-speed cascade tests have been
carried out at the University of German Armed Forces Munich
~Brunner et al.@14#!. Figure 3 shows this facility, which enables
aerofoils to be tested at engine representative Mach numbers as
well as Reynolds numbers and at nondimensional wake passing
frequencies slightly below engine values.

In the following, the results from the Munich Test facility will
be discussed. The results of the wake-traverses of turbine cascade
A ~high lift! and B ~ultra high lift! at steady and unsteady inlet
flow conditions are shown in Fig. 4 at an exit Mach number of
0.7. Profile B~UHL! had a 15-percent higher lift coefficient than
Profile A ~HL!. The figure draws out discrepancies between cas-
cade A and B concerning total pressure losses at various outlet
Reynolds numbers (Re2th570,000 to 300,000! at steady and un-
steady~Sr50.79! inlet flow conditions.

To start with, the steady inlet flow conditions will be consid-
ered, where a strong Reynolds dependency is visible. With de-
creasing outlet Reynolds number the total pressure losses of both
cascades are increased. Turbine cascade B~UHL! showing
smaller total pressure losses at outlet Reynolds-numbers higher
than Re2th5105,000, exhibits a very sharp loss increase at an out-
let Reynolds number of Re2th570,000. The latter is because a
strong separation in the trailing edge region of the suction side
occurs, whereas cascade A~high lift design! still shows a re-
attaching laminar separation bubble. From a design point of view
it is important to notice that the total pressure losses of both de-
sign styles, high lift and ultra high lift, are almost equal at design
point conditions of both cascades (Re2th5100,000).

For unsteady inflow, i.e., with presence of wakes, a loss reduc-
tion over the entire Reynolds number range of both cascades is
obvious. The Reynolds dependency of the loss is mitigated but
still visible in the results. Furthermore, it can be seen that the
intersection point of the total pressure loss distributions of both
cascades moves to a higher outlet Reynolds number of about
Re2th5120,000 for unsteady flow. Despite the sharp loss increase
of the cascade B~UHL!, which is still visible for unsteady inflow,
the total pressure loss for both cascades are clearly below the
appropriate steady flow losses over the entire outlet Reynolds
number range.

Low-Speed Cascade. In the low-speed cascade test facility at
the Whittle Laboratory, engine representative Reynolds numbers
and wake passing frequencies are achieved, but not of course
Mach numbers. Despite this latter limitation, this style of testing
has allowed a novel set of parametric investigations to be under-
taken ~Howell @15#, Howell et al. @16#, and Hodson @13#!.
The moving bar linear cascade facility of Cambridge is shown in
Fig. 5.

The basic trends of the low-speed test results obtained at the
University of Cambridge are similar to the ones discovered in the
previously mentioned cascade experiments. Figure 6 shows the
results of the Cambridge work where two UHL profiles U1 and
U2 were investigated, providing 15 percent higher lift with respect
to a high lift profileH. The profiles were designed based on simi-
lar design goals as the high-speed ones, although not directly
scaled from the latter. Again, significant Re-dependency even with
bar passing is to be seen from the variation of the total pressure
loss for both profiles investigated. The relative total pressure

Fig. 2 Lift coefficients versus Mach number of several LP
Turbines

Fig. 3 Munich bar passing cascade †14‡

Fig. 4 Nondimensional total pressure losses †14‡

Fig. 5 Cambridge bar passing cascade †16‡
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losses are given for a number of reduced frequencies. All total
pressure loss values are made nondimensional by the loss of the
datum profile~H!, which was measured at a Reynolds number of
130,000 and a reduced frequency of 0.78. The losses generated by
profile U2 are considerably higher than those of the other profiles,
even when wakes are present. To illustrate this, the losses pro-
duced for steady-state inflow conditions were seven times higher
than the losses of the datum profile for unsteady inflow condi-
tions. This is due to the elevated level of deceleration caused by
the suppressed trailing edge velocity of profile U2. Profile U1
produces losses that are also very high for steady inflow condi-
tions. However, when wakes are present, the losses achieve a level
that is more comparable to that of the datum profile. It has to be
pointed out that both profiles U1 and U2 have 15 percent more lift
than profile H. With increasing Reynolds numbers, the perfor-
mance of the ultra high lift profiles improves significantly, be-
cause the separation bubble losses are being reduced. At Re
5170,000, the losses are roughly the same as for the datum
profile. Generally speaking, the results of this low-speed test are
less promising results than the Munich high-speed tests. The loss
increase because of change from HL to UHL in high speed is
roughly 11 percent~Re5100,000!, while the loss increase in the
low-speed test at design conditions is about 20 percent for the U2
profile and almost 75 percent for the U2 profile. Here, it is indi-
cated that some loss of performance occurs even with best of the
UHL profiles ~the U1 profile!.

Aerodynamic Redesign
Before the results of this cascade research could be applied to

an engine design with confidence, further validation, in the form
of a high-speed cold flow turbine rig test, was required. The
BR715 LP turbine was chosen for this task, since a rig test of its
engine parts had previously been used to validate the original high
lift concept. The first stage of the LP turbine had been optimized
mechanically for the engine, and this meant that for practical pur-
poses the validation of the UHL technology could be demon-
strated only in a redesign of the blading of stages 2 and 3.

The two-dimensional aerodynamic design was based on the
previous cascade research. The evolution of blade surface pressure
distribution, going from conventional via high lift to the ultra high
lift loading style, is depicted in Fig. 7. It can be seen that a con-
siderable amount of load was put to the front part of the aerofoil
suction side and rear part of the pressure side, while maintaining
the amount of aft loading known to be favorable for the high lift
profiles.

The new design style resulted in a reduction in the aerofoil
count of approximately 11 percent in stages 2 and 3, because not
all of the UHL benefits~i.e., the 15 percent increase! could be
transferred to the engine application because of multistage consid-

erations. In addition the aerofoils were made thinner to enable
even greater weight reductions. The net volumetric reduction of
the blading was 20 percent on average. Thinner blading, of course,
gives rise to the concern that this might incur increased secondary
flows; see Brear@17#. To mitigate this risk, some of the blading
was thickened on the pressure surface near the end walls, see
Duden et al.@18#.

Generally the vortex design was similar to that of the original
BR715, with some local adjustments to incorporate the UHL pro-
files into the existing annulus. The three-dimensional design, tan-
gential lean, and axial sweep is very similar to the BR715, fol-
lowing the design criteria and philosophy described in Scrivener
et al. @19#. Figure 8 depicts some of the three-dimensional fea-
tures incorporated into the design, such as orthogonal design, tan-
gential leans, and axial sweeps.

Cold Flow Rig Test Validation
For this validation of the UHL blading, the turbine rig test

incorporated extensive instrumentation; see Fig. 9. Beside static
pressure tappings at outer and inner annulus, and vane platforms,
the instrumentation included L/E pressure and temperature mea-
suring devices on all nozzle guide vane blade rows and the outlet

Fig. 6 Nondimensional total pressure loss versus Reynolds
number for datum and UHL profiles „U1, U2… †16‡

Fig. 7 Comparison of conventional, high lift, and UHL Mach
number distributions „normalized …

Fig. 8 Photograph of a segment of NGV2
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guide vanes~OGV! and pressure and temperature rakes at the
intake section of the LPT Rig and behind the OGV. Yaw probes
were installed in the parallel duct~Intake!, behind NGV 1, OGV
and exit duct to allow for radial and area traverses~pressure, flow
angle!. A telemetry system allowed the measurement of the static
pressure distribution on the Rotor 1 aerofoil. Two vanes of stage 2
and one vane of stage 3 were equipped with surface hot-film ar-
rays, the results of which are reported in Howell et al.@20#. The
turbine torque was measured with a torquemeter placed between
the drive shaft and water bake.

The test was carried out at the Institut fu¨r Luftfahrtantriebe of
the University of Stuttgart. The test program included Reynolds
number variation for hot-film measurements and the measurement
of an altitude characteristic line. Performance working lines were
measured for 140, 120, 100, 90, 80, and 60 percentN/Nd. De-
tailed area flow-field measurements were carried out at design
speed with nominal and615 deg pre-swirl vane~PSV! setting.
The test setup and the facility enabled a high measurement accu-
racy, capable of resolving small changes in overall turbine effi-
ciency to a very high degree~better than 0.4 percent!.

Results

Overall Performance. The overall performance of the LP
Turbine was measured to a very high degree of accuracy. Even
more important, a true back-to-back comparison is provided be-
cause exactly the same test setup was used as for the high lift
investigations reported by Harvey@2#. This enabled a straightfor-
ward comparison of the high lift and the UHL LP Turbine with
regard to turbine performance.

Figure 10 shows the variation of measured LPT efficiency at
engine design work and design speed against average blade row
Reynolds number~i.e., with altitude!. At design point~35,000 ft!
this discrepancy is approximately20.5 percent in turbine effi-
ciency between the original High Lift design and the new UHL
design. From the figure, it can be seen that at sea level condition,
the UHL efficiency is within the efficiency level of the high lift
LPT currently in the production engines. However, for decreasing
Reynolds numbers, the drop of efficiency is worse for UHL com-
pared to the original design.

This is in line with the findings of the cascade research work
mentioned in the previous section, where a stronger Reynolds
number dependency was discovered for the UHL profiles com-
pared to the high lift profiles. Nonetheless, the net drop in effi-
ciency from take-off to 35,000 ft cruise is about21.5 percent.
This is still favorable when compared to values of22 percent
quoted by Ashpis@21# for other, large aero gas turbines. The origi-
nal target efficiency of the BR715 high lift LPT is included for
comparison and shows that the UHL has achieved an aerodynamic
efficiency which is still about10.5 percent above this target
value.

Two-Dimensional Aerodynamics. Considerable data have
been taken from the aerofoil pressure tappings at a number of
conditions. Only some of the data, taken at the design condition,
are presented here. This has been compared with CFD calcula-
tions; see Figs. 11 and 12. The CFD code utilized for this inves-
tigation is a full Navier-Stokes code~steady, three-dimensional!,
using structured grids and an explicit time marching technique
with second-order accuracy. From the comparison of CFD results
and experimental data, the following can be noted:

1 The basic two-dimensional aerodynamics is well captured by
the CFD prediction~used in design process and re-run for exact
rig conditions tested!.

2 The pressure distributions of the aerofoil sections appear
slightly more front loaded than originally intended.

3 Apart from this, the measured midheight pressure distribu-
tions are largely as designed. The effects of pressure side separa-
tion bubbles are visible in Figs. 11~b! and 12, but their blockage is
small and so they do not alter the pressure distribution on the
suction side.

4 On the suction surface, there is no visible evidence in the
time-averaged pressure distributions of the presence of the back
surface separation bubble. It seems to have been completely sup-
pressed by wake passing. This is in line with the findings of Har-
vey et al.@2#.

5 The CFD prediction seems to under estimate the off-loading
at hub section of NGV2 caused by the secondary flows~compare
Fig. 11~a!!.

Fig. 9 Schematic sketch of the rig test setup

Fig. 10 Turbine efficiency versus normalized Reynolds num-
ber for HL and UHL blading

48 Õ Vol. 124, JANUARY 2002 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Off-Design Behavior. Figure 13 compares the characteristics
of the BR715 HL and UHL LP turbines at 100 and 120-percent
design speeds. It shows the variation of the measured LPT effi-
ciency against specific work for each of these ‘‘speed lines,’’ at the
sea level condition. Significant performance improvement at over-
speed for both designs is visible from Fig. 13. This is in fact not
surprising as higher speed~for given work! reduces stage loading.
@Eventually the speed is high enough to give negative incidence
onto the blading sufficient to causes large pressure side separation
which cause the performance to deteriorate again.# The surprising
result is that the UHL overspeed seems to gain even more effi-
ciency than HL. There are two possible explanations:

1 The UHL Turbine has achieved a significant change in the
balance of losses between two-dimensional and three-

dimensional, at the design point. The two-dimensional behavior
may be more like Brunner’s cascade result, i.e., not largely in-
creased, but the three-dimensional loss has been, not surprisingly,
given the higher lift coefficients. Thus, as the blading goes to
negative incidence and the stage loading decreases, the three-
dimensional loss is reduced more in the UHL design than in the
HL one.

2 The UHL blading runs with lower wake passing frequencies
~11 percent down simply because the blade count is reduced by
that amount!. The cascade tests at Munich~Brunner @14#!, indi-
cated a significant effect of the wake passing frequency on loss. It

Fig. 12 Static pressure readings from surface tapping versus
3D-CFD results: NGV3 50 percent height

Fig. 13 Off-design performance of high lift versus ultra high
lift LPT „100 and 120 percent NÕNd …

Fig. 14 Midheight sections of HL and UHL designs

Fig. 11 Static pressure readings from surface tapping versus
3D-CFD results: „a… NGV2 10 percent height, „b… 50 percent
height, and „c… 90 percent height
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may be that the UHL blading is below the optimum passing fre-
quencies~for minimum loss! and that at 120 percent speed it is
closer to optimum. Thus, it improves more than the HL design.

Performance: Three-Dimensional Behavior. As stated pre-
viously, the UHL blading has achieved significant weight savings
beyond those simply from reduced blade count, by thinning the
aerofoils. Figure 14 compares the NGV2 mid height sections of
the datum~high lift! and UHL designs illustrating this. Recent
research~Brear @17,22,23#! has shown that pressure side separa-
tion bubbles contribute to additional losses, both two-dimensional
and three-dimensional. These thin UHL profiles are more prone to
such pressure side separations, and this will have contributed to
the loss of performance of the UHL turbine relative to the high lift
datum.

More work is needed to quantify these effects, but the qualita-

tive ones are shown in Fig. 15~a,b!. This shows a visualization of
the pressure side flow of the NGV2 and NGV3, respectively, as
calculated by CFD obtained by tracking particle paths initiated on
the early pressure side. As can be seen, the flow in the separation
bubble experiences significant radial migration which is indicative
of increased loss.

Conclusions
A new UHL LP Turbine blading design philosophy has been

developed from an extensive research program and applied to a
redesign of the BR715 LPT.

Low and high-speed cascade tests showed that a UHL design
with minimum loss increase is possible. However, some of the
designs tested showed very poor performance, which implies that
the risk of getting it wrong is there.

With the full-scale LP Turbine rig test comparable LPT effi-
ciencies were found for the sea level condition. However, lower
LPT efficiencies were discovered at the design point of the turbine
~0.5 percent at cruise! than for the datum, high lift design.

This performance is still better than the original target of the
BR715. In addition the performance fall-off with altitude is still
good by industry standards.

Important data have been obtained giving the LP turbine better
informed cost/weight/performance trade-offs.

Further work is needed to identify the sources of the increased
loss in the UHL design at low Reynolds number. In particular the
loss split between two-dimensional and three-dimensional ele-
ments needs to be quantified. However, analysis so far indicates
that in the future more emphasis should be placed on reducing
secondary losses in LP turbines~even with their high aspect ratio
blading! and on some means of substituting for the ‘‘lost’’ wake
interaction~due to the lower wake passing frequencies of the UHL
blading!.
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Nomenclature

Cax 5 axial velocity, m/s
f 5 frequency, Hz
h 5 aerofoil height, m
l 5 chord length, m

N 5 shaft speed, 1/min
p, pt 5 static pressure, total~stagnation! pressure, psi

t 5 pitch, time, m, s
Tt 5 total ~stagnation! temperature, K
Tu 5 turbulence intensity, percent
w 5 velocity, m/s
x 5 coordinate along axial chord length, m
y 5 coordinate normal to blade surface, m
b 5 circumferential~pitchwise! flow angle, deg
d 5 boundary layer thickness, m
r 5 density, kg/m3

v 5 loss coefficient5(pt12pt2)/(pt12p2)

Subscripts and Superscripts

1,2 5 inlet and outlet flow conditions
2th 5 downstream conditions for isentropic flow
ax 5 axial
b 5 bar
c 5 cascade
d 5 design

Fig. 15 Visualization of the pressure side flow of: „a… NGV2
and „b… NGV3 of the BR715 UHL Rig based on 3D-CFD
solutions
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is 5 isentropic
t 5 total

Abbreviations

BL 5 boundary layer
HL 5 high lift
M 5 Mach number
Re 5 Reynolds number
Sr 5 Strouhal number5f * l /Cax

UHL 5 ultra high lift
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Clocking Effects in a 1.5 Stage
Axial Turbine—Steady and
Unsteady Experimental
Investigations Supported by
Numerical Simulations
The interaction between rotor and stator airfoils in a multistage turbomachine causes an
inherently unsteady flow field. In addition, different relative circumferential positions of
several stator rows and rotor rows, respectively, have an influence on the flow behavior in
terms of loss generation, energy transport and secondary flow. The objective of the pre-
sented study is to investigate the effects of stator airfoil clocking on the performance of a
1-1/2 stage axial cold air turbine. The investigated axial turbine consists of two identical
stators. The low aspect ratio of the blades and their prismatic design leads to a three-
dimensional outlet flow with a high degree of secondary flow phenomena. Nevertheless,
the small axial gaps between the blade rows are responsible for strong potential flow
interaction with the radial wake regions in the measurement planes. Consequently, parts
of the wakes of the first stator are clearly detected in the rotor outlet flow. To give an
overview of the time-averaged flow field, measurements with pneumatic probes are con-
ducted behind each blade row at ten different clocking-positions of the second stator.
Further, an optimized clocking position was found due to a minimum in pressure loss
behind the second stator. The unsteady measurements are carried out with hot-wire probes
for three selected stator-stator positions. Animations of selected flow properties show the
influence of different circumferential positions of the second stator on the unsteady flow
behavior and secondary flow field. In addition and compared with experimental results
three-dimensional unsteady viscous flow computations are performed.
@DOI: 10.1115/1.1425811#

Introduction
Rotor-stator interaction in turbomachines causes inherently un-

steady effects based on the interaction of adjacent blade rows. The
potential flow and wake interaction are the main responsible time-
dependent phenomena with a three-dimensional-character. In ad-
dition, vortex shedding, shock/boundary layer interaction, and
flutter have to be considered. Many researchers investigated in
these different kinds of flow behavior by measurements and nu-
merical simulations in axial compressor and turbine stages to de-
termine and to understand the loss mechanisms~e.g., Sharma@1#,
Hodson@2#, Halstead@3#!.

The most complex step of flow simulation in turbomachines is
the prediction of the real flow in stages and multistage machines.
To improve the flow prediction in multistage turbomachines, the
influence of unsteady effects on loss production due to rotor-stator
interaction, blade flutter, and turbulence level have to be consid-
ered. During the last years several methods were proposed for the
calculation of the unsteady three-dimensional viscous flow in mul-
tistage turbomachines. One approach is to use a ratio of small
integers as an approximation to the pitch ratio and perform simu-
lations with multiple blade passages~e.g., Rai and Madavan@4#,
Dawes@5#, Arnone and Pacciani@6#!. Another approach was de-
veloped by Giles@7# who handles the problem of periodic bound-
ary treatment for any pitch ratio by performing time transforma-
tions and using different time steps for the stator and rotor
domains~see also Jung@8#!. The method, which is used for the

numerical simulations presented in this paper, is based on the idea
of Erdos @9#, who proposed to store the solution at the periodic
boundaries at every time step during a blade passage period and to
use them as boundary conditions for the succeeding period.

In terms of turbomachinery, clocking or indexing describes dif-
ferent circumferential positions of consecutive stator/rotor blade
rows. In the last years, numerous experimental and numerical
studies have shown that airfoil-clocking is another tool to increase
the efficiency of compressor and turbine stages in a moderate way.
It is well known that in all these research activities the maximum
in efficiency occurs when the wake of the first stator vanes im-
pinges on the leading edge of the downstream stator. In contrast to
that, the lowest efficiency could be found when the first stator
wake segments reaches the mid-region of the second stator blade
passage.

Huber @10# measured an increase in efficiency of about 0.8
percent in a two-stage turbine for an optimized circumferential
position of the second stator blade row. The numerical simulation
by Griffin @11# predicted at mid-span for the same turbine the
measured maximum efficiency clocking positions correctly. Eulitz
@12# made numerical clocking investigations in a 1 1/2-stage low
pressure turbine which lead to the same results. Time accurate
numerical studies by Dorney@13# in a 1 1/2-stage high pressure
turbine observe the maximum efficiency when the first stage stator
wake is aligned with the leading edge of the second stator. In this
case, the maximum in unsteady surface pressure fluctuations ap-
pear on the second stator. Cizmas@14,15# show in a numerical
study of a three-stage turbine that not only stator clocking but, in
addition with rotor clocking, a twice increase in efficiency is pre-

Contributed by the International Gas Turbine Institute and presented at the 46th
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Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
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52 Õ Vol. 124, JANUARY 2002 Copyright © 2002 by ASME Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



dicted. Another time-accurate numerical study for this turbine
shows an increase in the amplitude of unsteady pressure when the
efficiency increases by second stator clocking.

In contrast to the experimental work of Walraevens@16,17# and
computational work of Volmar@18#, the presented work focuses
on the flow in a 1 1/2-stage axial turbine in which the second
stator was clocked over several circumferential positions. Exten-
sive measurements are performed using steady and unsteady mea-
surement techniques behind the rotor and second stator. In addi-
tion with experimental investigations, three-dimensional unsteady
viscous flow computations are performed which confirm the major
effects of clocking.

Experimental Setup and Instrumentation
Experimental data behind the first stator, the rotor, and the sec-

ond stator were acquired in a 1 1/2-stage axial turbine shown in
Fig. 1. A ‘‘Traupel profile’’ is used for both stators~Utz @19#!.
Profile geometry, number of blades, and stagger angle are identi-
cal for the first and second stator. For the rotor blades a modified
VKI-profile is used. An outlet guide vane takes out the swirl pro-
vided by the second stator. Each stator and the rotor consist of
untwisted blades. The stator vanes are stacked at the trailing edge,
the rotor blades are stacked at the center line of gravity. For tur-
bine geometry and design data see Table 1.

The results presented in this paper have been acquired at the
design point of the turbine, at a rotational speed of 3500 rpm, and
a massflow rate of 7.2 kg/s. The shaft speed variation was less
than 0.2 percent. The turbine inlet conditions were maintained at
Tt05308 K60.5 K andpt05155,000 Pa. The inlet total pressure
varies slightly due to the running in an open loop.

Steady flow field properties behind both stators and the rotor
were measured with pneumatic five-hole-probes with NTC-
temperature-sensors 8 mm behind the blade rows. Both unsteady
and steady flow properties were gained at equal positions in the
turbine. The unsteady flow measurements were conducted with
triple-hot-wire-probes. The used hot-wire data acquisition and re-
duction is briefly described in Stephan@20#.

Numerical Scheme and Computational Grids
Time-marching numerical methods for solutions of the Euler

and the Navier-Stokes equations have been highly developed and
have gained remarkable popularity in solving steady flow prob-
lems ~e.g., Denton@21#, Dawes@22#!. A basic and obvious re-
quirement for a time-marching method to be used for unsteady
flows is that the numerical scheme should be time-accurate and
should allow numerical time steps up to a physically motivated
magnitude. Due to the long physical periods of rotor-stator inter-
action phenomena and the limitations of explicit schemes con-
cerning the possible magnitude of the numerical time step, an
implicit scheme for the numerical simulation is recommended.

The presented numerical method is based on the recent work of
Brouillet @23# and uses a second order time-accurate implicit dis-
cretization scheme. It is based on the Fauvre-averaged Navier-
Stokes equations along with a Low-Reynolds-Numberk-« turbu-
lence model by Chien@24#. The procedure consists of a cell-
centered finite-volume scheme and uses a higher order upwind
biased approximation of the inviscid fluxes with an approximate
Riemann solver. The viscous fluxes are discretized according to
the scheme developed by Chakravarthy@25#. For a detailed de-
scription of the numerical algorithm see Volmar@18,26# and
Brouillet @23#.

The implicit algorithm solves for the conserved quantitiesQ
assuming the flux balance~augmented by source terms! F to be
known at the new time leveln11:

Qn112Qn

Dt
1F~Qn11!5G~Qn11!50 (1)

The corresponding non-linear system of equations with unknown
Qn11 are solved by several Newton iterationsp:

dG

dQ
~Qn11~p!

!•~Qn11~p11!
2Qn11~p!

!52G~Qn11~p!
! (2)

Each Newton iteration is solved by a block Gauss-Seidel itera-
tive algorithm involving LU inversions of the local 737 blocks.
As mentioned above, second order time accuracy is achieved by
using a three point formulation:

3

2

Qn112Qn

Dt
2

1

2

Qn2Qn21

Dt
(3)

The multistage simulations have been performed by using
phase-shifted periodic boundary conditions for the single blade
channel calculations. Therefore a flow variable at the upper and
lower periodic boundary have to satisfy the phase-shifted periodic
condition:

Q~x,w,t !5Q~x,w2Dwpitch b ,t2DT! (4)

Q~x,w,t !5Q~x,w1Dwpitch b ,t1DT2Tb! (5)

whereDT is defined by the time a blade needs to assume at time
t1DT the same state as its circumferential neighbor at timet and
Tb represents the blade passing time period of a blade row re-
ferred to its neighboring blade row.

At the sliding blade row interface between the adjacent blade
rows relative motion is taken into account by using a partial sur-
face concept. This implies that at each time step the sets of con-
tacting cells are determined and that the partial cell faces and
fluxes are computed and assembled to yield a fully conservative
flux balance for each cell located at the sliding interface.

The computational grids for the numerical simulations were
generated with an elliptic grid generator. For each blade row, an
O-type grid is used to discretize the flow field of the rotor-stator
configuration. Inside the rotor tip clearance region, an embedded
O-type grid with a singular center line is placed into the primary
grid. Table 2 shows the number of grid nodes in each blade row.

Fig. 1 Turbine test facility

Table 1 Turbine geometry and design data

First and second
stator~Traupel!

Rotor
~VKI !

Tip diameter 600 mm 600 mm
Hub diameter 490 mm 490 mm
Passage height 55 mm 55 mm
Rotational speed ¯ 3500 rpm
Radial gap ¯ 0.4 mm
Aspect ratio h/s 0.887 0.917
Blade number 36 41
Pitch ~mid-span! t 47.6 mm~10 deg! 41.8 mm~8.78 deg!
Flow anglea 20 deg 90 deg
Relative flow angleb 49.3 deg 151.2 deg
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Clocking Test Series
The second stator is clocked in steps of 1 deg in a range of one

stator pitch~Fig. 2! to receive steady data for 10 different stator-
stator positions. Three discrete stator-stator positions~4 deg, 7 deg
and 9 deg! were selected to carry out measurements of the un-
steady flow field whereas five clocking positions~0 deg, 1 deg, 3
deg, 5 deg and 7 deg! are computed in unsteady stage simulations.

In the following text, the circumferential shift of the two stators
is denoted as ‘‘clocking angle’’. With the expression a ‘‘clocking
angle of 3 deg’’ the stator-stator position as shown in Fig. 2 can be
determined. Relative to the trailing edge of a stator blade the
probes were positioned at 25 different circumferential positions
and 25 radial positions~between 0.07 and 0.93 relative span!. The
measurement planes covered the whole passage between adjacent
blades.

As it was described above, all flow field measurements were
carried out at fixed places relative to the first stator, while the
second stator was clocked. Behind the rotor, the strong upstream
potential disturbances from the downstream second stator are
shifted in circumferential direction relative to the measurement
plane. In consequence, the assumed weak influence of the up-
stream first stator is very difficult to observe.

In order to analyze the results received from different stator-
stator positions, a kind of a filter post-processing has to be con-
ducted for the pneumatic and time-averaged data: The measured
data were shifted according to the clocked second stator in the
sense that the position of the second stator trailing edge is identi-
cal for all second stator positions. For this algorithm the reference
clocking position is 9 deg. Applying this filter, the effects gener-
ated in the second stator appear at the same position, but flow
phenomena which have their origin in the first stator change their
circumferential position in the contour plots and radial averaged
plots. Figure 3 demonstrates this behavior clearly. The dimension-
less static pressure is shown behind the rotor as radial averaged
values for five selected clocking positions. The circumferential
averaged data are not affected from this shifting routine. The right
plot shows the unshifted values, the left plot the shifted ones. The
number symbols refer to the adjusted clocking angle.

The formation of the pressure field in front of the second stator

can be clearly observed in the shifted radially averaged values. An
obvious ‘‘moving’’ influence of the first stator cannot be detected
in the presentation of this parameter.

In contrast to Fig. 3 the graphs of Mach-number~Fig. 4! show
a common minimum in the unshifted radially averaged distribu-
tion for all investigated clocking angles in the range between 0
deg,w,3 deg. This minimum moves with different extent in the
shifted values from right to left and corresponds to the first stator
wake.

Total pressure loss is defined as:

z i~r ,w!5
p% t i 21~r !2pti~r ,w!

p% t i2p% i
(6)

wherepti 21 marks the averaged value of the three highest values
of the i-plane at each radius~Hi3-method, Roberts@27#, 1988!.
The thermodynamic efficiency and entropy production are calcu-
lated from the circumferentially averaged pressure and tempera-
ture measurements as follows:

h̄ i~r !5

1.02
T̄t3~r !

T% t0

1.02S p̄t3~r !

p% t0
D g21/g (7)

All graphs presented in this paper are views in the upstream
direction. The definition used for the measured secondary flow
vector is given by Stephan@20#. Unsteady results are presented by
showing secondary flow fields and selected flow quantities at dif-
ferent rotor positions relative to the first stator. Vector plots of the
rotor exit flow and the second stator exit flow are shown at four
different stator-rotor positions. Each data set is numbered with an
index which can be seen in the figures as ‘‘TimeIndex’’~TI!. Table
3 shows the reference between ‘‘TimeIndex’’ and rotor position.

Fig. 2 Investigated clocking positions

Fig. 3 Measured radially averaged dimensionless static pres-
sure behind the rotor for five stator-stator positions

Fig. 4 Measured radially averaged Mach-number behind the
rotor for five stator-stator positions

Table 2 Grid characteristics

Row Grid i 3 j 3k Number of nodes

1 First stator 145337340 214,600
2 Rotor 165337340 244,200
2 Clearance 165319310 31,350
3 Second stator 155337340 229,400
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Animations were made additionally to the graphs from the sca-
lar and vector flow properties due to a better analysis of the time-
dependent flow behavior and transportation processes.

Experimental and Numerical Results
Turbine inlet flow, rotor inlet flow, and first stator outlet flow

are not discussed in this publication. This information can be
found at Walraevens@28#, Reinmöller @29# and Stephan@20#, who
also discussed flow phenomena in relation to other topics. But the
strong upstream influence of the moving rotor, as it was calculated
by Volmar @18# and measured by Walraevens@28#, should be kept
in mind during the discussion of results gained behind the rotor
below.

Flow behind the rotor. Selected flow properties, obtained
from pneumatic measurements, are presented as circumferentially
or radially averaged values or as contour-plots.

In Fig. 5, shifted distributions of the local Mach-number are
presented in contour-plots for all ten investigated stator clocking
positions. The flow field exhibits remarkable differences in the
level of Mach-number. The wake of the first stator can be detected
as a bowed ribbon of low values~dotted lines! from hub to casing
~Ma,0.15!, except for the region at 80 percent h/H. It moves
from right to left with increasing clocking angle. As it was shown
in Fig. 3, for shifted values behind the rotor, the upstream pressure
influence of the downstream second stator appears at a constant
circumferential position between 2 deg and 0 deg.

Consequently, the cutted wake of the first stator interacts
mainly with this pressure field for clocking angles 0 deg, 1 deg,
and 2 deg, where higher circumferential gradients of Mach-
number can be detected. At clocking angles of 5 deg and 6 deg,
the plots show a more homogeneous Mach-number distribution,
where the first stator wake segments reach the mid-region of the
second stator blade passage. The printed vectors in Fig. 5 exhibit
the time averaged secondary flow field, calculated from data of
the measurements with pneumatic five hole-probes. Nevertheless,
in the lower part below mid-span, the influence of the passing
rotor passage vortex can be clearly identified in the absolute frame
of reference. In the pneumatic time-averaged data this vortex ap-
pears as a circumferentially stretched section at constant radii.

The local values of shifted total pressure behind the rotor are
plotted in Fig. 6. The appearance of the first stator wake is distin-
guishable at the pressure drop in the same marked region as in
Fig. 5. The local maximum in total pressure occurs in the middle
of the measurement plane when the wake structure of the first
stator moves out of the influence zone of the static pressure field
of the downstream stator to rotor movement. The contour-plots for
clocking angles 2 deg through 5 deg show this behavior.

Another phenomenon resulting from the first stator wake can be
seen in Figs. 5 and 6 on the left hand side of the marked region
near to the hub. The Mach-number and the dimensionless total
pressure increase and in the secondary flow field, the low rotor
passage vortex outlet zone is disturbed. An explanation for this
deviation can be given with the analysis of unsteady data in this
measurement plane.

Both experimental data and numerical simulations show that
the clear and distinct wake, detectable behind the first stator,
changes its shape during its passage through the rotor. Figure 7
gives a view on the wake transport at three different radial posi-
tions at the same time-step in entropy-distributions. The red con-

tours correspond to high entropy values, the blue contours repre-
sent low values. While the first stator wake enters the rotor
passage, it is accelerated in axial direction in the mid-pitch region
between neighboring blades. Further downstream in the first stator
wake, low energy material is transported from the pressure to the
suction side in the rotor passage, so that the highest entropy values
arise close to the suction side near the rotor blade surface. On the
pressure side of the rotor blade the wake structure decreases in
entropy intensity due to transient effects. Passing the rotor, the
wake forms a bowed contour, which adapts at the cutted ends to
the profile boundary layer and further downstream to the rotor
wake. The pressure gradient in circumferential direction and the
‘‘negative jet’’ ~Meyer @30#! mechanism are the main sources for
this behavior. A detailed view of the contours reveals that the
wake changes its structure with the radius. At the rotor inlet near
the hub and casing the wake width increases due to the endwall

Fig. 5 Mach-number-distribution behind the rotor for ten
clocking positions with secondary flow field, pneumatic mea-
surements, shifted values

Table 3 Reference of ‘‘TimeIndex’’ and rotor movement

TI Movement* TI Movement*

1 0.0% 33 50.0%

17 25.0% 49 75.0%

*Rotor movement in percent of rotor pitch starting at a point of reference
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losses of the first stator. Subsequently, at the rotor outlet the wake
structure exhibits higher entropy values. Altogether, there are
three first stator wakes inside the rotor passage.

Due to the fact that this test rig is equipped with a low aspect
ratio blading, secondary flow can be detected in a wide range from
casing and hub, respectively, near to mid-span in all measurement

planes. Near the hub and casing, the structure of the wake differs
significantly from the ‘‘pure’’ wake formation at mid-span.

The unsteady turbulence level behind the rotor is dominated by
the rotor wake, where the measured turbulence intensity is shown
at mid-span versus time in Fig. 8. The 256 time indices are rep-

Fig. 6 p t Õp t0-distribution behind the rotor for ten clocking po-
sitions, pneumatic measurements, shifted values

Fig. 7 Predicted entropy-contours, at 16 percent, 51 percent
and 82 percent h ÕH, 0 deg clocking angle

Fig. 8 Measured turbulence intensity versus time „four peri-
ods … at mid-span, clocking angle 4 deg and 9 deg, behind rotor,
unshifted values
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resenting four rotor periods measured for a clocking angle of 4
deg and 9 deg. Ribbons of high turbulence level represent the
passing rotor wake. These regions are not of uniform strength;
they change their width with dependency on the circumferential
position of the wake. In the two plots, the minimum in Mach-
number caused by the first stator wake~see Fig. 4! and the maxi-
mum in static pressure due to the leading edge of the second stator
~see Fig. 3! are marked.

Between two passing rotor wakes the cut first stator wake can
be detected as a region of higher turbulence up to 8 percent in
both contour-plots with slightly increased values for the 9 deg
clocking position. This zone is located between22 deg and 5 deg
in the circumferential direction and depends not on the clocking
angle. In addition to that, an expanded region of higher turbulence
due to the first stator wake appears on the suction side of the rotor
wake. This phenomenon corresponds to the predicted relative
maximum~green color! in the entropy distribution inside the rotor
passage in Fig. 7 near mid-span.

Figure 9 shows vector-plots of the unsteady secondary flow
field behind the rotor at four discrete stator-rotor-stator positions
for three clocking angles, combined with the parameter secondary
vorticity. The wake of the rotor is leaned in the circumferential
direction to the suction side of the rotor blade. For a better orien-
tation, the detected rotor trailing edge and the location of the
leading edge of the second stator are labeled. Furthermore, the
fixed zone is marked where the first stator wake periodic appears.

Additionally, both parameters give an impression of the inten-
sity of the vortex systems in the same manner. It can be stated that
the dominating structure is generated by the secondary flow field
of the rotor, especially the strong hub passage vortex which ap-
pears in an extent zone on the suction side of the rotor blade.
Vortex systems originating from the upstream stator are difficult to
detect. Only a detailed view from the animation* of this unsteady
data enables the passage vortex to be observed near the hub. It can
be detected on the right hand side of the first stator outlet zone at
certain rotor-stator positions~i.e. TI 33!.

This behavior can be explained with the bowed wake structure
inside the rotor passage which includes the vortical systems of the
first stator. As Walraevens@28# mentioned, these systems are at-
tached to the suction side of the first stator wake when passing the
rotor passage. They reach the measurement plane first. CFD simu-
lations confirm this behavior, e.g., see Fig. 10, where the red color
represent high entropy levels and blue color low entropy levels.
As one can see in Fig. 9, the vortices coupled with the rotor
movement are of the same shape and differ only slightly for the
varied clocking angles; i.e., it seems that the position of the sec-
ond stator leading edge does not influence the detected vortex
structures. Focusing on TI 33, a disturbance zone appears at the
same time the structure of the rotor hub passage vortex loses its
shape and intensity. The vortex is split in two in the same direc-
tion as the rotating vortices. At this rotor-stator, the wake of the
moving rotor is located near the hub in the outlet zone of the first
stator.

Flow behind the second stator. Inside the passage of the
second stator, no measured data referring to stator indexing are
available. Flow phenomena like wake transport, etc., can be de-
tected by the analysis of numerical simulations.

Behind the second stator the measured radially averaged Mach-
number~Fig. 11! shows a nearly uniform shape for all clocking
angles. The stator wake is situated at a circumferential position of
23 deg in the shifted data referring to the reference clocking
angle of 9 deg.

Only at the suction side~w522 deg! can a saddle be detected,
but differences in relation to clocking effects are not visible. In the
unshifted values, the influence of the relative movement of the
second stator at the measurement plane is obviously the main
characteristic.

The results of the radially time-averaged secondary vorticity are
shown in Fig. 12. They exhibit large differences for the data at
clocking angle of 4 deg to the others. For all clocking angles, the
vortical systems are located nearly at the same passage height and

*Remark: The authors used animations of various parameters for the unsteady
flow analysis, but it is very difficult to give an active impression of unsteady flow
phenomena with the help of print media.

Fig. 9 Secondary vorticity with secondary flow field calcu-
lated from time-accurate measurements, three clocking angles,
four rotor-stator positions, unshifted values

Fig. 10 Predicted entropy contours at hub region „16 percent
hÕH… at a discrete time step, CFD simulation, clocking angle of 0
deg
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the strongest systems appear for 4 deg clocking angle at mid-span
and below. It is believed that in this case the vortex systems of the
first stator—including its wake structure—reach the second stator
passage with a decrease in interaction with the leading edge of the
second stator or, more exactly, with its static pressure field.

CFD simulations~Fig. 13! show that this upstream influence is
detected for a clocking angle of 0 deg within the last third of the
rotor passage. The interaction ends in a cutted first stator wake
where one part is still located on the suction side of the rotor blade
while the other part is appended to the pressure side of the adja-
cent blade. Both parts are then attached to the rotor wakes.

In Fig. 14, the measured time-accurate turbulence level and
absolute velocity are presented at mid-span as contour-plots ver-
sus time. Near the suction side of the second stator trailing edge,
the turbulence level increases for both adjusted clocking angles
due to the interaction of the rotor wake with the second stator
suction side boundary layer. As stated for the time dependent
contour-plots of the secondary flow field, a higher turbulence level
from the suction side up to half pitch in the circumferential direc-
tion to the pressure side corresponds to strong vortex systems.
These regions of high turbulence are independent of the clocking
angle; only the turbulence levels of the right contour-plot~clock-

Fig. 11 Radially averaged Mach-number behind the second
stator, five clocking angles, pneumatic measurements, shifted
and unshifted values

Fig. 12 Measured radially time-averaged secondary vorticity
behind second stator, three clocking angles „4 deg, 7 deg, 9
deg …

Fig. 13 Predicted entropy contours at mid-span for a distinct
stator-rotor position, 0 deg clocking angle

Fig. 14 Turbulence intensity and abs. velocity „4 periods … ver-
sus time at clocking angles 4 deg and 9 deg behind the second
stator, unshifted values, mid-span

Fig. 15 Total pressure loss of the second stator at five clock-
ing angles, radially and circumferentially averaged, shifted
values
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ing angle of 9 deg! exhibit a slight drop. The marked minima in
the velocity contours for both cases follow the regions of high
turbulence.

Total pressure loss~Eq. 6! is an applicable parameter to de-
scribe the effects due to the stator indexing. The radially and
circumferentially mass-averaged shifted values are given in Fig.
15. Naturally, the wake is characterized by strong losses. The
radially averaged shifted values are nearly identical in the wake
region, whereas in the center of the measurement plane slight
differences can be detected. The plot with circumferentially aver-
aged values reveal three maximums in the radial distribution of
the data. At the casing, the main pressure loss occurs due to the
interaction of the rotor upper passage vortex with the upper sec-
ond stator passage vortex. At mid-span losses for the clocking
angles 9 deg to 4 deg are enlarged. Near hub~h/H520 percent!,
the clocking angles 8 deg, 9 deg, and 0 deg distinguish from the
remaining with an increase of loss. A possible interpretation is a
different interaction between effects of the first stator wake, this
includes vortical systems, and the inlet region of the second stator.

The thermodynamic total-to-total efficiency was calculated
from Eq. 7. Due to the fact that the precision of the temperature
measurements strongly influences the calculated efficiency level,
only the variations ofh rel ~Eq. 8! for all clocking angles are com-
pared at mid-span with numerical results~Fig. 16!.

h rel5
h̄ i

h̄ i*
, h̄ i* 5

1

n (
i 51

n

h̄ i (8)

The qualitative variation of the relative efficiency versus the
clocking angle is very similar to that observed in the unsteady
stage simulations. In both distributions, the maximum can be
found between clocking angle 7 deg and 0 deg and the minimum
between clocking angle 2 deg and 5 deg. The maximum variation
of efficiency can be observed for the measurements of about
Dh rel,max51.0 percent and for the numerical simulations of about
Dh rel,max50.7 percent.

Conclusions
Steady and unsteady flow field measurements are performed

behind each blade row for ten circumferential positions of the
second stator in a 1 1/2-stage axial turbine. A method is presented
to distinguish the second stator upstream influence from the flow

field in the measurement plane behind the rotor and to identify the
downstream influence of the first stator. In addition, time-accurate
numerical simulations of five selected stator-stator positions are
made, which give a closer look to the flow physics inside the rotor
and second stator passage due to stator indexing.

Behind the rotor, the influence of the first stator wake is de-
tected by the locally shifted parameters total pressure and Mach-
number. It is shown that the wake radially varies in the circum-
ferential direction. The influence of the theoretical potential
upstream effect is clearly observed in the static pressure distribu-
tions of the different clocking angles. The numerical study reveals
that this effect leads to a strong influence of the first stator wake
inside the rear end of the rotor passage in the hub region. The
impact of the first stator wake on the potential field of the second
stator is shifted due to clocking in circumferential direction. This
leads to a redistribution of turbulence intensity and absolute ve-
locity behind the second stator. Furthermore, in the outlet of the
second stator, strong changes in the secondary vorticity due to
stator clocking exist.

Measurements show an optimized clocking position at 0 deg
clocking angle due to the calculated integral total to total effi-
ciency. This corresponds to measurements behind the rotor where
the bowed first stator wake region at 0 deg clocking is nearly in
line with the influence of the leading edge of the second stator.
The comparison between the numerical and the experimental re-
sults exhibits a similar ‘‘optimized’’ second stator clocking posi-
tion. In the same way, the position of minimum efficiency is ob-
served when the bowed region is located between the neighboring
second stator blades.

Further details of numerical simulations should explain the in-
teraction mechanisms between the upstream first stator wake and
the clocked second stator.

Nomenclature

c 5 velocity in the absolute frame of reference
F 5 vector of flux balance
G 5 vector of source terms

h, H 5 span
i 5 measuring plane
k 5 turbulent kinetic energy

Ma 5 Mach-number
n 5 time index
p 5 pressure
Q 5 vector of conserved quantities
r 5 radial direction
s 5 chord length, Newton iteration
T 5 temperature, time
t 5 pitch, time
u 5 circumferential velocity
w 5 velocity in the relative frame of reference
x 5 axial direction
a 5 pitchwise flow angle~abs. frame!
b 5 pitchwise flow angle~rel. frame!
g 5 spanwise flow angle, ratio of specific heats (cp /cv)
« 5 turbulent dissipation rate
z 5 loss coefficient
h 5 efficiency
l 5 stagger angle
w 5 circumferential direction
v 5 vorticity

Subscripts

b 5 blade
i , j ,k 5 grid indices

rel 5 relative
t 5 total
0 5 first stator inlet
2 5 rotor exit, second stator inlet
3 5 second stator exit

Fig. 16 Relative efficiency versus clocking angle, comparison
with numerical results, mid-span
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Superscripts

n 5 time level
p 5 Newton iteration

2 5 radially or circumferentially averaged
5 5 integral average

Abbreviations

CFD 5 Computer Fluid Dynamics
LE 5 Leading Edge
NS 5 Navier-Stokes

NTC 5 Negative Temperature Coefficient
PS 5 Pressure Side
SS 5 Suction Side
TE 5 Trailing Edge
TI 5 TimeIndex

VKI 5 Von Karman Institute
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Numerical Investigation of Airfoil
Clocking in a Three-Stage
Low-Pressure Turbine
A quasi-three-dimensional, blade-to-blade, time-accurate, viscous solver was used for a
three-stage LP turbine study. Due to the low Reynolds number, transitional computations
were performed. Unsteady analyses were then carried out by varying the circumferential
relative position of consecutive vanes and blade rows to study the effects of clocking on
the turbine’s performance. A clocking strategy developed in order to limit the number of
configurations to be analyzed is discussed. The optimum analytically-determined clocking
position is illustrated for two different operating conditions, referred to as cruise and
takeoff. The effects of clocking on wake interaction mechanisms and unsteady blade
loadings is presented and discussed. For low Reynolds number turbine flows, the impor-
tance of taking transition into account in clocking analysis is demonstrated by a compari-
son with a fully turbulent approach.@DOI: 10.1115/1.1425810#

Introduction
The presence of unstationary flows in axial turbines is primarily

due to relative motion between stator and rotor rows. This relative
motion generates viscous and potential interactions between rows.
When considering more than one stage, the convection of wakes
for several blade chords downstream is responsible for complex
wake and blade interactions. Interactions between nonadjacent
blade rows become significant and wake interaction, in particular,
is a great contributor to unsteadiness on the blades.

Recently, great attention has been paid to airfoilindexing or
clocking in multistage turbomachinery. Such a technique operates
on the relative circumferential positions of fixed and rotating
blade rows in consecutive stages, and aims at performance im-
provement. In particular, both experimental~i.e., Sharma et al.
@1#, Huber et al.@2#! and numerical~i.e., Dorney and Sharma@3#,
Eulitz et al.@4#, Griffin et al. @5#, Cizmas and Dorney@6#, Dorney
et al. @7#! investigations have shown how the time-averaged tur-
bomachine efficiency varies periodically with stator and rotor
clocking positions.

The axial and circumferential relative position of the rows, to-
gether with the blade count ratio between consecutive fixed and
rotating rows, impact on the flow field unsteadiness induced by
the wake interactions, and consequently on the performance. The
amplitude of efficiency variation depends primarily on the blade
count ratio of consecutive stator and rotor rows. It has been dem-
onstrated that larger efficiency benefits can be achieved if this
ratio is near 1:1, while practically no effect can be detected if it is
far from unity.

For compressors, the effects of airfoil clocking have been pre-
dicted by Gundy-Burlet and Dorney@8,9#. The numerical results
for a 2.5-stage compressor showed efficiency variations between
0.5 percent and 0.8 percent as a function of stator clocking posi-
tion. Dorney et al.@7# have shown that wake effects related to
clocking contain a steady component and an unsteady one which
both impact on the losses.

The experimental results reported by Huber et al.@2# for a two-
stage HP turbine showed a 0.8-percent efficiency variation due to
clocking of the second stage stator. A two-dimensional numerical
analysis at midspan performed by Griffin et al.@5# for the same
turbine, correctly predicted the optimum clocking positions but

the estimated efficiency variation was only 0.5 percent. Cizmas
and Dorney@6# investigated the effects offull clocking ~i.e., si-
multaneously clocking stator and rotor rows! in a three-stage
steam turbine. They found that the clocking of the second stage
gives larger efficiency variations than the clocking of the third
stage and that the benefit of rotor row clocking was approxima-
tively twice that of stator clocking.

The unsteady transitional behavior of blade boundary layers is
known to have an important impact on multistage low-pressure
turbine performance. Modern trends in turbomachinery design
look at blade load increase as a promising solution for component
reduction. Several authors~cf. Curtis et al. @10#, Cobley et al.
@11#! have shown howhigh-lift airfoils can be operated with ac-
ceptable losses by taking advantage of wake-induced transition
effects in LPT low Reynolds number flows~Banieghbal et al.
@12#, Halstead et al.@13#, Schulte and Hodson@14#!. The next
generation of LP turbine stages will probably rely on such a con-
cept to reduce the number of blades. In such a scenario, the clock-
ing analysis of a multistage low pressure turbine requires transi-
tional computations. To this end a simple transition model was
included in the numerical procedure. Two different flow condi-
tions, one corresponding tocruiseand the other totakeoffopera-
tion of the turbine, were analyzed. The Reynolds number was low
for both of the two studied cases and transitional calculations were
compared to fully turbulent ones to check for the impact of tran-
sition modeling on clocking effects.

When dealing with clocking optimization analysis with more
than two stages, the first issue to address is how to limit the
number of configurations to investigate. Five different locations of
airfoils over one pitch are considered sufficiently accurate in order
to appreciate clocking effects@1,6#. With three stages, the total
number of possible configurations to be investigated is given by
253255625. In such a circumstance, design of experiment
~DOE! techniques can help to reduce the number of cases to run.
However, the periodic type with multiple peaks in the response
surface methodology~RSM! made the DOE approach not straight-
forward to apply. For these reasons, an indexing strategy was
defined which allows one to analyze fewer configurations to find
the optimum tangential blade positions in terms of turbine effi-
ciency.

Computational Procedure
The time-accurate release of the TRAF code~Arnone et al.

@15#! was used in the present work. The unsteady, quasi-three-
dimensional Reynolds Averaged Navier-Stokes equations are writ-
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ten in conservative form in a curvilinear, body-fitted coordinate
system and solved for density, absolute momentum components in
the axial and tangential directions, and total energy.

Numerical Scheme. The space discretization is based on a
cell centered finite volume scheme. The artificial dissipation
model used in this paper is basically the one originally introduced
by Jameson, Schmidt, and Turkel@16#. In order to minimize the
amount of artificial diffusion inside the shear layers, the eigen-
value scaling of Martinelli and Jameson@17# and Swanson and
Turkel @18# was implemented to weigh these terms~cf. Arnone
and Swanson@19#!. The system of governing equations is ad-
vanced in time using an explicit four-stage Runge-Kutta scheme
@19#.

Residual smoothing, local time-stepping, and multigrid are em-
ployed to speed up convergence to the steady-state solution. The
time step is locally computed on the basis of the maximum allow-
able Courant number, typically 5.0, and accounts for both convec-
tive and diffusive limitations@19#.

A dual time stepping method~Jameson@20#, Arnone and
Pacciani@21#! is used to perform time accurate calculations. By
introducing the dual time stepping concept, the solution is ad-
vanced in nonphysical time, and acceleration strategies, like local
time stepping, implicit residual smoothing, and multigridding are
used to speed up the residual to zero to satisfy the time-accurate
equations.

Inflow and outflow boundaries are treated via a one-
dimensional characteristic scheme. Inlet flow angle, total pressure
and temperature are imposed at the inlet. At the outlet static pres-
sure is assigned.

The described method has recently been used by the authors to
compute natural unsteady phenomena~i.e., shock buffeting, wake
shedding@21#! and rotor:stator interaction in turbine and compres-
sor stages and it has indicated substantial reduction in the compu-
tational effort with respect to classical explicit schemes~Arnone
et al. @22#!.

Transition and Turbulence Model. A two-layer algebraic
model based on the mixing length concept~Arnone and Pacciani
@23#! was used for turbulence closure.

In transitional flows, an effective viscosity is defined as

me f f5m l1g•m t (1)

wherem l andm t are the molecular and turbulent contributions and
g is the intermittency function. According to Abu Ghannam and
Shaw @24#, the location of transition onset is determined by the
following condition:

Req5Req,start (2)

where Req is the Reynolds number based on the momentum thick-
ness. Its value at the start of transition Req,start is a function of the
turbulence intensityTu, and the Thwaites’ pressure gradient pa-
rameterlq .

In this study, a local formulation of the turbulence intensity
~Zerkle and Lonsbury@25#!

Tu5Tu1•
u1

ue
(3)

is used. Transition is allowed to begin if Req>Req,start and the
acceleration factor:

Kt5
n

ue
2 •

due

ds
5

lu

Reu
2 (4)

is less than the limit value of 3•1026. The latter condition is also
used to force relaminarization in the turbulent part of the flow. If
laminar separation occurs, transition is assumed to start at the
separation onset location.

Downstream of the onset of transition the expression proposed
by Mayle @26#

g~s!512exp@2n̂s~Re~s!2Re~s!start!
2# (5)

is used for the distribution of intermittency, wheren̂s is the non-
dimensional spot production rate, Re(s) is the local Reynolds
number, and the subscriptstart indicates the onset of transition.
The spot production rate is computed using the correlation pro-
posed, for zero pressure gradient, by Mayle@26#. As far as the
intermittency distribution is concerned, when laminar separation
occurs, a pointwise transition is assumed at the separation onset
location. More details on the transition model implementation can
be found in Arnone et al.@27#.

The Three-Stage Turbine
The turbine being studied features typical aspects of the current

design practices of aircraft engine LP blades~Fig. 1!, with
shrouded rotors and relatively high aspect ratios. Detailed geo-
metrical data are protected by Fiat Avio and can not be made
available. For such configurations, the effects of secondary flows
have been found to influence quite a small fraction of the span
and, away from the endwalls, the flow can be considered almost
two-dimensional for a large portion of the blade height.

Since the chord-based Reynolds number is of the order of a few
hundred thousand forcruise operating point and increases by a
factor of 3–4 duringtakeoff, the transitional behavior of the blade
surface boundary layers was expected to be a major feature of the
flowfield. The inlet freestream turbulence level for the transition
model was set at 6 percent for both the operating conditions.

The midspan section of the turbine was then selected for the
analysis and the streamtube thickness and radius distributions
were established on the basis of steady, three-dimensional, vis-
cous, multirow calculations~e.g., Arnone and Benvenuti@28#!.

H-type grids ~177373, Fig. 2! were chosen for the analysis.
With an H-type structure it is relatively easy to control the unifor-
mity and density of the grid before the blade passage to prevent an
excessive smearing of the incoming wakes. In order to reduce the

Fig. 1 LP turbine meridional section

Fig. 2 H-type grid for the midspan section
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mesh skewness, the grids are of the non-periodic type~i.e., Ar-
none et al.@15#!. Based on past experiences on grid dependence in
rotor-stator interaction analyses~Arnone and Pacciani@21#!, the
selected grid size was considered to be adequate for the purposes
of this study.

The vane/blade count ratios were equal for all the stages and
very close to one. In order to end up with reasonable memory and
computer time requirements, approximate stage configurations, in-
cluding one vane and one rotor, were considered. In particular, the
rotor pitches were slightly modified to match an exact 1:1 vane/
blade count ratio. Actually, the pitch alteration of rotor blade rows
was of the order of 0.2 percent and, based on experience@21#, it
was considered negligible.

The nondimensional blade lift coefficient based on pressure dis-
tribution was used to monitor unsteadiness. Starting from an ini-
tial steady-state solution, up to 20 rotor passing periods were
needed to obtain a periodic solution. Figure 3 shows the evolution
of the nondimensional lift coefficient amplitude for the first four
Fourier harmonics over 30 periods.

Indexing Strategy
It has been observed in all the performed computations that the

indexing of a stage has little influence on the optimum clocking
positions and efficiency values of the upstream stages. Such a
circumstance seems consistent with the weak potential interac-
tions expected for the turbine under investigation. In fact, Mach
numbers in the LPT are relatively low~of the order of 0.3–0.4!
and the axial gap between consecutive blade rows is relatively
large. On the contrary, the entropy contours of Fig. 4 show sig-
nificant wake interactions between coupled blade rows. In light of
such considerations, the row indexing was carried out stage by
stage starting from a full clocking of the 4th stage. In this phase,
the circumferential position of the 4th-stage airfoils was varied
while keeping all the other rows in their reference positions~see
Fig. 5!.

Once determined, the optimum positions for the 4th vane and
blade are kept fixed and the 5th stage is then indexed. In such way,
only 49 of the 625 initial different configurations have to be taken
into account.

Clocking Analysis at Cruise Conditions

Efficiency Variations. In this investigation the total-to-total
efficiency is defined as

h5

12
Tt2

Tt1

12S pt2

pt1
D g21/g (6)

The average efficiency is calculated using the mass-average of the
time-averaged total pressure and total temperature. Clocking ef-
fects are evidenced by turbine efficiency variation with respect to
the average valueDh5h2hav .

The effect of 4th-stage clocking on turbine efficiency is shown
in Fig. 6 as a function of stator and rotor tangential positions. It is
worthwhile to notice that the efficiency benefits coming from
clocking the blades are quantitatively similar to those resulting
from clocking the vanes. Such a circumstance indicates how afull
clocking strategy is needed to obtain the maximum benefit from
indexing effects. As far as the 5th stage is concerned, efficiency
gains are still comparable for stator and rotor clocking~Fig. 7!. It
should be observed that while the efficiency variation due to 5th-
stage clocking is comparable with that obtained from the 4th
stage, care should be taken in evaluating the relative benefits on
the maximum turbine efficiency value. For the case in consider-
ation, the total turbine efficiency variation after the 4th stage in-
dexing is given by

h t,max,4th2h t,min,4th50.50 percent

Fig. 3 Evolution of the nondimensional lift coefficient ampli-
tude harmonics

Fig. 4 Instantaneous entropy contours

Fig. 5 Turbine geometry and clocking positions of 4th and 5th-
stage blade rows

Fig. 6 Efficiency variations due to clocking stage 4
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and the same difference, referred to the 5th one, is even higher

h t,max,5th2h t,min,5th50.60 percent

On the other hand, it should be noticed that the difference between
maximum efficiencies after the successive clocking of the two
stages yields a value of

h t,max,5th2h t,max,4th50.18 percent

This shows how the performance improvement coming from the
5th stage indexing, while still appreciable, is actually more than
halved with respect to the previous stage contribution. Such an
observation suggests a criterion to evaluate benefits from the in-
dexing of successive airfoil rows in a multistage turbomachine.
After having clocked a generic stage, a key parameter to assess
the effective machine efficiency gain coming from successive
stage indexing is given by the difference between maximum effi-
ciencies relative to the two sequential clocking operations.

The lower contribution produced by the indexing of the 5th
stage is consistent with the indexing strategy we adopted. While
clocking the 4th stage, the 5th-stage bladings were kept fixed in
their reference position. As a consequence, the 4th stage was
clocked both with respect to the 3rd and the 5th stages at the same
time, thus producing a more significant impact. Before choosing
the indexing strategy, tests were performed maintaining the rela-
tive tangential positions between the 4th and 5th-stage blades
while clocking the 4th stage. In this case, the contribution given
by each stage clocking operation was of the same order of mag-
nitude. However, the total gain in turbine efficiency, as well as the
optimum blade positions predicted by the two strategies, was
roughly the same.

The total predicted efficiency variation for the turbine is given
by

h t,max2h t,min50.68 percent

and it should be pointed out that such an estimate is actually safe.
The clocking strategy described was used to find the maximum
efficiency position and the minimum one was determined as the
worst among the 49 analyzed configurations, without a systematic
search. An absolute efficiency minimum prediction would require
the application of the clocking strategy by starting from the 4th

Fig. 7 Efficiency variations due to clocking stage 5

Fig. 8 Instantaneous entropy contours during one period
„hmax…, and time-averaged total pressure pitchwise distribution
in front of the 4th stator

Fig. 9 Instantaneous entropy contours during one period
„hmin …, and time-averaged total pressure pitchwise distribution
in front of the 4th stator
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minimum turbine efficiency configuration. As a consequence, the
computed minimum efficiency is probably overestimated.

Effects on Wake Trajectories. Clocking effects seem to be
directly linked to wake trajectories. Numerical results obtained by
many authors with different numerical methods and turbulence
models suggest that the maximum efficiencies can be achieved
when the wake generated by a stator/rotor blade impinges on the
leading edge of the next stator/rotor blade. Lower performance
would correspond to a wake trajectory crossing the next stator/
rotor vane@2–6#.

The wake from a stator blade is convected downstream, and it
is chopped into discrete spots by the leading edge of the rotating
blades, and then approaches the next stator row. Such mechanism
is well evidenced by the entropy contours of Figs. 8 and 9, which
refer to the maximum and minimum efficiency configurations
respectively.

The stator wake path is visible in the first 1.5 stage reported in
Figs. 8 and 9 for the maximum and minimum efficiency configu-
rations, respectively. The instantaneous entropy contours show
how each stator wake segment, while convected through the rotor
vane, is distorted and stretched as a consequence of the velocity
gradient between pressure and suction side. The stator wake seg-
ment~shown by black arrows in Figs. 8 and 9! impinges the blade
leading edge for the maximum efficiency configuration and
is convected along the mid-vane path in the minimum one. The
same situation has been observed in the rotor/rotor wake interac-
tion and it appears very similar to the ones described by the other
researchers.

It is worthwhile to notice that entropy contours can be very
helpful when targeting wake paths between consecutive blade
rows but the information they provide can be considered only
qualitative. In the time-averaged flow field, stator wakes path ap-
pear as continuous low energy stripes, and their tangential loca-
tion, compared to the successive stator leading edge, varies as a
function of the circumferential position. Thus, to gain more quan-
titative indications on wake trajectories, one can, for example,
compare traverses taken at different axial positions in the inter-
blade gap. Figures 8~f! and 9~f! report total pressure variation
traverses in front of the 4th stator for the maximum and minimum
efficiency configurations. The wake energy defect and its different
tangential position in the two cases is clearly evidenced. The mini-

mum peak in total pressure is located just on the stator leading
edge in the maximum efficiency configuration and about midpitch
in the minimum efficiency one.

Assuming that performance improvements by clocking are due
to the stator/rotor wake tangential position with respect to the
successive stator/rotor blade, in three dimensions, this position
can vary along the blade height due to blade twist and nonradial
stacking, giving different contributions. Three-dimensional effects
are then expected to be important~Huber et al.@2#!.

Figure 10 compares the predicted efficiency variation obtained
with the quasi-three-dimensional and with a fully three-
dimensional unsteady viscous analysis. Maximum and minimum
efficiency positions agree quite well, while the amplitude appears
to be slightly overestimated by the quasi-three-dimensional
approach. Such considerations can be valid for stages character-
ized by a relative high blade aspect ratio, while for low values of
this parameter the fully three-dimensional flow field should be
considered.

More multistage configurations should be analyzed before a
general conclusion about the link between clocking effects and
wake trajectories can be drawn.

Effects on Blade Loading. The unsteady pressure amplitude
distribution was used to compare the unsteadiness levels on the
blades in different configurations. The unsteady pressure coeffi-
cient is defined by

Fig. 10 Efficiency variation obtained with a quasi-three-
dimensional and with a fully three-dimensional unsteady vis-
cous analysis

Fig. 11 Unsteady pressure coefficient distributions and time-
averaged load
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Cp,max2Cp,min5
pmax2pmin

pt,ref
(7)

wherepmin andpmax are the minimum and maximum values of the
instantaneous pressure registered during four periods.

Unsteady pressure coefficient and time-averaged pressure dis-
tributions on the 4th and 5th-stage bladings are shown in Fig. 11
for the maximum and minimum efficiency configurations respec-
tively. As can be noticed, the maximum efficiency configuration is
characterized by higher unsteady pressure coefficient values in the
leading edge region.

High levels of unsteadiness in this region could be related to the
stator wake segment impinging on the blade leading edge in maxi-
mum efficiency configurations, as discussed in the previous sub-
section. As far as the blade loading distribution is concerned, it
can be noticed that, in all bladings but the 4th rotor, the maximum
efficiency configuration shows higher surface pressure levels on
both suction and pressure sides, as compared to the minimum
efficiency one. Both circumstances, the one concerning the un-
steady pressure coefficients and the one concerning the loading
distributions, have also been noticed by other authors~i.e., Dorney
and Sharma@3#, Griffin et al. @5#!. Assuming similar distributions
of dissipation coefficients~Denton @29#! in the blade boundary
layer for the two configurations, lower viscous losses are consis-
tent with higher surface pressure levels. Total pressure losses
would in fact be proportional to the cube of the boundary layer
edge velocity, and would be lower in this case. This fact is con-
sistent with the turbine efficiency variations and it is suspected to
be related to the clocking effects.

Reynolds Number Effects
The clocking analysis was repeated for a higher Reynolds num-

ber, corresponding totakeoffconditions. Turbine efficiency varia-
tion maps, for thecruiseand takeoffconditions, are compared in
Fig. 12. The proposed clocking strategy, applied to the 4th and 5th
stages, provided the same maximum and minimum turbine effi-
ciency configurations detected for thecruise condition. Differ-
ences arise in the total efficiency variation which turned out to be
lower for the higher Reynolds number condition. An explanation
for that can be found in the wake-induced transitional patterns
associated with the clocked wake segments~Halstead et al.@30#!.

Time-distance diagrams of intermittency and nondimensional
wall shear stress reported in Fig. 13 demonstrate how the simple
model described above allows to predict a time-varying transi-
tional pattern, with purely laminar regions embedded between in-
termittent stripes. In such diagrams, which refer to a generic po-
sition of the 4th stator~Arnone et al.@27#!, a transitional stripe,
induced by the upstream stator, is visible between two successive
rotor wake paths.

At a low Reynolds number, when the blade boundary layer is
laminar over most of the suction surface, the changes in wake-
induced transitional paths due to clocking may have a major im-
pact. To gain more insight into this phenomenon, one should in-
vestigate the Reynolds number effect on clocked wake-blade
interaction.

Clocking With Fully Turbulent Flow
Efficiency variations are related to wake-blade interaction, and

unsteady transition is expected to impact on both optimum clock-
ing position and efficiency level. It was then decided to assess the
influence of transition simulation on the results of clocking opti-
mization. To this end, the whole analysis was repeated for the
cruisecondition with the transition model toggled off, thus assum-
ing fully turbulent flow from the blade leading edges.

Comparisons between transitional and fully turbulent computa-
tions are shown in Table 1. It can be noticed that significant dis-
crepancies exist between the two predictions both for the maxi-
mum and the minimum efficiency configurations. On the other
hand, with different Reynolds numbers, and consequently differ-

Fig. 12 Turbine efficiency variations after 5th-stage clocking

Fig. 13 Distance-time diagrams of intermittency „left … and
nondimensional wall shear stress „right … for the 4th stator
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ent unsteady transition patterns, the clocking optimization gave
the same results in terms of the shape of efficiency variation maps.
It can be concluded that transition plays a key role in clocking
optimization for low Reynolds number flows. The assumption of
fully turbulent flow leads to the prediction of optimum configura-
tion which may be different from the one determined by a more
physically realistic transitional flow.

Conclusions
A quasi-three-dimensional unsteady Navier-Stokes analysis was

used to investigate the flow physics associated withfull clocking
in a three stage LP turbine. A clocking strategy was defined in
order to reduce the number of configurations to analyze. Various
aspects of the unsteady flow interactions associated with clocking
effects have been studied. Such aspects concerned efficiency
variations, wake interaction patterns, and flow unsteadiness.

The maximum efficiency variation was determined for the
cruisecondition and was estimated to be 0.7 percent, such a result
is consistent with previous investigations for low pressure tur-
bines. Computations for a higher Reynolds number corresponding
to takeoff condition predict essentially the same efficiency map
but with reduced total variations.

Maximum and minimum efficiency conditions correspond to
specific wake interaction patterns. For both stators and rotors,
maximum efficiency is observed when clocked wake segments
impinge the blade leading edge. Vice versa, the lowest efficiency
is associated with clocked wake segments following a mid-vane
path. The wake interaction effects described seem to enhance
leading edge flow unsteadiness when the blades are clocked to the
best efficiency positions. Such configurations also correspond to
the maximum level of blade surface pressure.

The comparisons with fully turbulent calculations have shown
that the transitional nature of the flow has a crucial influence on
clocking effects and must be taken into account.
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Nomenclature

Cp 5 unsteady pressure coefficient
K 5 boundary layer acceleration parameter
n 5 turbulent spot production rate
p 5 pressure

PS 5 pressure surface
Re 5 Reynolds number

s 5 curvilinear abscissa along the blade surface
SS 5 suction surface

T 5 temperature
Tu 5 turbulence intensity

u 5 velocity

h 5 total-to-total efficiency
g 5 intermittency function, specific heat ratio

lq 5 pressure gradient parameter
m 5 dynamic viscosity
n 5 kinematic viscosity
s 5 turbulent spot propagation rate
q 5 boundary layer momentum thickness, tangential angle

Subscripts

1 5 inlet
2 5 outlet

av 5 averaged
e 5 boundary layer edge

max 5 maximum value
min 5 minimum value
ref 5 reference value

start 5 transition onset
t 5 turbulent, total value, turbine
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Wake–Wake Interaction and Its
Potential for Clocking in a
Transonic High-Pressure Turbine
Two-dimensional unsteady Navier–Stokes calculations of a transonic single-stage high-
pressure turbine were carried out with emphasis on the flow field behind the rotor. De-
tailed validation of the numerical procedure with experimental data showed excellent
agreement in both time-averaged and time-resolved flow quantities. The numerical
timestep as well as the grid resolution allowed the prediction of the Ka´rmán vortex streets
of both stator and rotor. Therefore, the influence of the vorticity shed from the stator on
the vortex street of the rotor is detectable. It was found that certain vortices in the rotor
wake are enhanced while others are diminished by passing stator wake segments. A
schematic of this process is presented. In the relative frame of reference, the rotor is
operating in a transonic flow field with shocks at the suction side trailing edge. These
shocks interact with both rotor and stator wakes. It was found that a shock modulation
occurs in time and space due to the stator wake passing. In the absolute frame of refer-
ence behind the rotor, a 50-percent variation in shock strength is observed according to
the circumferential or clocking position. Furthermore, a substantial weakening of the
rotor suction side trailing edge shock in flow direction is detected in an unsteady flow
simulation when compared to a steady-state calculation, which is caused by convection of
upstream stator wake segments. The physics of the aforementioned unsteady phenomena
as well as their influence on design are discussed.@DOI: 10.1115/1.1415036#

1 Introduction

The aerodynamic design of modern aircraft engines has reached
a state where most manufacturers will not fund major research
projects for improving aircraft efficiency, according to Wisler@1#.
However, reducing the number of blades or even stages while
keeping the efficiency at a constant high level is still an issue for
new engine design.

Modern high-pressure turbines~HPT! operate in a transonic
flow regime. In aircraft engines they are made up of either one or
two stages. The two-stage configuration is longer and heavier, but
has a higher efficiency and operates in high-subsonic to low-
transonic flow environment. The one-stage configuration is
smaller and lighter, but the flow regime is transonic with distinct
trailing edge shocks on all blades. Further details about advan-
tages and disadvantages of both variants of HPTs are discussed by
Ahmad and Mirzamoghadam@2#.

Although Tiedemann and Kost@3# state that from a boundary
layer point of view, an increased blade load seems possible with-
out a major disadvantage in efficiency, there is little published
work on interaction of shocks from a high-pressure turbine rotor
with an adjacent second stator. This second stator can be either of
the high-pressure turbine itself, or the inlet guide vane~LPT vane!
of the following low-pressure turbine. The rotating shocks can
cause periodic flow separations@4# and induce unsteady blade
loadings to be accounted for in forced response analysis.

Jennions and Adamczyk@5# describe an experimental investi-
gation where the difference in efficiency between an isolated LPT
vane and the same vane behind a transonic HPT rotor can be as
much as 5.6 percent. The authors blame the unsteady shock sys-
tem behind the HPT rotor for the higher losses. In order to reduce
the loss increase due to the shocks, Jennions and Adamczyk used
a modified rotor blade, which shows minimum circumferential

pressure variations in the wake. The overall efficiency gain of the
modified HPT and the LPT vane was10.6 percent compared with
the original configuration.

Within a current research project at DLR—Go¨ttingen, the influ-
ence of a single-stage highly loaded~P.4:0! transonic HPT on an
LPT vane is investigated numerically and experimentally. In order
to analyze in detail the unsteady flow field behind such a turbine,
two-dimensional Navier–Stokes simulations of a similar transonic
HPT at midspan were carried out. The stage used by Tiedemann
and Kost@3# for a rotor boundary layer investigation was chosen
for this analysis because of the excellent database existing
at DLR.

2 Turbine Stage

2.1 Geometry. The investigated turbine stage was tested at
the ‘‘Windtunnel for Rotating Cascades~RGG!’’ at DLR—
Göttingen. The RGG is a continuously running, closed-circuit
windtunnel. Further details of the facility are given by Tiedemann
and Kost@3#. The stage was designed by Alfa Romeo Avio within
a European turbine project. It is a state-of-the-art, full-size aero-
engine HPT. Characteristic geometric information is supplied in
Table 1. Figure 1 shows the stage at midspan and the positions of
Kulite fast-response pressure transducers on the rotor blades,
which will be used for validation purposes in this investigation.
The trigger position is marked by a line that represents the relative
position of the rotor at timet50.

The vanes are equipped with a pressure side coolant ejection
slot. Two different axial gaps~Dx/cax,s50.38 and 0.49! between
stator and rotor were investigated. The tip clearance of the rotor
blades is assumed to be negligible due to an abrasion casing liner.
Therefore, secondary flow is unlikely to influence the midspan
section analyzed here and a two-dimensional numerical approach
will give a good representation of the midspan flow field.

In addition to the Kulite fast pressure transducers, the rotor
boundary layer was investigated by Tiedemann and Kost@3# using
hot-film gages and the unsteady rotor flow field was measured by
Kost et al.@6# using a Laser-2-Focus~L2F!-velocimeter.
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2.2 Test Parameters. The operating parameters of the stage
are given in Table 2. The error margins of the pressures are in the
order of 0.1 percent of the measured value, temperatures are de-
termined within60.3 K, the rotor speed is accurate to within61
rpm. The Mach number value in Table 2 was determined by av-
eraging L2F measurements. The Reynolds number Rev2 is based
on stator exit conditions and stator chord, while Rew3 is based on
rotor exit conditions in the relative frame of reference and rotor
chord.

Tests were conducted with a design coolant ejection of 3 per-
cent of the main mass flow at the stator trailing edge and without
coolant ejection. No noticeable changes in the unsteady rotor flow
field or the unsteady boundary layer behavior were observed be-
tween the different tests~see Tiedemann and Kost@3# for details!.

The reduced frequency for the rotor flow field, affected by the
stator wakes, is defined as

V5
f scax,r

ū
(1)

wheref s is the stator wake passing frequency in the relative frame
of reference andū is the mean axial velocity in the rotor, which
represents the convective velocity of the stator wakes. The two
time scales, stator pitchts and rotor pitcht r , will be used when
presenting time-dependent data. They are defined as

t r5
60

64N
, ts5

60

43N
(2)

3 Numerical Method
For the numerical computations, the parallelized multi-block

Navier–Stokes Code ‘‘TRACE—U’’ of the DLR Institute for Pro-
pulsion Technology was used. The program is based on the two-
dimensional Reynolds-averaged Navier–Stokes equations for a
compressible ideal gas. A source term is added to account for
varying stream-tube thickness. Turbulence is treated by an eddy-
viscosity transport model according to Spalart and Allmaras,
which has been split up by Eulitz et al.@7# into a two-layer for-
mulation. The transition point is specified separately on the pres-
sure and the suction side by the user. The discretization is of
second order, both in time and space. Time integration is done by
a four-stage Runge–Kutta scheme. Further details about the nu-
merical model are presented by Eulitz et al.@8# and Eulitz and
Engel@9#. Nonreflecting boundary conditions are employed at in-
let and outlet boundaries according to Acton and Cargill@10# as
well as the time-accurate coupling of moving and nonmoving grid
interfaces by the sheared-cell technique according to Giles@11#.

The vane/blade number ratio of 43/64 is close to 2/3; therefore,
the pitches of the blade rows can be adjusted to match the ratio of
2/3. For the calculations presented, the rotor geometry was ad-
justed, because under design conditions the vane was supposed to
be choked, and therefore the mass flow through the stage is less
sensitive to the rotor pitch.

Within the computational domain, two vanes and three blades
are represented by a total of 100,000 mesh points. The vane sur-
face contains 241 points, the blade surface 316. The grid topology
is of HOH-type, the value ofy1 for the first grid line above the
wall is 1.0–2.0 for the vanes and 0.5–1.0 for the blades. Stator
blades with full trailing edges were chosen for the computation.
Note that the cascade measurements of Kapteijn et al.@12# dem-
onstrated that there is no significant difference between the full
trailing edge stator without coolant ejection and the stator with a
coolant slot on the pressure side with coolant ejection. Further-
more, Tiedemann@3# showed that the stator trailing edge cooling
had no significant effect on transition and pressure distribution on
the rotor blade.

The trailing edges of the vanes and blades are resolved by 50
mesh points. For both axial gaps between stator and rotor
~Dx/cax,s50.38 and 0.49! an identical mesh structure was used.
The resulting grid is show in Fig. 2.

At the inlet boundary total pressure, total temperature and flow
angle and at the exit boundary the static pressure is prescribed
according to Table 2. The inlet turbulence is fixed by a free-stream
value for the eddy-viscosity ofm t /m l5131024. Transition
points for the pressure sides of both vane and blade were set at the
trailing edges. The transition point for the vane suction side was
set at peak suction. On the blade suction side, the transition point
was set at the end of a shock-boundary interaction zone according
to hot-film data of Tiedemann and Kost@3#, i.e., x/cax,r50.76.
The stream tube thickness was evaluated according to mass flow
rates computed from the L2F data. The unsteady flow field was
recorded 128 times in one period. One simulation period is the
time one rotor blade needs to pass two stator vanes. The sampling

Fig. 1 Stage configuration at midspan „axial gap 0.38 c ax ,s…

with trigger position indicated

Table 1 Geometric parameters of the turbine blade rows

Table 2 Operating parameters of the turbine stage
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frequency for the simulation is 363.57 kHz. The unsteady stage
simulation was run for 12 simulation periods before recording the
unsteady flow field.

4 Validation of the Numerical Method
Figure 3 shows the comparison between time-averaged surface

isentropic Mach numbers from computation and experiment. The
experimental data are obtained by extrapolating L2F measure-
ments onto the blade surface. Details about the measurements and
the extrapolation are discussed by Kost et al.@6#. The experimen-
tal data shown were taken with the stator trailing edge cooling slot
ejecting acm53 percent mass flow. Because all L2F data were
measured for the small axial gap ofDx/cax,s50.38, the results
from the calculation shown in Fig. 3 are also from the small gap
simulation.

The good overall agreement of simulation and experiment in
the rotor blade Mach number distribution underlines the small
influence of the stator trailing edge cooling, omitted in the simu-
lation, on the operating point of the rotor. The slightly lower Mach
numbers in the simulation atx/cax,r50.1 on the suction side in-
dicate a small discrepancy in the incidence angle.

Figure 4 shows the comparison between the measured and cal-
culated pressure fluctuations at the six measurement positions on
the rotor surface, which are marked in Fig. 1 as Kulite positions.
The experimental data was ensemble-averaged; details about the
data processing are given by Tiedemann and Kost@13#. Since the
experimental pressure fluctuations were recorded for the large
axial gap configuration (Dx/cax,s50.49) only, the pressure fluc-
tuations from the simulation in Fig. 4 are also for the large gap
case.

The agreement between the pressure fluctuations in experiment
and simulation regarding amplitude and phase is good at all six
measurement positions. Within the calculated pressure fluctua-
tions, two distinct superposed frequency bands are observed; the
lower one is connected to the stator wake passing, the higher one
is caused by the stator vortex street. The experimental data do not

Fig. 2 Computational grid, entire domain, and details of vane
and blade trailing edges

Fig. 3 Comparison of the time-averaged rotor blade isentropic
surface Mach numbers from computation with values from the
L2F measurements „obtained by extrapolating to the blade
surface …

Fig. 4 Measured and calculated pressure fluctuations at the
rotor blade surfaces „gap 0.49c ax ,s ; SSÄsuction side, PS
Äpressure side …
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show the higher frequency band because the cut-off frequency of
the data processing of 45 kHz was too low for resolving the higher
frequency band.

A comparison of the calculations presented here with the time-
dependent flow field in the rotor passage measured with the L2F
velocimeter gives a similarly good agreement as discussed by
Kost et al.@6#.

5 Results and Discussion

5.1 Stator Vortex Street. As indicated by the pressure fluc-
tuations on the rotor blade, the stator vortex street is strongly
influencing the rotor inlet flow field. Figure 5 shows the Fourier
decomposition of the pressure fluctuations on the rotor blades in
terms of amplitude frequency spectra. For all six positions, the
vane passing frequency of 5.66 kHz and its first and second har-
monic are recognizable at the bottom end of the frequencies
shown. A second area of amplitude peaks lies around 50–75 kHz
for all six positions and is related to the stator vortex street. The
vortex street causes a broad spectrum and not a distinct frequency,
which is in good agreement to the observations of Sondak and
Dorney @14#. The reason for this effect is the modulation of the
time-periodic flow separation at the stator trailing edge by the
unsteady pressure field of the blades rotating behind the stator.
Therefore, the stator vortex street will adopt higher harmonics of
the blade passing frequency. Sondak and Dorney@14# found that
the stator vortex street in their stage simulation had an amplitude
peak between the sixth and ninth harmonic of the blade passing
frequency. All six positions in Fig. 5 show amplitude peaks in the
frequency band between 50–75 kHz, which corresponds to the

sixth through ninth harmonic of the blade passing frequency~8.4
kHz! for this case; so again, there is good agreement with Sondak
and Dorney’s stage simulations.

With a circumferentially averaged stator exit velocity ofU
5280 m/s computed from the simulated flow field and the trailing
edge diameter from Table 1, the Strouhal number

Sr5
f d

U
(3)

for a frequency band off 550– 75 kHz lies between Sr50.2 and
0.3. Heinemann and Bu¨tefisch@15# found exactly the same spec-
trum for isolated turbine cascades in an experimental study.

A vortex street causes not only pressure fluctuation, but also
total temperature distortions in the wake of a blunt body, discov-
ered by Eckert and Weise@16#. The connection between pressure
fluctuations and total temperature distortions becomes apparent
when looking at the well-known first law of thermodynamics for
an adiabatic flow of a perfect gas@17#

Dh0

Dt
5Cp

DT0

Dt
5

1

r

]p

]t
(4)

Kurosaka et al.@18# describe that the pressure fluctuations, of a
vortex street lead to a total temperature distribution, where on the
outside part of a vortex street toward the main flow, the total
temperature is higher than in the main flow, and on the inside of
the vortex street toward the centerline of the wake, the total tem-
perature is lower than in the main flow.

Figure 6 shows the calculated vorticity and total temperature
distribution behind the vane at an instant in time. The vorticity is
defined as

v5
]v
]x

2
]u

]y
(5)

The vorticity is negative shed from the vane suction side, and
positive from the pressure side. The vorticity distribution shows
that the suction side boundary layer is about twice as thick at the
trailing edge as the pressure side boundary layer. However, the
vortices shed from the pressure side are much stronger than from
the suction side due to the steeper velocity gradients normal to the
wall at the pressure side trailing edge.

In Fig. 6, the center of one vortex in the pressure side branch of
the vortex street is marked in the vorticity distribution as well as
in the total temperature distribution. The total temperature distri-
bution shows the distinct increased total temperature on the out-
side and the decreased total temperature on the inside portion of
the marked vortex compared to the total temperature of the main
flow. The increase in total temperature on the outside portion of
the vortices at the marked vortex position isDT05114 K, the
decrease on the inside portion of the vortices isDT0529 K from
the main flow value ofT05311 K. Carscallen et al.@19# found
experimentally for a vane cascade with an exit Mach number of
Ma50.95 T0 an increase ofDT0518 K and a decrease ofDT0

5216 K at 5.76 times the trailing edge diameter behind the vane
trailing edge. The marked vortex in Fig. 6 is geometrically ap-
proximately at that position. Despite a small discrepancy in posi-
tive and negative amplitude, there is good agreement in the total
temperature fluctuation with Carscallen’s@19# work.

5.2 Rotor Vortex Street and Wake–Wake Interactions.
The vorticity and total temperature distribution in the relative
frame of reference within and behind the rotor are shown in Figs.
7 and 8. The time-dependent flow field behind the rotor is much
more complex than behind the stator because of the time-periodic
stator wake passing. The stator wakes are chopped by the rotor
leading edge and convected through the rotor; details of this pro-
cess are given by Hodson and Dawes@20#.

The rotor vortex street differs from the stator vortex street close
to the blade trailing edge. The vorticity shed by the rotor departs
from the blade trailing edge in a smooth way until the wake in-

Fig. 5 Calculated frequency spectra of pressure fluctuations
at the rotor blade surfaces „SSÄsuction side, PS Äpressure
side …
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Fig. 6 Total temperature and vorticity distribution behind the
stator, absolute frame of reference

Fig. 7 Vorticity distribution behind the rotor, relative frame of
reference

Fig. 8 Total temperature distribution behind the rotor, relative
frame of reference

Fig. 9 Space–time diagram of normalized static pressure and
eddy viscosity at Dx Õc ax ,sÄ0.4 behind the rotor trailing edge
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terferes with the rotor trailing edge shocks, which act as an insta-
bility on the wake causing the evolution of the vortex street. The
reason for this difference in the structure of the vortex street is the
supersonic flow regime at the rotor trailing edge compared to the
high subsonic flow field at the stator trailing edge. Nash@21# gives
experimental evidence of this structural change in the develop-
ment of a vortex street by a series of Schlieren pictures of a blunt
body for exit Mach numbers ranging from Ma50.925 to 1.05.

Two stator wake segments are marked in Fig. 7 and can be
identified by coupled fields of counterrotating vorticity. Outside
the blade boundary layers these stator wake segments are con-
vected through the rotor passage at the local free-stream velocity.

Von Kármán @22# found that the convective speed of the vortex
centers in an incompressible and frictionless flow is given by

us5U2 f l (6)

whereU is the free-stream velocity,f the frequency of the vortex
shedding, andl is the distance between two vortices in the same
vortex street branch~shed from the suction or pressure side of the
trailing edge!. Disregarding compressibility effects, Eq.~6! shows
that the vortices depart from the blade trailing edge with a smaller
convective velocity than the main stream, which convects the sta-
tor wake segments. Therefore, the stator wake segments shown in
Fig. 7 move past the vortices of the rotor vortex streets with an
approximate relative velocity off l 5135 m/s ~f '75 kHz, l'2
3dr! according to Eq.~6!.

While passing the vortices within the rotor vortex street, the
vorticity of the stator wake segment modulates the vortices in a
way that some are enhanced while others are diminished. In order
to gain further understanding of this process, Fig. 8 shows the
total temperature distribution in the relative frame of reference. In
the near field close to the rotor trailing edge, the energy separation
according to Eq.~4! is observable. As shown for the stator vortex
street, one would expect a decrease in vorticity and total tempera-
ture extrema due to wake mixing and dissipation with increasing
distance from the rotor trailing edge. The total temperature distri-
bution in Fig. 8 shows a different behavior in the vicinity of the
stator wake segment titled ‘‘Stator-Wake 2.’’ On the edge of that
stator wake segment, two vortices in different blade wakes are
marked according to the vorticity distribution. The total tempera-
ture distribution shows that the vortices marked have higher total
temperature peaks than vortices within the same vortex street
which are closer to the blade trailing edges. These vortices can
only be enhanced by the passing stator wake segments.

Figure 10 shows a schematic explanation of the wake–wake
interaction process by suggesting a superposition of unsteady ve-
locity components caused by both stator and rotor wakes. In terms
of unsteady velocity, the stator wake segment causes the well-
known negative jet structure@20# with counterrotating vortexlike

structures on each side of the jet center. The blade vortex streets
are represented by lanes of vortices with alternating sense of ro-
tation. Vortices that gain in strength are marked by a ‘‘1,’’ the
ones that reduce in strength by a ‘‘2.’’ The vortices that meet in
the contact area between the vortex and the negative jet~or the
vortexlike unsteady velocity structure connected with it! are en-
hanced if their unsteady velocity vectors along the contact area are
in the same direction. If both vectors are in the opposite direction,
then the von Ka´rmán vortex is diminished in strength. This modu-
lation by increasing and decreasing certain vortices will certainly
lead to a destabilization of the vortex street and an increased mix-
ing of the rotor wakes.

The rotor wake decay is shown in Fig. 11 by looking at the
velocity profiles in the relative frame of reference at two different
axial positions behind the rotor. At both positions, the velocity
profiles for a steady-state and the time-averaged velocity from an
unsteady calculation are compared in order to analyze the influ-
ence of time-periodic stator wake passing on the rotor wakes. The
shock and wake positions are marked for both axial positions.

At the axial positionDx/cax,r50.3 behind the rotor trailing
edge, there is little discrepancy between steady and unsteady cal-
culation observable; therefore, close to the rotor trailing edge the
influence of the passing stator wakes on the rotor wakes is small.
The depth of the rotor wake in the unsteady calculation is smaller
than in the steady calculation, indicating that the wake mixing is
stronger in the stator wake-affected unsteady calculation. At the
axial positionDx/cax,r50.95, behind the rotor trailing edge, there
is a large difference in the velocity profiles of steady and unsteady
calculation observed. The difference is based on the rotor trailing
edge shock, which seems to have disappeared in the time-
averaged unsteady calculation. The rotor wakes have similar
depths in steady and time-averaged unsteady calculation, but they
are broader in the unsteady results, indicating a stronger wake
mixing due to the unsteady stator wake passing.

Despite the slightly increased wake decay in the unsteady simu-
lation, the dominant impact of the stator wake passing seems to be
on the rotor trailing edge shocks, which will be analyzed in the
next section.

5.3 Rotor Trailing Edge Shocks. Figure 9 shows space-
time diagrams of the eddy viscosity and the static pressure at an
axial position ofDx/cax,r50.4 behind the rotor trailing edge in
the absolute frame of reference. They/cax,r axis corresponds to
the circumferential direction. The time is given in rotor pitches
according to Eq.~2!.

The axial distance ofDx5cax,r50.4 from the rotor trailing
edge chosen for this analysis is typical of axial gaps in high-
pressure turbines. Within the eddy-viscosity distribution, a rotor
wake and a stator wake were marked according to their compara-
tively higher values of eddy viscosity. The rotor wakes move in
time toward they/cax,r direction because the rotor is rotating in

Fig. 10 Schematic of wake–wake interaction behind the rotor,
relative frame of reference

Fig. 11 Comparison of rotor wake decay for steady and time-
averaged unsteady simulation at two axial positions behind the
rotor trailing edge „UÄAu 2¿v 2, in relative frame of reference …
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that direction. The stator wakes exit the rotor in the absolute frame
of reference at all times at the same circumferential position.

The space–time diagram of the static pressure in Fig. 9 shows
the rotor suction side trailing edge shocks as lines of high pressure
parallel to the rotor wake paths. Rotor wake and shock paths are
parallel because both rotate with the same speed in the absolute
frame of reference. For the axial distance shown, the rotor trailing
edge shocks and the suction side edge of the rotor wakes coincide.
While the shocks are rotating in the absolute frame of reference, a
modulation in shock strength according to the circumferential po-
sition is observed. The modulation in the space–time diagram is
parallel to the stator wake path, so it can be assumed that the
stator wakes cause the circumferential variation in shock strength.

The difference between maximum static pressure after and
minimum static pressure ahead of the shock~Dp/p1

0, p1
0; see

Table 2! was chosen as an indicator for the shock strength a sec-
ond stator behind the HPT rotor might encounter. A variation in
shock strength fromDp/p1

050.051– 0.102 or 50 percent occurs at
the axial position ofDx/cax,r50.4 behind the rotor trailing edge.
The positions of the extrema are marked in Fig. 9.

Therefore, it seems possible to reduce the impact of the rotor
trailing edge shocks of a highly loaded HPT on a second stator by
clocking the second stator. From a designer’s point of view it is
especially interesting how the potential of the shock strength re-
duction varies with axial distance. The clocking-potential in terms
of shock reduction will be discussed by looking at the difference
between maximum and minimum shock strength ((Dp/p1

0)max

2(Dp/p1
0)min) in circumferential direction at a fixed axial position.

Figure 12 shows the potential for a reduction of shock strength
by clocking as a function of the axial position behind the rotor.
The rotor trailing edge is located atx/cax,r51.0.

Two relative maxima of the shock strength clocking potential
occur atx/cax,r51.35 and 1.8. Both axial positions connected to
these maxima are characterized by an interaction of the rotor trail-
ing edge shocks, the rotor wakes of the next or a third blade
~overlapping zone 2! in the circumferential direction, and the sta-
tor wake segments. The reason for this weakening of the rotor
trailing edge shocks at the mentioned axial locations for certain
circumferential positions is a splitting of the shocks due to stator
wake-induced shock motions in the relative frame of reference.

Figure 13 shows the static pressure field of the calculated HPT
stage at an instant in time. The wake paths of the blades are
indicated by dashed lines. The blade wakes split the relative flow
field behind the rotor into several passages. Within each rotor
wake passage, stator wake segments are convected through the
rotor modulating the flow field and forcing the rotor trailing edge
shocks forward and backward while passing. The current direction
of that shock motion is indicated in Fig. 13 for all three shocks
depicted and all three rotor wake passages that lie within the com-
putational domain. Due to phase differences in the modulation

process between the single rotor wake passages, each rotor trailing
edge shock is modulated in three different phases on its way from
the blade trailing edge to the outflow boundary of the computa-
tional domain. This leads to a shearing or splitting of the shocks at
the boundary lines of the rotor wake passages, which are given by
the rotor blade wakes. The splitting of the shocks within the rotor
wakes induced by the stator wake segments causes a significant
reduction in shock strength observed at those circumferential po-
sitions where the stator wake segments pass periodically.

At the outflow boundary of the computational domain, the
shock modulation has reached an amplitude where it is no longer
detectable in a time-averaged velocity profile of an unsteady cal-
culation, as shown in Fig. 11 at the axial positionDx/cax,r
50.95. The steady-state calculation in that figure does not account
for time-periodic stator-wake effects, and therefore the shock is
still clearly detectable in the velocity profiles.

To reduce the impact of the rotor trailing edge shocks on a
downstream stator for future highly loaded HPT/LPT designs, the
stator/stator blade count ratio should be suitable for clocking ap-
plications. If the second stator is placed with its leading edge at
that axial position where rotor wake and rotor trailing edge shock
interact, it should be possible to reduce the strength of the rotor
shocks by as much as 50 percent by selecting an ideal clocking
position.

Future work will be concentrated on the influence of a second
vane on the effects mentioned here as well as the three-
dimensional influences of a highly loaded HPT rotor on an LPT
vane.

6 Conclusions
The two-dimensional unsteady flow field behind a transonic

single HPT stage at midspan has been numerically investigated.
The simulation showed excellent agreement to experimental data
for time-averaged and time-dependent flow quantities. The vortex
streets of both stator and rotor were resolved in the calculated
flow field. A significant influence of the vorticity shed by the
stator on the vortices within the rotor wake is described and ana-
lyzed. A modulation of the rotor trailing edge shock system is
observed in the absolute frame of reference. A maximum reduc-
tion in shock strength of 50 percent was found by varying the
axial distance and the circumferential position behind the rotor in
the absolute frame of reference. A guideline for positioning a sec-
ond stator behind the transonic HPT rotor to minimize the shock
strength is provided.

Fig. 12 Clocking potential for reduction of shock strength be-
hind the rotor

Fig. 13 Static pressure field at an instant in time, showing the
unsteadiness of the rotor trailing edge shocks
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Nomenclature

c 5 chord
d 5 diameter
h 5 enthalpy
N 5 rotor speed
p 5 pressure
t 5 time
u 5 streamwise velocity
U 5 velocity
r 5 radius

cm 5 coolant mass flow ratio
f 5 frequency
l 5 distance

Ma 5 Mach no.
R 5 gas constant
T 5 temperature

us 5 convective velocity
v 5 transverse velocity

Sh 5 Strouhal no.
x 5 axial coordinate
a 5 angle~absolute frame!
k 5 specific heat ratio
P 5 total-to-total pressure ratio
v 5 vorticity
y 5 circumferential coordinate
b 5 angle~relative frame!
m 5 dynamic viscosity
r 5 density
V 5 reduced frequency

Subscripts

s 5 stator
ax 5 axial

t 5 turbulent
v 5 absolute frame of reference

1,2,3 5 stator inlet, stator exit/rotor inlet, rotor exit
r 5 rotor
l 5 laminar

w 5 relative frame

Subscripts

8 5 unsteady part
— 5 time-averaged or mean value
0 5 total condition
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The Fluid Dynamics of LPT
Blade Separation Control
Using Pulsed Jets
The effects of pulsed vortex generator jets on a naturally separating low-pressure turbine
boundary layer have been investigated experimentally. Blade Reynolds numbers in the
linear turbine cascade match those for high-altitude aircraft engines and industrial tur-
bine engines with elevated turbine inlet temperatures. The vortex generator jets (30 deg
pitch and 90 deg skew angle) are pulsed over a wide range of frequency at constant
amplitude and selected duty cycles. The resulting wake loss coefficient versus pulsing
frequency data add to previously presented work by the authors documenting the loss
dependency on amplitude and duty cycle. As in the previous studies, vortex generator jets
are shown to be highly effective in controlling laminar boundary layer separation. This is
found to be true at dimensionless forcing frequencies~F1! well below unity and with low
(10 percent) duty cycles. This unexpected low-frequency effectiveness is due to the rela-
tively long relaxation time of the boundary layer as it resumes its separated state. Exten-
sive phase-locked velocity measurements taken in the blade wake at an F1 of 0.01 with 50
percent duty cycle (a condition at which the flow is essentially quasi-steady) document the
ejection of bound vorticity associated with a low-momentum fluid packet at the beginning
of each jet pulse. Once this initial fluid event has swept down the suction surface of the
blade, a reduced wake signature indicates the presence of an attached boundary layer
until just after the jet termination. The boundary layer subsequently relaxes back to its
naturally separated state. This relaxation occurs on a timescale which is five to six times
longer than the original attachment due to the starting vortex. Phase-locked boundary
layer measurements taken at various stations along the blade chord illustrate this slow
relaxation phenomenon. This behavior suggests that some economy of jet flow may be
possible by optimizing the pulse duty cycle and frequency for a particular application. At
higher pulsing frequencies, for which the flow is fully dynamic, the boundary layer is
dominated by periodic shedding and separation bubble migration, never recovering its
fully separated (uncontrolled) state.@DOI: 10.1115/1.1425392#

Introduction

During high-altitude cruise, the operating Reynolds number
~based on axial chord and inlet velocity! for the low-pressure tur-
bine ~LPT! in an aircraft gas turbine engine can drop below
25,000. This low Reynolds number condition is particularly acute
in the class of small gas turbine engines typically used or planned
for use in many high-altitude air vehicles. At these low Reynolds
numbers, the boundary layers on the LPT blades are largely lami-
nar, even in the presence of freestream turbulence, making them
susceptible to flow separation near the aft portion of the blade
suction surface, with associated loss increase and performance
drop. Numerous industry reports have documented increased
separation and secondary flow losses when operating at turbine
inlet Reynolds numbers below 100,000~Sharma et al.@1#, and
Matsunuma et al.@2,3#!. Though the exact Reynolds number at
which separation related losses become significant is machine spe-
cific, the increased loss inevitably translates to a significant de-
crease in turbine efficiency at these operating conditions~mea-
sured values have been as much as a six-point loss in component
efficiency for the AE3007H@Helton @4##, a small high-altitude
engine!. Altering the blade shape to avoid this low Reynolds num-
ber separation problem is not desirable since such a modification
is likely to impair the engine operation at higher~design! Rey-

nolds numbers. As such, flow control techniques which can be
practically implemented on a separating turbine blade are of cur-
rent interest.

Boundary layer separation control in diffusing flows under
pressure conditions similar to the aft portion of a turbine blade has
been studied in the laboratory for many years. Lin et al.@5# pre-
sented results from a number of passive and active strategies em-
ployed with varying degrees of success to a turbulent boundary
layer flowing over a backward-facing, curved ramp. Of the two
classes, active techniques have the advantage that they can be shut
off when not required for flow control. This is especially desirable
for a turbine blade application, since any passive technique which
is effective at low Reynolds number may increase the blade’s drag
penalty and surface thermal loading at higher~nonseparating!
Reynolds numbers. Of the active strategies studied by Lin et al.,
only vortex generator jets~VGJs! had a significant effect on re-
ducing diffuser separation.

VGJs are typically configured with a low pitch angle~30–45
deg! and aggressive skew angle~45–90 deg! to the near wall flow
direction ~see detail in Fig. 2 for the VGJ configuration in this
study!. Here, pitch angle is defined as the angle the jet makes with
the local surface and skew angle is defined as the angle of the
projection of the jet on the surface relative to the local freestream
direction. In this skew configuration, the VGJ creates a horseshoe
vortex pair with one very strong leg accompanied by a weak leg
of opposite sign. The result is a single, dominant, slowly decaying
streamwise vortex downstream rather than the two relatively weak
counter-rotating horseshoe vortices generated by a jet with 0 deg
skew or a symmetric, passive, boundary layer obstruction. It has
been shown both experimentally~Compton and Johnston@6#! and
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computationally~Henry and Pearcey@7#! that this single-sign vor-
tex energizes the separating boundary layer by effectively bring-
ing high-momentum freestream fluid down near the wall.

Nonsteady pulsing has been combined with jet injection to in-
hibit separation of wall-bounded flows in a number of applica-
tions. Chang et al.@8# employed pulsed, normal~90 deg pitch, 0
deg skew! slot injection to inhibit laminar separation over an air-
foil at high angle of attack. In the post-stall airfoil, forcing was
most effective when applied at 1 percent chord and at dimension-
less forcing frequencies (F15 f c/U`) from 2 to 8. More recent
applications of pulsed, normal jet injection include the use of
synthetic~zero net mass flux! jets to promote flow reattachment
over a thick airfoil ~Amitay et al. @9#! and the application of
pulsed upper surface blowing to control dynamic stall on a simu-
lated helicopter rotor~Weaver et al.@10#!. In the computational
arena, Wu et al.@11# have documented the roll-up of the pulsed
jets into large vortices which entrain higher momentum main-
stream fluid down near the wall. Pulsed, streamwise~0 deg pitch.
0 deg skew! jet injection~from a backward facing slot or step! has
also been successfully employed by Seifert et al.@12# and Kwong
and Dowling@13#.

In addition to the normal and streamwise pulsed jet injection
experiments mentioned above, three studies have investigated the
combination of unsteady forcing with skewed~VGJ! injection.
McManus et al.@14# and Raghunathan et al.@15# have both em-
ployed pulsed VGJs to effectively control separation in two-
dimensional diffusers. The authors have also previously reported
their successful application of pulsed VGJs to LPT blade separa-
tion control ~Bons et al.@16#!. It was the encouraging results of
this study which lead to the current work. This report documents
the fluid dynamics associated with the implementation of pulsed
VGJs on the suction surface of a prototypical LPT blade profile.
The effects of jet pulsing frequency are addressed in detail.

Experimental Facility
The linear turbine cascade facility used for this study is de-

scribed in detail in Sondergaard et al.@17# and Bons et al.@16#, so
only a brief description will be provided here. The open-loop,
induction wind tunnel which houses the cascade draws air through
the bell-mouth inlet equipped with flow straighteners and into the
0.85 m tall31.22 m wide test section at up to 80 m/s~Fig. 1!.
Flow velocity uniformity across Blades 3–7 is within62 percent
at a Reynolds number of 25,000, with an inlet turbulence level of
less than 1 percent. The linear cascade consists of eight 0.88 m
span by 0.18 m axial chord (Cx) blades fabricated from molded
polyurethane resin. The two-dimensional blade shape studied is
the Pratt & Whitney ‘‘PakB’’ research design, which is a Mach
number scaled version of a typical highly loaded LPT blade de-

sign. The cascade has a solidity~axial chord to blade spacing! of
1.13, an inlet flow angle of 55 deg~measured from the plane of
the cascade!, and a design exit angle of 30 deg.

For this study, all eight blades in the cascade were manufac-
tured with a hollow cavity running their full span and covering the
region from 40 percent to 90 percent axial chord~Fig. 2!. Fittings
at the lower end of each blade allow for pressurized feed air for
the VGJs and cavity static pressure measurement. A valve located
upstream of the feed port allows control of the mass flow rate into
the blade cavity. A high-speed solenoid valve is located just down-
stream of this control valve. The solenoid is controlled by a Gen-
eral Valve Inc. Iota One pulse driver which has a frequency range
from 0.1 Hz to 250 Hz with a minimum ‘‘open’’ pulse duration of
less than 1 ms. Air exhausts from this valve into a manifold and
then into the eight copper feed tubes running the span of each
blade inside the cavities. Holes spaced every 2.54 cm along the
copper tubes produce an even distribution of airflow to the VGJs.
The 1-mm-dia~d! cylindrical VGJ holes have a 30-deg pitch angle
and a 90-deg skew angle. They are spaced every 10d along the
center 0.46 m of each blade span. For this study, rows of VGJ
holes at 63 percentCx were used. In preliminary testing of the full
cascade, it was noted that pulsing on the full set of eight blades
yielded comparable results to operating with just the three center
blades~when taking measurements over the centermost blade!.
Thus, to allow a greater range of blowing ratio, only the three
center blades were controlled for all the data reported in this
study. When not in use, the holes were covered with 50mm thick
tape to eliminate any effect of the holes on boundary layer
transition.

To determine the mean jet blowing ratio, the average static
pressure of each blade cavity was monitored during tunnel opera-
tion. This pressure was then correlated to the average jet exit
velocity, which had been measured at the hole exit plane with a
sub-miniature hot-film probe prior to blade installation in the cas-
cade. This measurement was made outside the cascade tunnel with
the jets injecting into stagnant air. The mean jet blowing ratio~B!
was computed as the ratio of the average jet exit velocity to the
local freestream velocity as calculated from the local pressure
coefficient (r jet /rlocal>1). While making the jet exit velocityFig. 1 Low-speed linear cascade test facility

Fig. 2 Pulsed VGJ blade geometry, inset showing VGJ con-
figuration „freestream into page …
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measurements, it was noted that with multiple blades fed from the
same high speed solenoid valve, jet exit velocity profiles began to
resemble more of a sinusoid rather than the typical square wave at
frequencies above 50 Hz (F151.6).

The dimensionless forcing frequency,F1, is used in this report
to relate the current work to the external airfoil flow control stud-
ies published in the open literature. Rather than employ the com-
mon definition based on airfoil chord and freestream velocity,
however, theF1 here uses the surface distance from the injection
site to the trailing edge and a local mid-passage velocity. The
shortened distance (0.72Cx) was deemed more relevant in the
current application since it represents the approximate lengthscale
of the separation zone where eddies or unsteady waves would be
present. This formulation is consistent with the slotted flap blow-
ing work of Seifert et al.@12# where the relevant distance was the
quarter-chord aft flap. Weaver et al.@10# also employed anF1

lengthscale less than the blade chord in their helicopter rotor dy-
namic stall control study. The augmented velocity scale (1.75U in)
accounts for the substantial fluid acceleration that takes place
through the PakB turbine cascade. Whether the boundary layer is
attached or separated, the mid-passage velocity at the VGJ injec-
tion site is just under twice the cascade inlet velocity. Since this
location is near the passage throat, there is then a modest diffusion
~;10 percent! to the blade trailing edge. By employing a velocity
scale equal to the average value over the separated zone,F1 more
accurately represents the ratio of the VGJ forcing frequency to the
frequency at which fluid events will be convected down the blade
surface by the freestream flow.

Another parameter in common use in the jet-boundary layer
control arena is the momentum coefficient,cm , defined as the
ratio of injected momentum to the freestream dynamic pressure.
This parameter had its genesis in the application of two-
dimensional slot blowing on external airfoils and can be written as
follows:

cm5
~slotwidth!rjetU jet

2

~chord!
1

2
r`U`

2

(1)

The blowing parameter, used in this and previous reports on
LPT separation control, has its origins in turbine film cooling and
can be related tocm in a straightforward manner~cm}B2 at con-
stant density!. To be consistent with the reduced frequency formu-
lation above,B employs a local channel velocity (;2U in) rather
than the cascade inlet velocity. One additional adaptation is re-
quired for the comparison of thecm calculated in this work with
those in the open literature. This regards the area difference be-
tween a two-dimensional slot~which extends across the entire
airfoil span! and three-dimensional-discrete hole injection~VGJ!.
To generate an ‘‘equivalent’’ slot area for the circular VGJ holes at
a pitch of 10, one can proceed as follows:

slotwidth

chord
5

~slotwidth!~slotspan!

~chord!~airfoilspan!

>
‘‘equivalent•slot•area’’

~0.72Cx!* bladespan

5

pS d

2D 2 bladespan

~holepitch!d

~0.72Cx!~bladespan!
56.0631024 (2)

Thus with equal jet and freestream densities,cm>0.00121B2max.
Bulk flow instrumentation consisted of flow thermocouples for

inlet temperature measurement and an upstream pitot-static refer-
ence probe. To calculate the blade wake loss coefficient a Kiel
probe was used to measure the total pressure 0.64Cx downstream
of the trailing edge~see Fig. 10!. A Dantec 3-axis traverse located
atop the wind tunnel was used to traverse the blade wakes with the

probe at midspan. Uncertainties in the pressure measurement
translated to an uncertainty of68 percent in the loss coefficient
~at Re525,000!. A small National Aperture micro-traverse system,
mounted inside the test section~but outside the outer tailboard!,
was used to make boundary layer profile measurements at several
chordwise locations on the center blade~Blade 5!. A standard
single hot-wire probe was mounted on the micro-traverse to mea-
sure mean and fluctuating velocity components. When compared
to a co-located pitot-static probe velocity measurement, the veloc-
ity error in the hot-wire and sub-miniature hot-film probes was
within 62 percent at flow rates of interest. Phase-locked wake and
boundary layer velocity data were acquired using a timing pulse
from the Iota One pulse driver to trigger the acquisition process.
Phase-average data presented in this report consisted of ensembles
of between 30~at low frequencies! and 200~at high frequencies!
cycles.

Results and Discussion

Previous Work. The low Reynolds number separation char-
acteristics of the PakB blade profile have been documented in
previous studies~Bons et al.@18#, and Sondergaard et al.@17#!.
Figure 3 shows theg int versus Re data for this cascade at two
freestream turbulence levels. Also shown is a Navier-Stokes CFD
calculation using the two-dimensional Vane Blade Interaction
~VBI ! code developed by Allison Engine Company under contract
to the US Air Force. VBI is an unsteady Reynolds Averaged
Navier-Stokes code employing the algebraic Baldwin-Lomax
boundary layer turbulence model, which assumes zero freestream
turbulence. Data in this report were taken at Re>25,000 with low
turbulence, where the heavy separation losses are prominent in the
data ~but not in the VBI prediction!. At this Reynolds number,
boundary layer data indicate that laminar separation occurs on the
blade suction surface between 68 percent and 73 percentCx .

Two previous control studies conducted by the authors in the
same facility acted as the point of departure for the current study.
Specifically, Sondergaard et al.@17# reported the effectiveness of
steady blowing at various locations and blowing rates~B! for both
1 percent and 4 percent freestream turbulence. The steady data in
Fig. 4 is taken from this work and shows a broad range of steady
control effectiveness with a minimumB between 1 and 1.5~in this
and subsequent figures,g int is normalized byg int0 , the value ob-
tained without any control!. This minimumB was found to be a
weak function of injection location from 45 percent to 75 percent
Cx . Over the range ofB indicated in the figure, wake reduction is
relatively flat at 60 percent from the minimumB value up to the
maximum value tested (B54). As a point of reference, aB value

Fig. 3 Loss coefficient g int versus inlet Reynolds number;
TuinÄ1 percent, Tu inÄ4 percent, and VBI prediction
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of 2 at a VGJ hole pitch of 10 represents an application of 0.2
percent of the cascade throughflow. The corresponding value of
cm is 0.0048. As another point of reference, typical film cooling
holes are designed to operate at approximatelyB52.

The second study, using pulsed VGJs, was reported in Bons
et al. @16#. The principle finding of this study is also illustrated in
Fig. 4 alongside the steady VGJ results. The pulsed data is for 10
Hz square wave modulation~no suction stroke! with a 50-percent
duty cycle. This forcing frequency corresponds to anF1 of order
unity ~0.31! and is 1/10 of the shear layer instability~measured at
100 Hz in the separating boundary layer!. The blade shedding
frequency~which is generally some fraction of the shear layer
instability frequency! was found to be an effective forcing fre-
quency in the computational study of Wu et al.@11#, while others
~Seifert et al.@12,19#! have found success near the blade reduced
frequency (U` /c). For the pulsed data in Fig. 4, the averageB
over the cycle is used for comparison with the steady data. With
pulsing, the minimumB required for effective control is reduced

to ;0.2. This represents nearly an order of magnitude reduction in
required massflow for comparable separation control, a result seen
by McManus et al.@14# in two-dimensional diffusers. Since in a
potential turbine application of this control strategy, VGJ air will
come from the compressor at a loss to the engine cycle, reducing
the required massflow by nearly an order of magnitude is signifi-
cant.

The remarkable success of pulsed versus steady VGJ control
leads to questions regarding the physical mechanism~s! which are
responsible for the bulk effect of separation control. In their re-
port, Bons et al. postulated that the starting~and perhaps ending!
vortex of the pulsed jet must be the mechanism responsible for
altering the boundary layer. This was based in part on the work of
Johari and McManus@20# which showed that the starting vortex
associated with skewed jet injection generates much stronger
streamwise vorticity than steady blowing at the same jet injection
velocity. It is this streamwise vorticity in turn that is thought to be
responsible for entraining the high momentum freestream fluid
down near the blade surface to effectively energize the separating
boundary layer. To test this hypothesis, Bons et al. varied the
pulse duty cycle at constant frequency~10 Hz! and maximum jet
exit velocity (B2max), thus reducing the exit pulse to a narrow
spike~Fig. 5!. The result~Fig. 6! clearly showed that control was
effective down to 1 percent of the massflow required for steady
control at the sameBmax ~or 0.002 percent of the cascade through-
flow!. In determining the correspondingcm values for the data in
Fig. 6, the reduced net momentum over the shortened duty cycle
could be accounted for by multiplyingcm by the duty cycle,cm
>0.00121B2max~duty cycle/100!. This would give a range of 4.8
31025,cm,4.831023 for duty cycles of 1 to 100 percent, re-
spectively. As anticipated, the 1 percent duty cycle is equivalent to
an extremely lowcm .

New Results. These encouraging results at low duty cycle
lead the authors to consider the following question. ‘‘If a narrow
spike~1 percent duty cycle! of injected fluid can control the bulk
separation of a turbine airfoil, how often do these impulses need
to occur for successful control?’’ Or, in other words, what is the
maximum allowable time between pulses that will still provide
time-averaged wake reduction? As a first step in answering this,
wake loss data was taken at constant duty cycle and averageB
while decreasing the forcing frequency. This essentially increases
the time between pulse events while maintaining constant mass
flow over the forcing cycle. Figure 7 provides this data for two
duty cycles, 10 percent with averageB50.2 (cm54.831024) and
50 percent with averageB50.75 (cm51.431023) from F1

50.012 to 7.71.
The data in Fig. 7 show a relatively flat effectiveness from

F157.7 down to a value of 0.1~note the log frequency scale!.

Fig. 4 Integrated wake loss coefficient „g int … profiles normal-
ized by loss coefficient for BÄ0 versus mean blowing ratio
„B …; data for pulsed blowing at 10 Hz „F¿Ä0.31… and 50 per-
cent duty cycle versus steady blowing at Re Ä25k and 63 per-
cent Cx

Fig. 5 Instantaneous jet exit blowing ratios for various duty
cycles all at 10 Hz „F¿Ä0.31…; data taken with subminiature
hotfilm probe in VGJ exit at 63 percent Cx ; ReÄ25k

Fig. 6 Normalized integrated wake loss coefficient „g int Õgint0 …

versus pulsing duty cycle for constant maximum blowing ratio
„B 2max, see Fig. 5 …; data for pulsed blowing at 10 Hz „F¿

Ä0.31…; ReÄ25k
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Variations ing int /gint0 over this range ofF1 are within the mea-
surement uncertainty. This broad~nearly two orders of magnitude!
effectiveness range and low minimumF1 contrast with pulsed
control results for external airfoils. Though the majority of refer-
ences report lift coefficient rather than wake parameters, some
data is available for comparison. Chang et al.@8# used leading
edge blowing over anF1 range of 1 to 20 and observedcd re-
ductions of roughly 35 percent over the range 1,F1,10. These
reductions diminished slightly above inF1 of 10. Amitay et al.
@9# provided mean wake data for two cases~F150.95 and 10!
which can be integrated to produce a representation of the wake
momentum deficit,udef5*12(u/U)2dy. Their data show a drop
of approximately 8 percent and 23 percent inudef compared to the
uncontrolled case for the two dimensionless forcing frequencies,
respectively. Both of these studies concentrated on the regime of
F1>1 based on indications that dimensionless forcing frequen-
cies significantly less than one would not provide successful con-
trol. This is consistent with Seifert et al.’s conclusion@19# that
pulsed blowing is most effective when there are one or two pulse
disturbances on the airfoil surface at any given time. Seifert et al.
@12# focused on a narrow range ofF1 ~0.3 to 2! and observed a
maximum beneficial effect in lift coefficient nearF150.75. Pres-
sure drag reductions in this frequency range varied from 5 percent
to 70 percent.

Compared to these references, the PakB cascade pulsed VGJ
control application shows a much broader range of utility (F1),
with nearly double the wake (cd) reduction at comparable levels
of cm ~the Chang et al. study usedcm ranges of 131024 to 1
31023 and Amitay et al. reportedcm52.331023 while Seifert
et al. employed a fluctuatingcm50.008 to 0.016 on top of a
steadycm ranging from 0 to 0.1 for their aft flap study!.

As is evident from Fig. 7, at dimensionless forcing frequencies
below the 0.1 cut-off, the 10-percent and 50-percent duty cycle
data diverge. This suggests that the reduced control effectiveness
at low F1 may be related to physical timescales of the flowfield
rather than simply the forcing dynamics. Following this line of
reasoning, phase-locked velocity data were taken in the blade
wake at 0.64Cx downstream of the trailing edge using a single
hotwire. Figures 8~a–d! show phase-averaged color raster plots of
wake velocity distributions forF150.012, 0.031, 0.12, and 0.31
all at 50 percent duty cycle. The plot to the left of eachy-t raster
plot shows the wake average momentum deficit,udef , as a func-
tion of time as well as the VGJ jet time history. This phase-locked
jet history was taken at the VGJ hole exit using a sub-miniature
hot-film probe prior to blade installation in the cascade. A convec-
tive offset time of 0.065 s~equal to the distance from the VGJ
holes to the wake measurement position divided by the average
channel velocity! has been added to the hole exit velocity time

history so that the reader can readily associate fluid events in the
wake to the starting and stopping of the jet pulse. The jet exit
velocity is normalized by its maximum value to permit plotting on
the same scale withudef . The plots also show threshold lines
corresponding to the uncontrolledudef0 and theudef for steady
(B52) control~2.1 and 0.8 cm respectively!. Both blade wakes 5
and 6 are shown in the raster plots, though theudef integration was
performed over wake 5 only.

Beginning with the lowestF1 plot ~Fig. 8~a! with a cycle pe-
riod of 2.5 s!, the jet ‘‘on’’ cycle initiation immediately triggers a
large oscillation in the wake deficit. In the first 0.11 sec after jet
initiation, the unsteady deficit varies from over two times the un-
controlled wake level down to negative wake values. This is fol-
lowed by a gradual~0.12 s! decrease in wake size to the controlled
wake value. Then, for the duration of the ‘‘on’’ cycle, the wake
remains narrow and shifted to the left~toward the blade pressure
side!.

When the pulse terminates, there ensues a high frequency~;33
Hz! damped oscillation with a meanudef which is actually further
reduced from that of the ‘‘on’’ cycle. Not until approximately 0.45
s after the pulse termination does the wake gradually~over 0.14 s!
resume its uncontrolled~separated! level. Due to this lagged re-
laxation of the boundary layer, the wake deficit spends only one
third of the full cycle at the uncontrolled level. This added benefit
of pulsed control~1.7 s of separation control for only 1.25 s of jet
application532 percent bonus! is one of nature’s coveted syner-
gies and will be explored in more detail below. The identical
sequence of events is repeated in Fig. 8~b!, however sinceF1 has
increased by a factor of 2.5, the next pulse arrives before the wake
has time to relax back to its uncontrolled state. Due to the long
relaxation time, the wake never exhibits quasi-steady, uncon-
trolled behavior. The next highestF1 plot ~8~c!! is at the thresh-
old where wake loss reduction became independent of reduced
frequency in Fig. 7. In this case, the initial ‘‘kick’’ or startup
transient is buried in the 33-Hz termination oscillation. The
gradual drop in momentum deficit following the startup transient
never reaches the steady state value. In the final plot~8~d!!, the
startup transient comprises the entire cycle, though now at a con-
siderably reduced amplitude. In essence, the flow in this case is
constantly in an unsteady regime between the controlled and un-
controlled states, never settling at either condition. At reduced
frequencies above 0.62~not shown!, the wake raster plots look
essentially uniform over the pulsing cycle with only a slight per-
turbation corresponding to the pulse initiation.~It should be noted
that it is in this same highF1 regime that the jet exit pulses take
on a more sinusoidal character rather than the square wave noted
in the Fig. 8 and Fig. 5 plots.!

The benefit from inherent time lags in the boundary layer re-
sponse becomes even more pronounced at lower duty cycles. Fig-
ure 9 shows two raster plots~F150.012 and 0.031! with
4-percent and 10-percent duty cycle, respectively. In both these
cases the pulse is terminated well before the controlled wake loss
level is reached. Yet in the lower frequency case, the wake re-
mains at or near the controlled level for 0.36 s or 360 percent
longer than the VGJ pulse length~0.1 s!. Recalling the data in Fig.
6, which showed effectiveness down to 1 percent duty cycle, one
might conclude that this benefit will continue to increase exponen-
tially with decreasing pulse duration. It seems that as long as there
is a starting~jet ‘‘off’’ to jet ‘‘on’’ ! transition to trigger the ejection
of bound vorticity, the boundary layer will respond in a timescale
unrelated to the length of the ensuing jet pulse. A potentially re-
lated phenomenon was discovered by Gharib et al.@21# regarding
the vortex ring formation from a jet injected into an otherwise
stagnant fluid. In their controlled water tank experiment, they
found that any additional injected jet fluid beyond a threshold
formation length resulted in no net increase to the resulting vortex
ring circulation. If such a minimum ‘‘formation number’’ exists
for the generation of streamwise vortices via skewed jet injection
in this cascade facility, it is probably below the physical limits of

Fig. 7 Normalized integrated wake loss coefficient „g int Õgint0 …

versus dimensionless forcing frequency „F¿
… for two duty

cycles and at constant mean blowing ratio „BÄ0.2 for 10 per-
cent duty cycle and BÄ0.75 for 50 percent duty cycle …; ReÄ25k
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the current test apparatus. It can also be concluded from these data
that the critical segment of the pulse is the starting transition ver-
sus the ending. In all the examples noted, this initial ‘‘kick’’ domi-
nates the dynamic response of the blade, causing the wake to
shrink dramatically, recovering only after the physical time con-
stants have elapsed.

The data in Fig. 8 bear striking resemblance to the wake tran-
sient histories reported in Amitay et al.@9# for the initiation and
termination of high frequency pulsed control (F1510). The ini-
tial large transient oscillation~‘‘kick’’ ! at startup and the benefi-
cial reduction in wake deficit at termination~with subsequent
gradual relaxation! are all noted by Amitay et al. and are nearly
identical to the behavior outlined in the foregoing. Using two-
component velocity measurements in the wake, Amitay et al. were
able to identify the shedding of vortex pairs of alternating sign as
the airfoil adjusted to the higher lift~attached flow! condition at
control initiation. It is this same shedding of vorticity that appears
as the initial ‘‘kick’’ of the wake in Figs. 8~a–c!. One significant
difference between the blade wake data in Fig. 8 and the Amitay

et al. data is that Fig. 8 represents the transients associated with a
single on-off cycle of the continuous pulsed control, while the
similar transients observed by Amitay et al. were associated with
the onset and cessation of a multi-period high frequency sinu-
soidal flow control. When they dropped the reduced frequency of
control fromF1510 to 0.95, the wake exhibited large oscillations
at the forcing frequency, and they did not profit from the long
transient relaxation times. These lowF1 oscillations were associ-
ated with ‘‘a time-periodic shedding of a train of vortices that
corresponded to~peak to peak! lift coefficient fluctuations of up to
45 percent of the mean lift’’. As cited earlier, this same drop inF1

resulted in a decreased time-averaged wake reduction from
udef /udef0577 percent atF1510 to roughly 92 percent atF1

50.95. This is clearly not a desirable condition and represents a
significant difference between the two sets of results. At the same
F1 of 1, the turbine cascade wakes exhibit only minimal oscilla-
tions associated with each starting transient and the wake loss
reduction is virtually independent of reduced frequency~and re-

Fig. 8 Each figure includes a streamwise velocity „mÕs… raster plot „y versus t … of wakes 5 and 6 over one VGJ pulse period
„on the right … and a time history of jet exit velocity „with added time offset … and udef „on the left …; green lines indicate BÄ0 and
BÄ2 limits; data for F¿Ä0.012 „a…, 0.031 „b…, F¿Ä0.12 „c…, and 0.31 „d…, 50 percent duty cycle, and mean BÄ0.75
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mains so down toF150.1!. For some reason, the turbine cascade
does not require the ‘‘one to two events on the airfoil’’ that exter-
nal airfoil stall experiments require. Moreover, the blade shedding
frequency does not appear to be a dominant factor in the forcing
frequency optimization. This is likely due to the influence of ad-
jacent blades in the cascade, which provide a stabilizing influence
on the boundary layer which is not present in single airfoil or
diffuser configurations. Previous experiments by the authors have

shown that the application of control on one blade in the cascade
can significantly alter the lift distribution on adjacent blades. As
such, the simultaneous control of Blades 4 and 6 may have a
beneficial, synergistic effect on Blade 5, damping out large-scale
flow oscillations and preventing massive suction surface separa-
tion at low dimensionless forcing frequencies.

As instructive as they are, these figures only document the bulk
or net effects of forcing on the blade wake performance. In order

Fig. 9 Each figure includes a streamwise velocity „mÕs… raster plot „y versus t … of wakes 5 and 6 over one VGJ pulse period
„on the right … and a time history of jet exit velocity „with added time offset … and udef „on the left …; green lines indicate BÄ0 & 2
limits; data for „a… F¿Ä0.012, 4 percent duty cycle, and mean BÄ0.05 and „b… F¿Ä0.031, 10 percent duty cycle, and mean
BÄ0.2

Fig. 10 Boundary layer measurement stations on Blade 5
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to gain insight into the physical mechanisms which determine the
time constants and oscillations associated with the pulse transi-
tions, detailed boundary layer measurements are required. To this
end, phase-locked single component velocity measurements were
taken at successive stations along the blade suction surface from
61 percentCx to beyond the trailing edge. Figure 10 illustrates the
measurement stations relative to the VGJ location on Blade 5. As
shown in the figure, the final downstream profile actually inter-
sects the wake measurement station at 0.64Cx downstream of the
trailing edge. All measurement lines are parallel and at the same
spanwise location. Figure 11 shows a composite picture of all the
boundary layer traces at eight distinct phases of the pulse cycle.
The individual boundary layer profiles at each phase are staggered
in the streamwise direction to represent their relative position in

the cascade flowfield. The jet pulse time history is provided at the
top of the figure for reference. The data in Fig. 11 is forF1

5 0.012, meanB50.05 (cm57.631025), and 4 percent duty
cycle.

The first frame (t50.01) is just prior to the pulse initiation. The
61-percent and 73-percent profiles appear attached, while all suc-
ceeding profiles on the blade are separated. The two profiles fur-
thest downstream exhibit the broad separated wake deficit typical
for this Reynolds number. The next frame is taken immediately
following the jet injection (t50.04 s). The profile at 73 percent is
attached, while at 77 percent and 81 percent the flow is unstable.
The shed vorticity has just passed the 81 percent station and is
sitting in the 89 percent boundary layer trace. Byt 50.08 s the
profiles at 81 percent and 89 percent are beginning to reattach.
The 73-percent and 77-percent profiles show a discontinuity in
their attached profiles which is the actual location of the VGJ jet
wake ~there is elevated turbulence at these locations indicating
increased mixing!. The initial shed vortex is now off the blade and
is convecting downstream, having swept the blade virtually clean
of separated flow. Byt50.13 s, the ejected vortex shows up as the
‘‘kick’’ in the last wake profile while the flow over the blade is
already moving toward controlled status. The pulse has terminated
at this point, but the boundary layer traces barely acknowledge
this fact. At t50.18 s, the flow over the blade is fully attached.
The wake is smaller and more localized. The last boundary layer
trace~97 percent! continues to exhibit random fluctuations corre-
sponding to separation migration and periodic shedding between
0.18 s and 0.5 s. Beyond 0.5 s, gradual relaxation proceeds until
t50.6 s where the separation bubble has again engulfed the pro-
file at 81 percent and 89 percent and has just reached 77 percent.
After t50.72 s, the profiles have all resumed theirt50.0 ~fully
separated! character.

This sequence of snapshots clearly documents the salient flow
features highlighted previously in Figs. 8 and 9. The pulse initia-
tion triggers the formation of a large vortex, which convects down
the suction surface pulling with it the largely stagnant, separated
fluid there. Attached flow is then established and remains in place
for over three times the duration of the VGJ pulse. Instability
growth at the blade trailing edge then gradually claims more and
more real estate until the original separated blade condition is
reestablished.

Conclusions
The fluid dynamics associated with the implementation of

pulsed VGJs on the suction surface of a prototypical LPT blade
profile have been documented in detail using phase-locked wake
and boundary layer velocity measurements. The experiments were
performed in a low-speed linear cascade using a typical high per-
formance blade shape with documented separation limitations at
low Reynolds numbers. Pulsed injection was employed over a
wide range of dimensionless forcing frequencies from 0.012 to
7.7, at constant mean blowing ratio and at two duty cycles~10
percent and 50 percent!. The following conclusions are submitted
based on the data presented:

Pulsed VGJs dramatically reduce suction surface boundary
layer separation at low Reynolds numbers. Reductions in wake
losses of up to 60 percent were measured. The bulk effect on
separation is insensitive to frequency over the range of 0.1,F1

,7.7.
The sequence of events affecting the success of control include

an initial transient as vorticity is shed due to the increased blade
circulation followed by the ‘‘on’’~or controlled wake! cycle and a
final relaxation period. The relaxation period is related to a physi-
cal time scale of the flowfield and acts as an effective multiplier of
the beneficial jet influence. Because this relaxation time is essen-
tially a constant of the flow, reducing the pulse duty cycle can
greatly increase the ‘‘free’’ benefits of pulsed control. This behav-

Fig. 11 Snapshots of flow over blade suction surface for F¿

Ä0.012 and 4 percent duty cycle „mean BÄ0.05…; boundary
layer profile positions indicated in Fig. 10; jet exit time history
shown at top
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ior indicates that some economy of jet flow is possible by opti-
mizing the pulse duty cycle and frequency for a particular appli-
cation.

Finally, phase-locked boundary layer data clearly show that it is
the starting transient of the VGJ pulse that initiates the vortex
shedding and thus determines the response of the blade.

These results lead the authors to conclude that the application
of pulsed VGJs for low Reynolds number separation control on
LPT blades shows great promise.
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Nomenclature

B 5 jet blowing ratio5(ru) jet /(ru) local
Cx 5 blade axial chord~0.18 m!
F1 5 dimensionless forcing frequency (0.41Cxf /U in)
Re 5 inlet Reynolds number5r inuinCx /m

c 5 airfoil true chord@m#
cd 5 airfoil drag coefficient
cm 5 jet momentum coefficientcm[0.00121B2max

~duty cycle/100!
d 5 jet hole diameter~1 mm!
f 5 forcing frequency@Hz#
p 5 pressure@Pa#
t 5 time @s#

U or u 5 streamwise mean velocity@m/s#
y 5 blade normal or cross wake direction@m#
m 5 dynamic viscosity@kg/m s#
g 5 wake loss coefficient5(pT, in2pT,ex)/(pT, in2pS, in)

g int 5 integrated wake loss coefficient@cm#
g int0 5 integrated wake loss coefficient without control

(B50) @cm#
udef 5 integrated wake momentum deficit

(udef5*12(u/U local)
2dy) @cm#

udef0 5 integrated wake momentum deficit without control
(B50) @cm#

r 5 density@kg/m3#

Subscripts

ex 5 cascade exit conditions
in 5 cascade inlet conditions
jet 5 vortex generator jet conditions

local 5 local blade conditions
max 5 maximum over cycle

S 5 static or ambient conditions
T 5 stagnation or total conditions
` 5 freestream conditions
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Improved Prediction of
Turbomachinery Flows Using
Near-Wall Reynolds-Stress Model
In this paper an assessment of the improvement in the prediction of complex turboma-
chinery flows using a new near-wall Reynolds-stress model is attempted. The turbulence
closure used is a near-wall low-turbulence-Reynolds-number Reynolds-stress model, that
is independent of the distance-from-the-wall and of the normal-to-the-wall direction. The
model takes into account the Coriolis redistribution effect on the Reynolds-stresses. The
five mean flow equations and the seven turbulence model equations are solved using an
implicit coupled O~Dx3! upwind-biased solver. Results are compared with experimental
data for three turbomachinery configurations: the NTUA high subsonic annular cascade,
the NASAI37 rotor, and the RWTH 1 1/2 stage turbine. A detailed analysis of the flowfield
is given. It is seen that the new model that takes into account the Reynolds-stress anisot-
ropy substantially improves the agreement with experimental data, particularily for flows
with large separation, while being only 30 percent more expensive than the k2« model
(thanks to an efficient implicit implementation). It is believed that further work on ad-
vanced turbulence models will substantially enhance the predictive capability of complex
turbulent flows in turbomachinery.@DOI: 10.1115/1.1426083#

Introduction
Computational Fluid Dynamics~CFD! coupled to turbomachin-

ery specific steady@1–3# and unsteady@4–6# models, and
supported by carefully planed experiments@7–9#, has greatly
enhanced our understanding of the complex flow phenomena
encountered in multistage turbomachinery@10,11#. There are
three major research areas where progress is necessary for
improving the predictive capability of computational
methodologies:

1. Correct modeling of steady and unsteady multistage effects
@11,12#

2. Inclusion of technological details@13–15#, which is mainly
a multiblock structured or unstructured grid management is-
sue

3. Turbulence and transition modeling@16–18#

An examination of computational methodologies for steady
and unsteady turbomachinery flows~Table 1! indicates that the
Boussinesq hypothesis of tensorial proportionality between the
Reynolds-stresses and the mean flow rate-of-deformation tensor
@16# is almost invariably used, the more advanced models
solving two transport equations~an equation for the turbulence
kinetic energy and an appropriate scale-determining equation!.
Although two-equation models give better results than
mixing-length models~and are independent of grid topology!,
they do not take into account the anisotropy of the Reynolds-
stress tensor. More importantly they ignore the misalignment of
the Reynolds-stress tensor and the mean flow rate-of-deformation
tensor, which can be important in complex three-dimensional
separated flows. Numerous variants of two-equation models
exist, but globally results are very similar between variants.
In order to improve upon the two-equation family, it seems
necessary to use models that handle properly the Reynolds-
stress tensor anisotropy. To the authors knowledge such models
have not yet been evaluated for three-dimensional turbomachinery
applications.

The Reynolds-stress models~RSM! are seven-equation clo-
sures, solving six transport equations for the six components of
the symmetric Reynolds-stress tensor, and one scale-determining
equation@65–67#. An additional interest of these models for tur-
bomachinery applications is that the transport equations for the
Reynolds-stresses contain exact Coriolis redistribution terms,
and as a consequence take naturally into account the effect of
rotation on turbulence. Recently, a Reynolds-stress closure for
compressible separated flows, that is independent of the distance-
from-the-wall and of the normal-to-the-wall direction, and that
includes near-wall terms allowing integration to the wall, has
been developed@68# and validated for a number of configura-
tions @70,71#. This closure has also been extended to rotating
flows @69#.

The purpose of the present work is to examine the predictive
capability of this RSM closure for turbomachinery configura-
tions, and to assess potential improvements compared to two-
equation closures. Results are presented for three turbomachinery
configurations:

1. The NTUA subsonic (M̆,0.7) annular cascade@72–74#, a
stator with thin rotor-like profiles, subjected to inflow with
important radial gradients and exhibiting a large separation
at the hub, that computations using the Launder-Sharmak
2« closure fail to predict.

2. The NASAI37 rotor a well-known turbomachinery test-case
@75–78#, for which mixing-length and two-equation closures
fail to correctly predict the nominal-speed operating line.

3. The RWTH 1 1/2 stage turbine@79,80#, for which results
using the Launder-Sharmak2« closure show very good
agreement with measurements.

Turbulence Model
The mean flow equations and the turbulence closure used in the

present work are described in detail by Gerolymos and Vallet
@68,69#, and are summarized in the following for completeness.
The transport equations for the mean-flow~Eqs.~1!–~3!!, and the
Reynolds-stresses~Eq. 4!, are written in a Cartesian reference-
frame rotating with constant~time-independent! rotational veloc-
ity VW 5V ieW i

Contributed by the International Gas Turbine Institute and presented at the 46th
International Gas Turbine and Aeroengine Congress and Exhibition, New Orleans,
Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
Institute February 2001. Paper No. 2001-GT-196. Review Chair: R. Natole.
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wheret is the time,xl the cartesian space coordinates in the rela-
tive frame-of-reference,« i jk the third-order antisymmetric tensor
@81#, d i j the Kronecker symbol@81#, R the radius ~distance
from the axis of rotation: R25@xi2uVu22xjV jV i #@xi

2uVu22xjV jV i #), Wi the relative velocity components,Vi5Wi

1«ijkVjxk the absolute velocity components,r the density,p the
pressure, t i j the viscous stresses,~•̃! Favre-averaging,~•̄!
nonweighted-averaging,~•9! Favre-fluctuations,~•8! nonweighted-
fluctuations,h̆tw

5h̃11/2W̃iW̃i the total enthalpy of the relative
mean flow~which is different from the Favre-averaged total en-

Table 1 Turbulence models used in three-dimensional turbomachinery CFD

authors date closure model space time

Hah @19# 1986 2-eq ARSM@20# O(Dx2) upwind implicit PB
Dawes@2,21,22# 1987 0-eq ML@23# O(Dx2) centered implicit
Hah @24–26# 1988 2-eq k2« @27# O(Dx2) upwind implicit PB
Adamczyk et al.@28–30# 1990 0-eq ML@23# O(Dx2) centered RK1IRS
Chima @31,32# 1990 0-eq ML@23# O(Dx2) centered RK1IRS
Lakshminarayana et al.@33–35# 1992 2-eq k2« @27# O(Dx2) centered RK
Denton@3# 1992 0-eq ML@3# O(Dx2) centered explicit1MLTGRD
Dawes@36,37# 1992 2-eq k2« @38# O(Dx2) centered† RK1IRS
Hirsch et al.@39,40# 1993 0-eq ML@23# O(Dx2) centered RK1IRS
Arnone @41–43# 1993 0-eq ML@23# O(Dx2) centered RK1IRS1MLTGRD
Turner and Jennions@44,45# 1993 2-eq k2« WF @46# O(Dx2) centered RK
Vogel et al.@47,48# 1997 2-eq k2vT @49# O(Dx2) centered RK
Ameri et al.@50,51# 1998 2-eq k2vT @49# O(Dx2) centered RK1IRS1MLTGRD
Furukawa et al.@52# 1998 0-eq ML@23# O(Dx3) upwind implicit
Rhie et al.@53,54# 1998 2-eq k2« WF @46# O(Dx2) centered implicit PB
Gerolymos and Vallet@55–57# 1998 2-eq k2« @58# O(Dx3) upwind implicit
Arima et al.@59# 1999 2-eq k2« @27# O(Dx3) TVD implicit
Fritsch et al.@60,61# 1999 2-eq k2« WF @46# O(Dx2) centered RK1IRS
Sayma et al.@63# 2000 1-eq 1-eq@64# O(Dx2) centered† implicit
present 2000 7-eq RSM@68,69# O(Dx3) upwind implicit

WF5wall-functions; IRS5implicit residual smoothing; PB5pressure-based; RK5Runge-Kutta; MLTGRD5multigrid; ML5mixing-length; ARSM5algebraic Reynolds-
stress model; RSM5Reynolds-stress model;†unstructured
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thalpy h̃tw
5h̃11/2W̃iW̃i1k5h̆tw

1k), h the specific enthalpy,

k51/2wi9wi9 the turbulence-kinetic-energy,wi9 the frame-
independent velocity fluctuations,Pk51/2Pll the turbulence ki-
netic energy production~equal to the trace of the Reynolds-
stresses production tensorPi j !, and « the dissipation-rate of the
turbulence kinetic energy~equal to the trace of the Reynolds-
stresses dissipation-rate tensor« i j !. The symbol (•̆) is used to
denote a function of average quantities that is neither a Favre-
average nor a nonweighted average. The foregoing equations are
exact Favre-Reynolds-averaged unclosed equations.

ConvectionCi j , Coriolis redistributionGi j , and productionPi j
are exact terms. In the present model@68,69# direct compressibil-
ity effects Ki j , pressure-dilatation correlation, and pressure-
diffusion are neglected. The triple correlations are modeled fol-
lowing Hanjalić and Launder@82#. The major improvements in
the present model concern the pressure-strain redistribution terms.
The pressure-strain redistribution terms augmented by the dissipa-
tion tensor anisotropy@83# are split into the slow and rapid parts
and the corresponding echo-terms. The slow partf i j 1 is modelled
by a simple quasi-linear return-to-isotropy model whose coeffi-
cient has been optimized by Launder and Shima@83# so as to
account also for the anisotropic part of the dissipation tensor« i j
22/3d i j «. The closure for the rapid terms uses an isotropization-
of-absolute-flow-production model@84–86#. The echo terms are
computed in the usual way@87#, but the unit pseudonormal direc-
tion eWn5nieW i is approximated by the gradient of a function of the
turbulence length scalel T , of the anisotropy tensor invariants, and
of the Lumley flatness parameterA @88#, thus making the model
independent of wall topology@89#. The effect of the distance-
from-the-wall is included in the functionsC1

w andC2
w . The final

model is
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The model coefficients (C1 ,C2 ,C1
w ,C2

w) are functions of the an-
isotropy tensor (A2 ,A3 ,A) and of the turbulence-Reynolds-
number ReT ~Table 2!. The pseudonormal directionnW appearing in
the echo terms is given by the direction of the gradient of a func-
tion of turbulence length-scalel T and of the anisotropy tensor
invariants~Table 2!.

The dissipation-rate of the turbulence-kinetic-energy« is esti-
mated by solving a transport equation for the modified-
dissipation-rate@93# «* 5«22n̆(gradAk)2 ~n̆ the kinematic vis-
cosity!. The wall boundary-condition is«w* 50, offering enhanced
numerical stability.

The modelled Launder-Sharma@58# equation, with a tensorial
diffusion coefficient@90# is used
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C«50.18; C«151.44; C«251.92~120.3e2ReT*
2
! (10)

The turbulent heat-fluxr̄h9wi9̃ is closed by a simple gradient
model @68#

r̄h9wi9̃52
mTcp

PrT

]T̃

]xi
; cp5

g

g21
Rg ; mT5Cmm̆ ReT*

(11)

Cm50.09e23.4/~110.02 ReT* !2
; ReT* 5

r̄k2

m̆«*

wherecp is the heat capacity at constant pressure, PrT the turbu-
lent Prandtl number~in the present work PrT50.9 to obtain the
correct recovery temperature for turbulent flow over an adiabatic
wall!, and ReT* the turbulence Reynolds number based on the
modified dissipation @93# «* 5«22n̆(gradAk)2 ~« being
turbulence-kinetic energy dissipation, andn̆ the kinematic viscos-

Table 2 Anisotropy tensor invariants and model functions for the pressure-strain closure
„Eq. 8…
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ity!. The thermodynamics of the working gas and the mean vis-
cous stresses and heat-flux are approximated by standard closure
assumptions@68,90,91#

p̄5 r̄RgT̃5 r̄
g21

g
h̃; m̆5m~ T̃!5m273

T̃3/2

273.153/2

TS1273.15

TS1T̃

k̆5k~ T̃!5k273

m~ T̃!

m273
@11Ak~ T̃2273.15!# (12)

t̄ i j >m̆S ]W̃i

]xj
1

]W̃j

]xi
2

2

3

]W̃l

]xl
d i j D ; q̄i>2k̆

]T̃

]xi
(13)

where g is the isentropic exponent,Rg the gas-constant,m the
dynamic viscosity, andk the heat conductivity. For airRg

5287.04 m2 s22 K21, g51.4, m273517.1131026 Pa s, k273

50.0242 W m21 K21, TS5110.4 K, andAk50.00023 K21.

Numerics and Inflow Conditions
The computational method used is based on the solver devel-

oped by Gerolymos and Vallet@90,91#. Turbomachinery compu-
tations use multiblock structured grids@55–57# which are gener-
ated biharmonically@92#. The mean-flow and turbulence-transport
equations are written in the (x,y,z) Cartesian rotating~relative!
coordinates system, and are discretized in space, on a structured
multiblock grid, using a third-order upwind-biased MUSCL
scheme with Van Leer flux-vector-splitting and Van Albada limit-
ers, and the resulting semi-discrete scheme is integrated in time
using a first-order implicit procedure@55,90,91#. The mean-flow
and turbulence-transport equations are integrated simultaneously.
Source-terms~centrifugal, Coriolis, and RSM! are treated explic-
itly. The local-time-step is based on a combined convective~Cou-
rant! and viscous~von Neumann! criterion. The boundary condi-
tions which are applied both explicitly and implicitly, using a
phantom-nodes-technique at grid interfaces, are described in detail
by Gerolymos et al.@55#.

Inflow profiles of total-pressure, total-temperature and
Reynolds-stresses are obtained by fitting, near the hub and the
casing, analytic boundary-layer profiles of velocity, temperature
and turbulence variables, in a manner similar to Gerolymos@99#.
The velocity and temperature profiles are based on a van Driest
@94# transformation of the Spalding profile@95#, augmented by a
Coles wake function @96#. Turbulence kinetic energy and
dissipation-rate are obtained by a local equilibrium hypothesis
Pk5 r̄«* ~where the eddy viscosity is obtained using the Spalding
profile @95# in the inner part, and Clauser’s eddy-viscosity@97# in
the outer part of the boundary-layers!. The Reynolds-stresses are
obtained using constant flat-plate boundary-layer structure values
@98#. The basic initialization procedure is two-dimensional. It is
applied in a frame-of-reference where the wall is fixed, and with a
coordinate-system aligned to the external flow-velocity. A full de-
scription of the procedure for three-dimensional internal flows
containing solid corners is given by Vallet@100#, and has been
applied to turbomachinery by Tsanga@101#.

Comparison With Measurements

Configurations Studied. The proposed Reynolds-stress clo-
sure has been assessed through comparison with measurements
and with computational results using the Launder-Sharmak2«
closure@58#, for three turbomachinery configurations~Table 3!.
For the three cases a careful study of grid-convergence of compu-
tational results was undertaken~Table 4!. The nondimensional dis-
tance from the wall of the first grid point nearest to itnw

1

5Dnwutn̆w
21 ~whereut is the friction velocity,Dnw the distance

from the wall, andn̆w the kinematic viscosity at the wall! is an
important parameter, which, for transonic flows with boundary-
layer separation, should not exceed 3/4@90#.

Annular Subsonic Cascade. The experimental set up is an
annular compressor cascade studied at the Laboratory of Thermal
Turbomachines of the National Technical University of Athens by
Doukelis et al.@72–74#. The measurements were taken at inlet
Mach numbers of;0.6. Although the experiment was initially
intended to investigate the effects of clearance between the blade-
tip and the hub, the reference case with clearancedHC50 is a
very interesting test-case, because of the experimentally observed
large hub-corner-stall.

Preliminaryk2« computations failed to predict the large sepa-
ration region, and as a consequence gave very poor agreement
with measured outflow angles. The incoming flow is quite com-
plex, because the swirl necessary to obtain the desired inlet flow-
angle was experimentally obtained by using a scroll~and not sta-
tor vanes!. As a consequence inflow profiles of total-pressureptM

and flow-angleaM contain important radial variations~Fig. 1!.
The turbulence intensity at inflow was experimentally estimated at
the high values of 3–4 percent. The valueTui

54 percent was
applied as inflow condition in the computations~Table 3!.

Comparison of computed and measured pitchwise-averaged
quantities at inflow and outflow planes~Fig. 1! shows substantial
differences between the present RSM and the Launder-Sharmak
2« @58# predictions. These computations were run using gridID
of 2.33106 points ~Table 4!. This is a rather fine grid withnw

1

,3/4 everywhere. At the inflow plane~situated 0.2 axial chords
xx downstream of the computational inflow plane where the in-
flow profiles are applied! it is seen that both models accurately
simulate the radial distributions ofaM andptM

. They show, how-
ever, a difference in the turbulence profiles near the hub, due to a
different development from computational inflow downstream, the
RSM computations predicting a lower level of turbulence near the
hub ~unfortunately no detailed measurements ofkM were avail-
able!. At the outflow the RSM computations correctly predict the
experimentally measured high swirl near the hub. This swirl is
associated with a large hub-corner-stall, on the suction-side of the
blades~Fig. 2!. The Mach-number plots show the large separation
predicted by the RSM computations on the suction-side~Fig. 2!.
The flow has to go around the separation bubble, and this results
in high outflow swirl at the hub~corresponding to substantial un-
derturning at the hub!, in accordance with measurements~Fig. 1!.
Thek2« computations substantially underestimate the separation
region~Fig. 2!, and as a consequence predict lower than measured
swirl at the exit of the cascade~Fig. 1!. These differences between

Table 3 Configurations studied

NTUAI1 NASAI37 RWTHI1

RHUB ~m) 0.244 0.175–0.194 0.245
RCASING ~m) 0.324 0.237–0.258 0.3
x ~m! 0.1 ;0.056 ;0.06
Rex ;106 1.3322.103106 0.2020.453106

NB 19 36 36–41–36
RPM 0 17188.7 3500
ṁ (kg s21) 13.2 19.2–20.9 8.2
pT2T 0.988 1.95–2.15 1/1.2
pti

(Pa) 97000 101325 169500
Tti

(K) 288.15 288.15 305.75
Tui

4 percent 3 percent 3 percent
d i HUB

~m) 0.014 0.005 0.0025
P i HUB

0.8 0 0
d i CASING

~m) 0.0025 0.005 0.005
P i CASING

0 0 0

RHUB5flowpath radius at the hub;RCASING5flowpath radius at the casing;x5chord;
Rex5Reynolds-number based on inflow relative velocity, blade-chord, and viscosity
at inflow conditions; RPM5revolutions per minute;NB5number of blades;
ṁ5massflow; pT2T5total-to-total pressure-ratio; pti

5inflow total-pressure;
Tti

5inflow total-temperature; Tui
5turbulence intensity at inflow;

d i HUB
5boundary-layer thickness at inflow on the hub;P i HUB

5Coles parameter at
inflow on the hub;d i CASING

5boundary-layer thickness at inflow on the casing;
P i CASING

5Coles parameter at inflow on the casing
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the two models are also seen in the plots of turbulence-kinetic-
energyk ~Fig. 2!, where one can also observe the larger wakes
predicted by the RSM computations. Comparison of computed
and measured total-pressureptM

distributions at cascade exit~Fig.
1! indicates good agreement. The RSM computations slightly
overestimate losses near the hub. This, together with the slightly
higher than measured values ofaM , suggest that the present
model slightly overestimates the separated flow region, a problem
attributed rather to delayed reattachment than to extensive separa-
tion. It is indeed believed that the predicted separation is not too
thick, but that it does not end as abruptly as it should.

In order to assert grid independence of the results, computations
were run using different grids~Table 4!. GridIB of ;106 points

has 69 radial surfaces, and satisfactorynw
1 ~,0.7!, both on the

flowpath walls and on the blades. Grid refinement strategy main-
tained the size of the first grid-cell away from the walls, by using
more points with a lower stretching near the walls~geometric
stretching was invariably used@92#!. GridID of ;2.33106 points
has 141 radial stations, and slightly more blade-to-blade points
~Table 4!. GridIE of ;33106 points has the same radial resolu-
tion as gridID, but a finer blade-to-blade grid~81 points from the
blade surface to mid-passage, corresponding to 161 points from
one blade to its neighbor!, in order to examine the influence of
blade-to-blade refinement~Table 4!.

It should be noted that both the radial refinement~gridIB to

Table 4 Computational grid summary

UH O DH TC OZ points† nwB

1 nwFP

1

NTUAI1
gridIB 173473 69 2013493 69 513513 69 ¯ ¯ 914 181 ,0.7 ,0.7
gridID 173473141 2013533141 913513141 ¯ ¯ 2 269 113 ,0.7 ,0.7
gridIE 173473141 2013813141 913513141 ¯ ¯ 3 062 661 ,0.7 ,0.7
NASAI37
gridIB 493413 65 2013453 65 813613 65 201311321 201321331 1 149 421 ,0.3 ,1.5
gridIC 493413101 2013533101 813613101 201317331 201321341 1 955 587 ,0.3 ,1.0
gridID 493413161 2013533161 813613165 201317341 201321361 3 067 042 ,0.3 ,0.5
RWTHI1
gridIA 313253 51 1813313 51 413313 51 181321321 181321331 1 010 772 ,10. ,5.0
gridIB 313313 65 2013493 65 413413 65 201321321 201321331 2 265 346 ,1.0 ,1.5
gridIC 313313 81 2013493 81 413413 81 201331331 201326346 2 957 250 ,1.0 ,1.0
gridID 313313121 2013493121 413413121 201331341 201326361 4 359 380 ,1.0 ,0.7

UH5upstream-H-grid~axial3tangential3radial!; O5blades-O-grid~around the blade3away from blade3radial!; DH5downstream-H-grid~axial3tangential3radial!; TC
5tip-clearance-O-grid~around the blade3away from blade3radial!; OZ5O-zoom-grid~around the blade3away from blade3radial!; †without O-grid points overlapped by
the OZ-grid;nwB

1 5nw
1 on the blades;nwFP

1 5nw
1 on the flowpath

Fig. 1 Comparison of measured and computed „using the present RSM and the Launder-Sharma kÀ« †58‡… pitchwise-
averaged flow-angle aM , total-pressure p t M

, and turbulence-kinetic-energy k M for the NTUA O1 annular cascade „ṁ
Ä13.2 kg s À1; TuÄ4 percent; grid OD…
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gridID! and the blade-to-blade refinement~gridID to gridIE! are
substantial~factor 2!. Both thek2« and the RSM computations
~Fig. 3! indicate that doubling the number of points radially en-
hances the prediction of the separation region~2.5 deg inaM for
the k2«, and 4.5 deg inaM for the RSM!. The blade-to-blade
refinement~gridIE! was investigated for both closures~Fig. 3!,
and results are identical with the results of gridID. It is believed
that gridID is adequate, although computations with an even finer
grid ~radially! would be needed to demonstrate this assertion. It
should be noted that even the coarse gridIB RSM computations
are better than the fine gridID k2« ~Fig. 3!, underlining the sub-
stantial improvement in flow angle prediction by the RSM clo-
sure. This improvement is associated with a better prediction of
the separated flow structure.

Transonic Compressor Rotor. The NASAI37 transonic rotor
@75–78# is a well known turbomachinery test-case. Experimental
data for the NASAI37 transonic rotor were obtained at various
measurement planes, using both LDV~LASER Doppler Velocim-
etry! and classical rake measurements ofptM

and TtM
~the aver-

aging procedure (•)M is described in Davis et al.@76#!. This rotor
has 36 blades, nominal speed 17,188.7 RPM, and maximum mass-

flow at nominal speedṁCH520.9360.14 kg s21. The nominal
tip-clearance-gap is 0.356 mm@75#. The measurements uncertain-
ties were reported by Suder@78#: massflowṁ60.3 kg s21; abso-
lute flow angleaM61.0 deg; total pressureptM

6100 Pa; total

temperatureTtM
60.6 K.

Computations by numerous authors
@13,26,32,56,59,77,102,103# using a wide variety of turbulence
models and numerical methods, highlight the predictive CFD
state-of-the-art for this configuration. A careful examination of the
computations indicates that, in the limit of grid-converged results,
both zero-equation and two-equation models overestimate the
total-to-total pressure ratiopT2T as a function of massflowṁ.
The zero-equation models overestimatepT2T by ;3 percent,
whereas the two-equation models overestimatepT2T by ;1.5
percent@103#. Grid convergence is important, as demonstrated by
comparing the results using thek2« model of Chien@27# ob-
tained by Hah and Loellbach@26# using ;1.93106 points grid
and by Arima et al.@59# using;0.63106 points. The latter grid
was particularly coarse in the blade-to-blade direction, and as a
consequence underestimated choke massflowṁCH ~20.77 kg s21

Fig. 2 Comparison of Mach-number M̆ and turbulence-kinetic-energy k computed „using the present RSM and the Launder-
Sharma kÀ« †58‡…, at 25 percent span „ṁÄ13.2 kg s À1; TuÄ4 percent; grid OD…

Journal of Turbomachinery JANUARY 2002, Vol. 124 Õ 91

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



instead of the measured value of 20.93 kg s21!, which was cor-
rectly predicted by the fine grid computations by Hah and Loell-
bach @26#. The associated increased blockage gave a seemingly
good prediction of pressure-ratio in the coarse grid computations
@59#, but the characteristic is translated towards lower massflow
~in terms of dimensionalṁ!, and the results are not representative
of the grid-converged model performance.

If the form of the spanwise distribution of the pitchwise aver-
aged total pressureptM

downstream of the rotor is considered,
there are two regions of discrepancy with measurements: 1! a
local peak ofptM

near the casing, corresponding to a too strong
tip-clearance vortex, and 2! a ptM

deficit near the hub~this deficit
is attributed to both an underestimation of hub-corner stall by the
models@26# and to massflow leakage emanating from a small gap
between the stationary and rotating parts of the hub upstream of
the rotor@13# which was not modelled in the computations!.

Previous studies by the authors@55,56# using the same grid-
generation methodology@92# and the same numerical scheme, but
with the Launder-Sharmak2« turbulence model@58#, include
grid-convergence studies using 1, 2, and 33106 points~Table 3!,
indicating that results with gridIC ~23106 points! are practically
grid independent. Based on these results, all the computations
presented here were run on gridID of ;33106 points ~Table 3!.
The computational grid consists of an H-O-H grid with 161 radial
stations. Tip clearance is discretized using an independent O-type
grid with 41 radial stations@55,92#. Comparison of the measured
characteristic~pT2T between stations 1 and 4 versusṁ! at nomi-
nal speed~Fig. 4! with computations using the new RSM closure
@69# and the Launder-Sharmak2« turbulence model@58# indicate
that the RSM results follow closely the experimental characteris-

tic. The improvement of the agreement with measurements is sub-
stantial, compared to thek2« results~Fig. 4!. Examination of the
spanwise distribution of pitchwise-averaged total pressureptM

at
station 4, for various operating points shows that the improvement
is mainly due to the accurate prediction between 40 percent and
80 percent span~Fig. 4!, where the RSM results closely follow the
experimental data, improving upon thek2« computations. There
is also noticeable improvement in predicting theptM

deficit near
the hub~where the nonsimulated massflow leakage might account
for the remaining discrepancy!, for all operating points~Fig. 4!.
On the other hand, the RSM model fails to correct the parasiteptM

peak near the casing, indicating that the relaxation behavior of the
model must be improved. Comparison of computed and measured
spanwise distributions of pitchwise-averaged absolute flow angle
aM at station 4 for the different operating points~Fig. 4! shows
good agreement between the two models and the experiment. The
RSM results underestimateaM by ;1 deg, which is within mea-
surement accuracy@78#, whereas thek2« results are very close to
the experimental data.

In order to understand the mechanism responsible for the im-
proved agreement with measurements, the isentropic Mach-
number distributionsMis @69# at 70 percent span~Fig. 5! are
examined. At operating point 1, the RSM results predict a flow at
the limit between started and unstarted regime@104#, whereas the
k2« computations indicate that the flow is started, with a clearly
visible pressure-side shock-wave~Fig. 5!. On the suction-side the
RSM results predict a shock-wave location;5 percentxx further
upstream compared to thek2« computations~Fig. 5!. This point
is choked, so that the correspondence between experiment and
computations is taken at the same pressure-ratio~and same mass-

Fig. 3 Study of grid-convergence of computed „using the present RSM and the Launder-Sharma kÀ« †58‡… pitchwise-
averaged flow-angle aM , and total-pressure p t M

, at the exit of the NTUA O1 annular cascade „ṁÄ13.2 kg s À1; TuÄ4 percent …
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flow!, corresponding to different shock-structures in the two mod-
els. For all the other operating points the flow is unstarted@104#,
with the RSM results predicting the suction-side shockwave sys-
tematically ;5 percentxx ~xx5axial chord! upstream of thek
2« location. Similar conclusions are drawn at other spanwise
locations. It is plausible that the main improvement brought by the
RSM closure is an improved prediction of the limit between
started and unstarted flow, attributed to a better prediction of
blockage @78#, because of a better prediction of shock-wave/

boundary-layer interaction. Another improvement of the RSM clo-
sure is a more pronouncedptM

peak very near the hub~Fig. 4!, for
all operating points, indicating a better prediction of hub second-
ary flows.

Turbine 1 1Õ2 Stage. Finally computations were run for a 1
1/2 stage axial flow turbine, experimentally investigated at the
Institut für Strahlantriebe und Turboarbeitsmaschinen of the
RWTH @79,80#. Steady three-dimensional multistage computa-

Fig. 4 Comparison of measured and computed „using the present RSM and the Launder-Sharma kÀ« †58‡… radial distribu-
tions of pitchwise-averaged flow-angle ax uM , and total-pressure p t M

, for various operating points at design-speed, for
NASA O37 rotor „ṁÄ20.85, 20.79, 20.65, 20.51, 20.12, 19.78, 19.36 kg s À1; TuÄ3 percent; dTCÄ0.356 mm; grid OD…
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Fig. 5 Computed „using the present RSM and the Launder-Sharma kÀ« †58‡… isentropic-Mach-number distributions at 70
percent span for various operating points at design-speed, for NASA O37 rotor „ṁÄ20.85, 20.79, 20.65, 20.51, 20.12, 19.78, 19.36
kg s À1; TuÄ3 percent, dTCÄ0.356 mm; grid OD…
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Fig. 6 Measured and computed „using the present RSM and the Launder-Sharma kÀ« †58‡… radial distributions of pitchwise-
averaged total pressure p t M

and flow angle aM for RWTH O1 turbine 1 1 Õ2 stage „ṁÄ8.23 kg s À1; TuÄ3 percent; dTCÄ0.4 mm;
grid OD…

Fig. 7 Computed entropy and turbulent kinetic energy plots at various axial planes in the rotor of the RWTH O1 turbine 1 1 Õ2
stage „ṁÄ8.23 kg s À1; TuÄ3 percent; dTCÄ0.4 mm; RSM grid OD…
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tions for this configuration~Table 3! have been compared with
measurements by Emunds et al.@105#, who used a mixing-length
turbulence model@23#. Volmar et al. @106# have performed un-
steady computations with time-lagged pitchwise periodicity for
this configuration, using ak2« model @27#. Gallus et al.@107#
have performed both steady and unsteady computations, for the
stage without the outlet-guide-vane, using ak2« model @27#.

In the present work we have performed steady-multistage com-
putations using four different grids of 1, 2.3, 3, and 4.43106

points ~Table 4! with 51, 65, 81, and 121 radial stations, respec-
tively. The multistage method is based on a mixing-plane ap-
proach between blade-rows, and is described in detail in Geroly-
mos and Hanisch@57#. The meridional averages that are
conserved across the interface are density, mass-weighted veloci-
ties, static pressure, Reynolds-stresses, and kinetic-energy-
dissipation-rate@57#. The matching between rows is achieved us-
ing overlapping grids that allow matching of both values and
throughflow-wise gradients of the conserved quantities, ensuring
very good continuity at the interfaces@57#.

Comparison of measured and computed pitchwise-averaged to-
tal pressureptM

and absolute flow-angleaM at various axial sta-
tions ~Fig. 6! indicates that there is close agreement between the
RSM and thek2« computations on the fine gridID ~4.43106

points!. Agreement with measurements is good for the flow-angles
aM , but the computations slightly overestimate the total pressure
ptM

at rotor exit~plane 2!, and as a consequence at the stage exit
plane 3. This overestimation corresponds to a;1.5 percent un-
derestimation of turbine expansion ratio.

The form of the radial distribution ofptM
is nonetheless very

well predicted~Fig. 6!. Volmar et al. @106# note that there are
some slight inconsistencies in the experimental data~measure-
ments were taken at different planes for slightly different values of
ṁ, and different values of inlet total pressurept0

!. In our compu-
tations the same problems were encountered. As there was some
uncertainty concerning massflow, it was preferred to run the com-
putations at a massflowṁ58.23 kg s21 slightly higher than the
average experimental massflowṁexp58 kg s21, so as to have
good agreement in rotor outflow~plane 2! angleaM ~Fig. 6!. This
resulted in the slight difference inptM

level. This choice~instead
of fitting ptM

with a corresponding discrepancy inaM! was taken
because of our interest in the secondary flow phenomena at rotor
exit ~Fig. 7!. Each peak on the rotor-exitaM ~Fig. 6! distribution
can be identified with a secondary flow-peak in entropy and
turbulence-kinetic energy distributions~Fig. 7!. The overall agree-

ment with measurements is quite good, for both turbulence mod-
els, except at;20 percent span, where a slight dip inaM , asso-
ciated with an important dip inptM

, is not correctly predicted.
Emunds et al.@105# argue that this location corresponds to the
interaction between the nozzle-hub and the rotor-hub secondary
vortices.

The grid influence on results is illustrated by comparing the
results obtained using the different grids~Table 4! and the two
turbulence models for theaM distribution at rotor exit~Fig. 8!.
Concerning the RSM computations, it is seen that the coarsest
gridIA with 51 radial stations fails to predict correctly the struc-
ture of the secondary flows. It should be noted that this grid has
unacceptably high values ofnw

1>5210 ~Table 4!. The RSM com-
putations on gridIB with 65 radial stations andnw

1;3/2 ~Table 4!
does a good job in predicting the structure of the secondary flows
everywhere, except near the casing where it fails to correctly de-
scribe the tip-leakage vortex, associated with theaM-peak at 96
percent span~Fig. 8!. This is improved in the RSM computations
on gridIC which has 81 radial stations,nw

1,1, and a finer grid
within the tip-clearance-gap~Table 4!. This grid predicts the tip-
leakage vortexaM-peak at 96 percent span, but not the undulation
at 90 percent span, corresponding to the interaction between tip-
clearance and the casing secondary vortex~Fig. 8!. Finally, the
RSM computations on gridID with 121 radial stations predict cor-
rectly the secondary flows. Examination of thek2« computations
on gridIB and gridID reveals the interesting feature that although
both models give similar results on the fine gridID, the RSM
computations are substantially better on the coarse gridIB, com-
pared to thek2« computations on the same grid~Fig. 8!.

Conclusions and Perspectives in Turbulence Modelling
In the present work a new near-wall low-turbulence-Reynolds-

number Reynolds-stress model~RSM!, that has been designed to
be completely independent of wall-topology~distance-from-the-
wall and normal-to-the-wall orientation!, has been evaluated by
comparison with experimental measurements, and with results us-
ing the Launder-Sharmak2« model, for three turbomachinery
configurations. To the authors knowledge, this is the first time that
a full near-wall second-moment closure is applied to complex
three-dimensional turbomachinery configurations.

For the NTUAI1 subsortic annular cascade, the RSM closure
corrects the deficiency of thek2« model, by predicting the large
suction-side hub-corner-stall observed experimentally. This results

Fig. 8 Grid-influence on pitchwise-averaged absolute-flow angle aM at rotor-exit of RWTH O1 1 1Õ2 stage turbine „ṁ
Ä8.23 kg s À1; TuÄ3 percent; dTCÄ0.4 mm; grid OD…
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in a substantially improved prediction of cascade-exit flow-angle
distribution, resulting from a better prediction of the complex
three-dimensional separated flow structure.

For the NASAI37 transonic compressor rotor, the RSM closure
improves the massflow versus pressure-ratio operating-map pre-
diction, by improving the prediction of the radial distribution of
total-pressure, through a better prediction of rotor-shockwave
structure~and of shock-wave/boundary-layer interaction!. In par-
ticular, the rotor spill-point~where the flow at the tip becomes
unstarted! is correctly predicted.

For the RWTHI1 1 1/2 stage axial flow turbine, both models
give good prediction of the flow, with the RSM model being less-
grid-sensitive than thek2« model, an important advantage for
industrial applications on relatively coarse grids. In this case the
k2« results on the fine grid are very satisfactory, because there is
no substantial flow separation.

Globally, the present RSM closure yields invariably better re-
sults than thek2« closure, especially when flow separation domi-
nates the flowfield. For flows with little separation, the improve-
ment is marginal, but for all the configurations studied by the
authors results are invariably better with the RSM closure. Expe-
rience with the model shows that it is as robust as thek2« model,
and computing time-requirements are only 30 percent higher per
iteration. When the RSM closure captures complex separated flow
structures, convergence may be slower so that a factor 1.5 in
overall computing-time requirements is estimated.

The basic drawback of the model, as established from compari-
sons with experimental data for basic shockwave/boundary-layer
interaction flows, is a too slow relaxation after the interaction, and
a delayed reattachment. As a consequence, blockage is slightly
overpredicted. Furthermore, the model does not improve upon the
k2« results in the prediction of the tip-clearance vortex mixing
with the main flow, but this is again a problem of too slow relax-
ation ~mainly observed in theptM

-peak near the casing for the
NASAI37 rotor case!. In summary, the new model correctly pre-
dicts separation, but should be improved in the prediction of reat-
tachment. These are two different processes. The separation has
been controlled in the model by an improved quasi-linear model
of the rapid pressure-strain term. The control of reattachment~in-
dependently of separation! is currently under investigation~im-
proved« equation, or 2-scale model!.

Despite the aforementioned drawbacks, the new RSM offers
more confidence in CFD results than 2-equation closures, and also
more possibilities for improvements, since it offers a better de-
scription of turbulence structure. It is believed that further valida-
tion work, and further developments in such advanced turbulence
closures~as opposed to oversimplified 1-equation closures! will
improve the state-of-the-art of turbomachinery CFD.
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Measurements in a Turbine
Cascade Flow Under Ultra Low
Reynolds Number Conditions
With the new generation of gas turbine engines, low Reynolds number flows have become
increasingly important. Designers must properly account for transition from laminar to
turbulent flow and separation of the flow from the suction surface, which is strongly
dependent upon transition. Of interest to industry are Reynolds numbers based upon
suction surface length and flow exit velocity below 150,000 and as low as 25,000. In this
paper, the extreme low end of this Reynolds number range is documented by way of
pressure distributions, loss coefficients, and identification of separation zones. Reynolds
numbers of 25,000 and 50,000 and with 1 percent and 8-9 percent turbulence intensity of
the approach flow (free-stream turbulence intensity, FSTI) were investigated. At 25,000
Reynolds number and low FSTI, the suction surface displayed a strong and steady sepa-
ration region. Raising the turbulence intensity resulted in a very unsteady separation
region of nearly the same size on the suction surface. Vortex generators were added to the
suction surface, but they appeared to do very little at this Reynolds number. At the higher
Reynolds number of 50,000, the low-FSTI case was strongly separated on the downstream
portion of the suction surface. The separation zone was eliminated when the turbulence
level was increased to 8-9 percent. Vortex generators were added to the suction surface of
the low-FSTI case. In this instance, the vortices were able to provide the mixing needed to
re-establish flow attachment. This paper shows that massive separation at very low Rey-
nolds numbers (25,000) is persistent, in spite of elevated FSTI and added vortices. How-
ever, at a higher Reynolds number, there is opportunity for flow reattachment either with
elevated free-stream turbulence or with added vortices. This may be the first documenta-
tion of flow behavior at such low Reynolds numbers. Although it is undesirable to operate
under these conditions, it is important to know what to expect and how performance may
be improved if such conditions are unavoidable.@DOI: 10.1115/1.1415736#

Keywords: Turbine Cascade, Low Reynolds Number Flow

Introduction
Recent trends in engine development have led to increased in-

terest in low Reynolds number flows in turbines. These trends
include increased bypass ratios, resulting in lower core flows,
higher stage loading to reduce weight and cost, and increased
interest in higher efficiency at altitude to reduce emissions and
fuel consumption and to increase payload. Low Reynolds num-
bers lead to increased concern on the part of designers about prop-
erly accounting for transition from laminar to turbulent flow and
about separation of the flow from the suction surface, which is
strongly dependent upon transition. Flow separation reduces the
operating efficiency of the low-pressure turbine which results in
increased fuel consumption. As noted by Rivir@1#, ‘‘unpredicted
losses in the low pressure turbine during operation at high alti-
tudes has stimulated current interest in transition and separation at
low Reynolds numbers.’’ The subject of separation and transition
as it applies to the turbine was discussed at the Minnowbrook II
Conference@2#, Narasimha@3# summarized the conference pro-
ceedings and specifically stated that low Reynolds number flows
in the turbine are particularly susceptible to what was termed short
and long separation bubbles. The Minnowbrook III Conference
@4# continued to explore a variety of topics related to turbine flow
with laminar separation under low Reynolds number conditions
still being a major topic of interest. The definition of Reynolds
number varies among investigators. A common definition of Rey-

nolds number is based on the upstream velocity and axial chord
@5#. The research discussed in this paper uses a Reynolds number
based on suction surface length and flow exit velocity as proposed
by NASA Glenn. The question of how low a Reynolds number is
important in low-pressure turbine applications is frequently ad-
dressed. Communication with industry indicates that the Reynolds
numbers based upon suction surface length and flow exit velocity
below 150,000 and as low as 25,000 are of interest@6#.

While it has been of interest to investigators in recent years,
little research has been done in methods of preventing this sepa-
ration in the low pressure turbine situation. Bearman and Harvey
@7# used dimples on a circular cylinder to control the flow suc-
cessfully. Recently, Lake@5# and Lake et al.@8# proposed the use
of dimples on the suction surface of a turbine blade to control low
Reynolds number separation. Their research showed a decrease in
loss coefficient at low Reynolds numbers with little aerodynamic
penalty at the higher Reynolds numbers.

Another technique proposed to control separation is the use of a
vortex generator jets~VGJs!. This technique uses spanwise arrays
of small skewed and pitched jets from holes in the surface.
Johnston and Nishi@9# showed on a flat plate that stalled regions
in a turbulent boundary layer might be eliminated by use of the
VGJ method. This work continued by looking at the application of
additional configurations of the VGJ method to the turbulent
boundary layer@10#. Selby@11# applied the VGJ method to a flap
configuration with good results. More recent work by Bons et al.
@12# specifically applied the VGJ method to the low-pressure tur-
bine. Work in a cascade facility showed that the separation region
was almost totally eliminated with significant reductions in mo-
mentum loss downstream of the blade with jets. Also, significant
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was the finding that VGJs produce no significant adverse effects
when used at higher, nonseparating Reynolds numbers.

Other control devices for separation include both grooves@13#
and vortex generators. The vortex generators have been mainly
applied to aircraft flaps or wind turbines@14–17#. No research has
been conducted with passive vortex generators on actual turbine
or cascade blades. The challenge is that, while energizing the
boundary layer and preventing separation at low Reynolds num-
bers, the penalty associated with these devices at higher Reynolds
numbers were considered to be unacceptable. Lin@14# showed
that Micro-Vortex Generators, on the order of 20 percent of the
boundary layer thickness, are effective in reducing separation with
only a small drag penalty. The question of manufacturability must
also be addressed, but it is outside the scope of this investigation.
The use of vortex generators shows promise aerodynamically and
is addressed as part of this investigation.

In this paper the extreme low end of the Reynolds number
range of interest, 25,000–50,000, was investigated. Documenta-
tion of the flow included blade surface pressure distributions, loss
coefficients, and identification of separation zones. Total and static
pressures were measured with a precision transducer and a micro-
manometer and separation documentation was with a tuft tied
with a double loop to a small rod. These investigations were ac-
complished at approximately 25,000 and 50,000 Re with both 1
percent and 8–9 percent FSTI. The blade shape is the profile often
referred to as the Langston profile. The blade row aspect ratio was
nearly 4:1 with a solidity ratio of 0.95.

Experimental Apparatus

Aero-Thermodynamic Cascade Facility. The test facility at
the United States Air Force Academy~USAFA! is a closed-loop
wind tunnel facility specifically designed for use as a linear cas-
cade, as shown in Fig. 1~see@18#!. The tunnel is normally capable
of velocities from 5 m/s up to approximately 75 m/s, which are
adjusted by moving the variable pitch fan blades on the 200 hp
electric motor. For these experiments, lower velocities to approxi-
mately 1 m/s were achieved by opening access panels to the
closed-loop tunnel and by providing further restrictions to the
flow in the tunnel loop upstream of the fan. The tunnel operates
near ambient pressure of 78 kPa and temperature of 22–25°C. The
tunnel temperature can be controlled by varying the flow rate of
cooling water through a fin-and-tube heat exchanger. The geom-
etry is shown in Figs. 1 and 2 and parameters are in Table 1. The
USAFA tunnel was modified to accept seven blades~nine includ-
ing sidewalls! with a high aspect ratio of nearly 4.0, which
achieves uniform, two-dimensional flow over the test portion of
the blades. The clean tunnel free-stream turbulence was measured
with a hot-wire to be approximately 1 percent. Upstream hotwire

and pitot static measurements were made at a location displaced
outboard~to the right when facing the blade! of the measurement
blade leading edge at a location that was the same distance down-
stream from the turbulence generation grid as that of the measure-
ment blade. This location provided velocity and turbulence data
using the same flow seen by the blade but kept the probes from
influencing the flow over the test blade. The total pressure from
this location was also used in the measurement of the loss coeffi-
cient.

The blades on either side of the center blade were tapped to
measure static pressure over each blade. The inboard of these two
was the test blade of this study and the other was used to show
periodicity. Welsh et al.@18# showed the tunnel periodicity and
demonstrated that the approach velocity is uniform to within 1
percent over the test region being studied.

Turbulence Generation Grid. The turbulence generation
grid was modeled after that described by Roach@19# and placed in
the tunnel so that it was perpendicular to the flow. An elevated
turbulence level of approximately 8–9 percent was achieved using
a passive biplanar lattice grid with square-bar widths of 1.27 cm.
The grid was placed the appropriate distance upstream of the test

Fig. 1 Linear cascade facility at the United States Air Force
Academy

Fig. 2 Cascade geometry

Table 1 Cascade parameters
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section to produce the 8–9 percent turbulence intensity at the inlet
to the test passage under study. Turbulence length scales were
measured previously by Butler et al.@20# for a slightly higher
Reynolds number. They found the turbulence micro-scale to be
approximately 16 mm and the turbulence macroscale to be 40 mm
for this square bar width.

Loss Coefficient Pitot Rake. The loss coefficient pitot rake
~see Fig. 3! was located 5 cm downstream of the test blade. The
rake consists of seven 1.6-mm-dia tubes spaced 2.54 cm apart on
the horizontal plane. The tubes were aligned with the camber exit
angle. The center tube zero position is downstream of the trailing
edge of the blade. The tubes extend downstream approximately
2.54 cm aligned with the flow and then bend 90 deg, merge to-
gether and exit the test region. The rake was mounted on a micro-
traverse that enabled it to be accurately translated horizontally.
The rake tubes are connected with Tygon tubing to a Scani-valve
and then to both an MKS Model 223 Differential Capacitance
Manometer and a Dwyer Microtector Portable Electronic Point
Gage.

Vortex Generator Fabrication. The counterrotating vortex
generators~VG! of this experiment were fashioned after Lin@14#
~see Fig. 4!. They were fabricated from aluminum shim stock
0.0254 mm~0.001 in.! thick by bending the tabs individually to
the proper angles. The VG tabs extend vertically approximately 1
mm, which is on order of the local boundary layer thickness. A
height of 1 mm was chosen because it could be fabricated from
the shim stock. The counterrotating VGs have a spacing of 1 mm
and pairs repeat every 5 mm. The angle of the VG tabs to the flow
is approximately 23 degrees. The strip was placed vertically at
S/Bx of 0.5 on the blade suction surface and fastened with 0.0508
mm ~0.002 in.! thick tape. This location was chosen because it
was near the position of highest velocity on the suction surface
according to the static pressure distribution.

Experimental Techniques
Measuring velocities and pressures to calculate loss coefficients

and pressure coefficients in the flow associated with a Reynolds

number of 25,000 proved to be challenging. The scale of the cas-
cade tunnel~approximately 103 normal size! resulted in an ap-
proach velocity of 1 m/s. This corresponds to a pressure difference
between pitot and static pressure of approximately 0.004 torr
~0.0021 in. of water!. When measuring the total pressure differen-
tial between the upstream total pressure and the wake total pres-
sure, the numerical value can be even smaller. As a result, several
methods were used to document the flow.

A pressure transducer was used to document the pressure dif-
ferences for both the coefficient of pressure,Cp , and loss coeffi-
cient,g, plots. This pressure transducer had a range of 0–0.2 torr
and an accuracy of 0.3 percent full scale. The measurements
taken, 0.004 torr and lower, are on the low end of this scale. This
translates to approximately 15 percent bias error associated with
the instrument at this velocity. To improve the stochastic uncer-
tainty associated with this measurement, a data acquisition system
was used and measurements were taken at a rate of 10 per s for
120 s. At 1 m/s, two standard deviations were approximately 28
percent of the overall measurement. These two contributors would
combine to have an overall measurement error for the single
sample of approximately 32 percent. This number highlights the
challenge associated with measuring extremely low velocities. At
a Reynolds number of 50,000, the signal is much stronger and
these problems disappear. Even with the rather large uncertainty
associated with this measurement, the repeatability was excellent
when compared with subsequent data runs using the pressure
transducer, the hotwire anemometer, or the micro-manometer.
This applies to measurements of steady flow that will be dis-
cussed. Some cases had a very unsteady behavior at the separation
zone and such repeatability was not possible, due to the flow
unsteadiness.

A Dwyer Microtector Portable Electronic Point Gage micro-
manometer was used for pressure measurements. This instrument
has a stated accuracy of 0.00025 in. of water. This reported accu-
racy results in an error of 12 percent in the measurement made
under the present conditions. To reduce the uncertainty associated
with measurements using this device, 20 samples were taken at
each measurement point. As a result, the two standard deviation
error associated with a typical measurement would be approxi-
mately 10 percent, with errors as high as 20 percent with smaller
pressure differentials. At 1 m/s, the overall uncertainty would be
on the order of 15.5 percent using the root sum squared method.
This lower uncertainty prompted the use of this instrument in
conjunction with the pressure transducer. Again, the repeatability
of the measurement was extremely good and the comparison with
the pressure transducer was excellent. While the micromanometer
has a lower stated accuracy, comparing the two measurements
gives confidence to pressure transducer data recorded previously.
The transducer will likely be the instrument of choice in the future
as the data can be taken and recorded electronically.

Using the method of Kline and McKlintock@21# yields uncer-
tainties in loss coefficient measurement~for the range of data
points! on the order of 16 to 60 percent when using the manom-
eter and uncertainties on the order of 40 to 60 percent when using
the transducer. ForCp , the uncertainties ranged from 15 to 48
percent using the manometer and were slightly higher for the
transducer. These values reflect the difficulty in making measure-
ments at such low velocities.

Measurements of mean velocity and turbulence were made with
a hot-film anemometer driven by a TSI IFA-300 bridge and acqui-
sition unit. Calibration was done using the TSI Calibration System
with the proper choice of flow metering nozzles. The sensor could
be calibrated to as low as 0.5 m/s with an uncertainty of less than
7–8 percent. A King’s law relationship provided an excellent data
fit over the range 0.5,V,3.0 m/s. Below 0.5 m/s, data were not
repeatable and errors due to natural convection were suspected.

Last, to gain additional insight into the data gathered with the
pressure measurement instruments, a tuft was used to determine
flow direction and to verify separated regions. A double-loop tuft

Fig. 3 Detail of loss coefficient pitot rake

Fig. 4 Vortex generators and template
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was used to eliminate any bias with the attachment of the string to
the wand. The single wand was inserted through a slot in the top
of the tunnel and moved to various locations on and around the
blade. It proved extremely useful under the low flow conditions. It
seemed to be intrusive only in the cases of unsteady separation.

Results and Discussion

ReNASA 28,000 With low Free-Stream Turbulence Intensity
„È1 Percent…. As revealed by the tuft at Re528,000 and low
FSTI, the suction surface displayed a strong and steady separation
region. As shown in Fig. 5, this region started approximately 65
percent of the suction surface length downstream of the leading
edge (S/Lw). No reattachment was noted. On the pressure sur-
face, a large separation region was noted at the leading edge with
reattachment approximately 20 percent down the pressure surface.
Figure 6 shows observations taken from the tuft visualization.
Because gravity forces were important relative to drag forces, the
attached flow is viewed as a tuft tilted downstream~40 percent
S/Lw!, whereas the separated flow is viewed as a vertical tuft
position.

TheCp plot ~Fig. 7! for a ReNASA of 28,000 shows reasonably
good agreement between various data sets taken for this study
using the micro-manometer and the MKS transducer~within the
uncertainty!. On the suction surface there is a peak at approxi-
mately 0.6S/Bx . This would correspond to the highest velocity
on the suction surface. Downstream is a region of separated flow
at approximatelyS/Bx51 which continues until close to the trail-
ing edge of the blade. On the pressure surface, there is a region of
low-velocity flow near the leading edge. The nonzero value of the
flow is attributed to the unsteadiness or movement of the stagna-
tion point, as observed with the tuft. The loss coefficient data are
presented in Fig. 8 with the zero location being downstream of the
trailing edge. Positive values are on the suction surface and nega-
tive values are on the pressure surface. The loss coefficient is the
drop in total pressure from that of the approach flow, normalized
by the departure flow velocity head. The departure flow velocity is
computed from the approach flow velocity, as measured by a
pitot-static tube, and the flow area ratio between the inlet and
departure planes. The graph shows good agreement between the
transducer and the micro-manometer. The overall loss coefficient
~integrated area under the entire curve! is 0.156 for the micro-
manometer and 0.174 for the transducer. The peak of the curve
favors the suction surface at approximately 1.27 cm from the trail-
ing edge indicating the large losses associated with the large sepa-
ration zone on the suction surface. It also shows a nonzero value
in the areas outside of the separation wake region. The mechanism

for this value is not entirely understood but must be attributable to
some shear causing losses throughout the channel when integrated
over the measurement time of 120 s.

ReNASA 24,000 With High Free-Stream Turbulence Intensity
„È9 Percent…. Raising the turbulence intensity caused some ten-
dency for reattachment; however, this resulted in a very unsteady
separation region that reached a maximum size approximately
equal to that of the previous case, diminished somewhat, then
grew again. The dynamics could not be measured but were in-
ferred from tuft visualization. See Figs. 9 and 10. The bottom
photo in Fig. 10 shows the tuft in a low shear condition. The

Fig. 5 Passage flow for Re NASA 28 K and 1 percent FSTI—a
sketch showing observations with tuft

Fig. 6 Flow region shown by tufts located at the 40 „top …, 70
„middle …, and 90 percent „bottom … suction surface length posi-
tions as measured from the leading edge; Re NASA È28,000; 1
percent FSTI

Fig. 7 Cp plot for Re NASAÄ28,000, FSTI È1 percent; the ‘‘ear-
lier data’’ were taken under similar conditions but several
months prior to the current tests
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unsteadiness at this location caused the tuft to oscillate between
this condition and a complete separation. This unsteadiness ap-
peared to propagate throughout the channel leading to an unsteady
approach flow~velocity magnitude and angle! to the leading edge.
This unsteadiness greatly influenced the leading edge region, pre-
venting the establishment of a steady stagnation point. It also
appears to be responsible for a very large separation zone on the
upstream portion of the pressure surface, a much more pro-
nounced separation zone than was present in the more steady,
low-FSTI approach flow case at this Reynolds number. It is inter-
esting to note that even with such strong separation, upstream on
the pressure surface and downstream on the suction surface, the
channel was effective in turning the flow. In fact, the flow appears
to have the same turning as in high Reynolds number cases where
separation is avoided. The role of the tailboards, which were set
for high Reynolds number flow and not changed, is unknown.
Also noteworthy for this extreme case is that theCp distribution
was not strongly changed from distributions for higher Reynolds
number cases and other turbulence intensities even though the
separation was noted. This would suggest that the separation
zones are thinner in this case than in the low FSTI case. The peak
in Cp remains approximately at 0.5S/Bx and the separation re-
gion begins at approximatelyS/Bx51 and continues to the trail-
ing edge~at its largest!. Figure 11 shows disagreement between

vanes measured with the two pressure recording instruments,
whereas Fig. 12 shows agreement. The normalizing quantity is the
inlet flow head. The inlet velocity head is one of the weakest
signals measured. Hence, the normalizing quantity is one of the
most difficult quantities of the series to measure accurately. If the
quantity is that measured by the upstream pitot tube as recorded
by the micro-manometer or pressure transducer, for normalization
of respective curves, the results of Fig. 11 are achieved. If the
velocity measured by the hot-wire is used to normalize both
curves ~numerators recorded by transducer and micro-
manometer!, the curve of Fig. 12 is achieved. To conform with
standard practice, all loss coefficient data, except for Fig. 12, are
normalized by using velocities taken with their respective mea-
surement instrument. Again the pressure coefficient on the pres-
sure surface near the leading edge is not zero, indicating that all

Fig. 8 Loss coefficient for Re NASAÄ28 K, FSTI È1 percent

Fig. 9 Passage flow for Re NASA 24 K and 9 percent FSTI—a
sketch showing observations with tuft

Fig. 10 Upper photo shows separated flow region on the pres-
sure surface. Bottom photo shows the unsteady separated flow
region near the trailing edge of the blade on the suction sur-
face. ReNASA È24,000; FSTI È1 percent.

Fig. 11 Cp plot for low Re NASA with FSTI 1 and 9 percent
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stream tubes passing through the channel experienced some loss
in total pressure. This is consistent with the observation that both
pressure and suction side separation zones were large and ap-
peared to fill much of the channel width. The loss coefficient plot,
as shown in Fig. 13, illustrates the difficulty of measurement due
to the unsteady nature of the flow. Consistent measurements were
hard to make and the data scatter in a wide band.

ReNASA 59,000 With Low and High Free-Stream Turbulence
Intensity „È1 Percent,È9 Percent……. At the higher Reynolds
number of 58,000, the low-FSTI case was strongly separated on
the downstream portion of the suction surface. When the turbu-
lence level was increased to 8–9 percent, the separation zone was
eliminated. It was found that flow through the center of the pas-
sage contained a very small drop in stagnation pressure. This is
contrary to the higher losses across the entire passage in the low
Reynolds number cases and somewhat different than the expecta-
tion based on experiences with high Reynolds number cases
where no losses were observed over a considerable portion of the
center of the channel. TheCp plot, as shown in Fig. 14, looks
similar to that of the lower Reynolds number case complete with
a maximum at 0.6S/Bx and a separation region that appears
slightly smaller. The loss coefficient plot, shown in Fig. 15, shows
a reduction in magnitude and a shift in the peak towards the trail-
ing edge when compared to the lower Reynolds number case. The
loss coefficient distribution appears slightly smaller, especially on
the pressure side. The loss coefficients for this ReNASA were 0.084
for the micro-manometer measurements and 0.087 for the pres-
sure transducer.

Vortex Generators. To investigate the opportunities for con-
trol, vortex generators were added to the suction surface as previ-

ously stated. For the case of the low Reynolds number of approxi-
mately 25,000, the 1-percent FSTI case was so massively
separated that no effect of the vortex generators could be noted.
For the low FSTI case, again, the separation was quite strong and
unsteady. The vortex generators may have reduced the wake re-
gion downstream of the blade slightly, but the data were incon-
clusive.

For the high Reynolds number cases, the high FSTI eliminated
separation and the effect of the vortex generators was not mea-
sured. For the low FSTI case, the vortices were able to provide the
mixing needed to reestablish flow attachment. Figure 14 shows a
continuous slope in the region ofS/Bx51 for the VG case indi-
cating separation has been eliminated. Figure 15 shows that the
loss coefficient distribution for the higher Reynolds number flow
seems to be changed by the addition of vortex generators, indicat-
ing a narrowing of the wake region. Only one row of vortex
generators was placed on one blade; therefore, only suction sur-
face data are reported. VGs need to be applied to more than one
blade to determine the effect that VGs on the suction surface may
have on the pressure surface data.

Future Work
Further documentation of ReNASA of 50,000 and 75,000 is nec-

essary for the clean tunnel, 5 percent FSTI, and 10 percent FSTI
configurations. The use of passive devices, such as vortex genera-
tors, dimples, and active control, will be evaluated for their impact
on loss coefficient and coefficient of pressure. While passive de-
vices do delay separation at lower Reynolds numbers, their influ-
ence on losses at the higher Reynolds numbers also should be
explored.

In conjunction with the experimental testing, low Reynolds
number CFD support should be conducted. This might add some
insight on the extent of the separated regions and where transition
is occurring.

Fig. 12 Cp plot using hot-wire velocity to normalize Cp

Fig. 13 Loss coefficient Re NASAÄ24 K

Fig. 14 Cp plot for Re NASAÄ59 K; FSTI È1 percent with vortex
generators

Fig. 15 Loss coefficient Re NASAÄ54 K; FSTI È1 percent
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Summary
This paper shows that massive separation at very low Reynolds

numbers~25,000! is persistent, in spite of elevated FSTI and
added vortices. However, at a higher Reynolds number of 50,000,
there appears to be opportunity for flow reattachment either with
elevated free-stream turbulence or with added vortices. This may
be the first documentation of flow behavior at such low Reynolds
numbers where massive separation zones are prevalent. Although
it is undesirable to operate under these conditions, it is important
to know what to expect and to have an idea of how performance
may be improved if such conditions cannot be avoided.

Nomenclature

B1 5 air inlet angle
B2 5 air exit angle
Bx 5 axial chord, m
Cp 5 coefficient of pressure5(Ptotup2Ps)/(0.5rVinlet

2 )
FSTI 5 free-stream turbulence intensity

Lw 5 wetted length of suction/pressure surface, m
p 5 blade pitch, m
P 5 pressure, N/m2

ReNASA 5 Reynolds number based on suction surface length
and passage exit velocity5rVexitS/m

S 5 length along suction surface, m
V 5 velocity, m/s
g 5 loss coefficient5(Ptotup2Ptotdown)/(0.5rVexit

2 )
m 5 dynamic viscosity, kg/m s
r 5 density, kg/m3

Subscripts

exit 5 exit to passage
inlet 5 approaching the airfoil row

s 5 local static
s-up 5 upstream static

totdown 5 downstream total
totup 5 upstream total
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Detailed Boundary Layer
Measurements on a Turbine
Stator Vane at Elevated
Freestream Turbulence Levels
High freestream turbulence levels have been shown to greatly augment the heat transfer
on a gas turbine airfoil. To better understand these effects, this study has examined the
effects elevated freestream turbulence levels have on the boundary layer development
along a stator vane airfoil. Low freestream turbulence measurements (0.6 percent) were
performed as a baseline for comparison to measurements at combustor simulated turbu-
lence levels (19.5 percent). A two-component LDV system was used for detailed boundary
layer measurements of both the mean and fluctuating velocities on the pressure and
suction surfaces. Although the mean velocity profiles appeared to be more consistent with
laminar profiles, large velocity fluctuations were measured in the boundary layer along
the pressure side at the high freestream turbulence conditions. Along the suction side,
transition occurred further upstream due to freestream turbulence.
@DOI: 10.1115/1.1424891#

Introduction
Accurate predictions of surface heat loads on an airfoil are

made difficult by the complex flow structure surrounding the air-
foil. Boundary layers developing on a vane or blade surface are
subjected to a combination of variables including freestream tur-
bulence, surface curvature, roughness, favorable and unfavorable
pressure gradients, boundary layer transition, relaminarization,
and stagnation point flow. Numerous investigations have been per-
formed in the past that have addressed the isolated effects of most
of these variables on boundary layer development with the major-
ity of the studies being performed on simple flat plate or
cylinders-in-crossflow geometries. To incorporate all of the vari-
ables affecting boundary layer development on gas turbine air-
foils, studies need to be performed on geometries representative of
those found along an airfoil. While there have been a few studies
performing boundary layer measurements on an airfoil surface,
these studies have been made at relatively low freestream turbu-
lence conditions. To date, no studies have been performed on a
turbine airfoil geometry at turbulence levels representative of
those exiting current gas turbine combustors.

Turbulence measurements taken at the exit of a variety of gas
turbine combustors have shown that the levels can range between
8 percent and 40 percent~Goldstein et al.@1#; Kuotmos and
McGuirk @2#; and Goebel et al.@3#! with an indication that the
integral length scale is dictated by the diameter of the dilution
holes in the combustor~Moss@4#!. Although the turbulent kinetic
energy levels actually increase through the downstream airfoil
passage due to the velocity gradients experienced by the flow
~Radomsky and Thole@5#!, the local turbulence levels, particu-
larly along the suction side, decrease as the flow is accelerated.
The effect that these high turbulence levels has on the airfoil is to
significantly increase the heat transfer along the leading edge and
pressure side surfaces as well as move the transition location for-
ward on the suction side surface. Typically, the increase in turbu-
lent kinetic energy in the passage is not accounted for in the
current boundary layer codes, which assume decay rates similar to

that occurring downstream of a grid. Thus, it is important to gen-
erate an experimental database to use as a benchmark for improv-
ing predictive tools for the purpose of more accurately capturing
the physics of the flowfield.

Past Studies
As stated previously, most of the boundary layer studies exam-

ining various flowfield effects have used a flat plate geometry.
These studies, which started as early as Kestin@6#, are far too
numerous to completely discuss in this paper. A few of the more
relevant investigations in which boundary layer measurements
have been made along an airfoil will be discussed in the following
paragraphs.

Detailed boundary layer measurements have been made on an
airfoil surface by Ubaldi et al.@7#, Bario and Beral@8#, and Lee
and Kang@9#. Ubaldi et al.@7# performed detailed boundary layer
measurements at low freestream turbulence conditions in a large-
scale turbine vane cascade at low turbulence levels. The measure-
ment technique that they used was a two-component LDV system
with a probe volume size that ranged between a 10,D1,40.
Ubaldi et al.@7# reported that the boundary layers on the pressure
side of the vane remained ‘‘laminar in shape’’ along the majority
of the pressure surface although large streamwise fluctuations
were present inside the boundary layer.

Measurements reported by Bario and Beral@8# were for a
scaled up stator vane geometry in which they used a two compo-
nent LDV system. The freestream conditions included two turbu-
lence levels at Tu50.6 and 5 percent. For the turbulent profiles,
the increased turbulence penetrated into the boundary layer caus-
ing elevated levels of streamwise fluctuations in the transition
region. An increase in the correlation coefficient was also ob-
served in the boundary layer for the higher turbulence levels,
which was the opposite trend to that observed by Thole and Bog-
ard @10# for flat plate boundary layers. They attributed these in-
creases to the highly correlated turbulence outside of the boundary
layer.

Lee and Kang@9# compared low freestream turbulence condi-
tions to levels as high as 15 percent that they were able to simu-
late by placing their symmetric airfoil in the downstream wake of
another airfoil. Note that the wake flowfield is fundamentally

1Presently at Raytheon, Tuscon, AZ 85734.
Contributed by the International Gas Turbine Institute and presented at the 46th
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different from the one studied in our paper for the following two
reasons: i! there exists a mean velocity deficit from the upstream
airfoil wake that impacts the airfoil leading edge, and ii! the tur-
bulence level outside of the wake region is low. At low freestream
turbulence conditions, the measured streamwise velocity fluctua-
tions near the wall appeared to go from a two-peaked profile to a
single peaked profile as the mean velocity profiles transitioned
from laminarlike to fully turbulent. At high freestream turbulence
conditions, their results indicated the presence of high streamwise
velocity fluctuations even though the mean profile appeared lami-
nar in shape for the case with high freestream turbulence
conditions.

Although these studies have given an indication of boundary
layer development on an airfoil surface, there is a need for de-
tailed measurements at turbulence levels representative of those
exiting typical gas turbine combustors. This paper represents one
in a series of papers that have documented highly turbulent flow
through a first-stage vane passage. Midspan turbulence measure-
ments and surface heat transfer measurements were reported by
Radomsky and Thole@5# while the effects of freestream turbu-
lence in the endwall region were reported by Radomsky and Thole
@11#. These previous two papers in addition to the present paper
provide a complete database for computational benchmarking.

Experimental Design
The details of the recirculating wind tunnel and design of the

stator vane test section used in this study have been documented
thoroughly in a number of previous studies including Kang et al.
@12#, Kang and Thole@13# and Radomsky and Thole@5,11,14#. A
schematic of the stator vane test section and a table showing the
relevant geometrical parameters and operating conditions are
given in Fig. 1. Note that the metal angle is the average angle of
the pressure and suction sides, which is 72 deg for our case, while
the flow angle is the angle at which the flow leaves the passage
relative to the inlet, which is 78 deg for our case. To allow for
highly resolved boundary layer measurements, the vane cascade
was geometrically scaled-up by a factor of nine. The inlet Rey-
nolds number to the test section was matched to that of an engine;
however, the inlet Mach number could not be matched due to the
increased scale of the test section. It can be shown using the
boundary layer equations that if the acceleration parameter and
momentum thickness Reynolds numbers are matched, the flow
field between the compressible and incompressible conditions will
also be matched~Polanka@15#!.

The test section consisted of an instrumented central vane in
addition to the leading edges of two adjacent vanes. A flexible
plexiglass sidewall, which allowed optical axis for LDV measure-
ments, was attached to the leading edges of the vane. The flexible

wall was placed to exactly match the geometry of an adjacent
vane. Downstream of where the adjacent airfoil would end, the
location of the flexible wall was placed to match the pressure
distribution predicted by a two-dimensional, low-speed, inviscid
calculation. Static pressure measurements on the vane were per-
formed to insure the correct placement of the flexible wall in
addition to insuring periodic flow was achieved between the two
passages.

Heat transfer measurements were made on the polystyrene cen-
tral vane, which was wrapped with five 50-micron-thick type 304
stainless steel foils. The metal foils provided a constant heat flux
boundary condition. Beneath the stainless steel foil and embedded
in the styrofoam 58 type E thermocouples were placed. The span-
wise position for the thermocouples was at 40 percent of the span
measured from the bottom endwall.

A few changes were implemented to the experimental setup that
differed from the descriptions given in the aforementioned inves-
tigations. In order to accurately measure boundary layers with a
laser Doppler velocimetry~LDV ! system, which was the main
objective of the investigation, a surface must be both smooth and
nonreflective. For this reason, a new instrumented central vane
was constructed to replace the original vane which had the metal-
lic constant heat flux surface. As with the original vane, the new
vane was also constructed from stacking pieces of 2-in. rigid Sty-
rofoam insulation that was cut to shape using a template and an
electrically heated wire. The Styrofoam cutouts were epoxied to-
gether to achieve the necessary span/chord ratio given in Fig. 1.
The entire vane was sanded to achieve the correct profile and
eliminate any steps between adjacent cutouts. Upon achieving a
smooth surface, the entire vane was then covered with several
layers of fiberglass. After the final layer of fiberglass was applied,
the vane was sanded and painted repeatedly using progressively
finer sand paper until a smooth, flat black surface was achieved. A
description of the process is found in Radomsky@16#.

The second change in the experimental setup involved the
method for generating elevated freestream turbulence levels. Due
to a change in the location of the experimental facility, the com-
pressed air system required for the active-grid turbulence genera-
tor was no longer available. As a result, a different technique for
generating turbulence levels of 20 percent was required. Previous
work at the University of Texas showed that turbulence levels of
20 percent and length-scale-to-pitch ratios ofLx /P50.091 could
be obtained using a passive grid system~Polanka,@15#!. Note that
these are the same level and scale of the turbulence used in Ra-
domsky and Thole@5,11#. The passive grid design consisted of a
series of 3.8-cm-dia bars with a lateral spacing ofsL /d52.2. The
bar size and the close spacing between the bars was reported to
eliminate the shedding from the bars in the region where measure-
ments were performed. As will be shown later, good agreement in
the turbulence level was achieved between the two turbulence
generator techniques.

Methods Used for Boundary Layer Measurements
Boundary layers at nine streamwise locations were measured

with the LDV system on the vane at the midspan location. The
location of boundary layer measurements on the vane surface can
be seen in Fig. 2. Boundary layer profiles were measured at four
streamwise locations on the pressure surface. These locations cor-
respond to streamwise distances ofs/C520.15~P1!, 20.30~P2!,
20.45 ~P3!, and 20.60 ~P4! from the vane stagnation location.
Boundary layer profiles were measured at five streamwise loca-
tions on the suction surface corresponding to streamwise distances
of s/C50.21 ~S1!, 0.50~S2!, 0.75~S3!, 1.00~S4!, and 1.25~S5!.
The boundary layer measurements used a local coordinate system,
as shown in Fig. 1, where the origin was located at the vane
surface at the desired streamwise location. One axis of the coor-
dinate system was aligned parallel~x!, while the other axis was

Fig. 1 Schematic of stator vane test section
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normal ~y! to the surface. To completely document the boundary
layer structure, a minimum of 20 measurement locations were
measured in each of the boundary layer profiles.

A two-component back-scatter fiber optic LDV system used in
this study consisted of a 5 W laser and a TSI model 9201 Color-
burst beam separator. Velocity data was processed using TSI
model IFA 755 Digital Burst Correlator controlled using TSI’s
FIND software. To keep the measurement volume as small as
possible, a beam expander and 450 mm focusing lens were used.
This resulted in a probe diameter, which is the coordinate normal
to the surface, of 44mm and a probe volume length of 0.32 mm.
In addition to the location of the measurements, Fig. 2 also shows
the nondimensional diameter of the probe volume (D1), in terms
of inner wall coordinates, at each of the measurement locations.
The LDV probe was tilted at the half-angle of the beams,k
57.78 deg, to allow for measurements very near the vane surface.
For the noncoincident LDV measurements, each mean and rms
velocity were averaged over 12,000 points, which took nominally
20 s to acquire. For coincident LDV measurements, using a coin-
cidence window of 10ms, each mean and rms velocity were av-
eraged over 25,000 points to allow for accurate determination of
higher order velocity statistics. All measurements were corrected
for bias errors using the well-accepted time weighted average cor-
rection scheme.

The location of the wall during boundary layer measurements
was estimated using two techniques. The first technique involved
lowering the input power to the LDV system and visually moni-
toring the crossing of the beams on the vane surface. The second
technique was to monitor the output from the photomultiplier
tubes using an oscilloscope. Both methods for locating the wall
produced nearly identical results. From numerous repeatability
studies, it was determined that the location of the wall was known
to within 620 mm. For the present investigation, this value cor-
responds to a distance from the wall in wall coordinates of at most
a y152 at as/C51.2.

Boundary layer measurements will be presented in terms of
both freestream variables and inner variables. When presenting
the data in terms of inner variables, knowledge of the shear ve-
locity, ut5Atw /r, is required. For laminar, flat plate boundary
layer flows, the shear velocity is typically determined by calculat-
ing the velocity gradient near the wall where the profile is linear.
For a laminar boundary layer affected by a strong pressure gradi-
ent there is additional stress added by the pressure gradient,tw
5m(du/dy)2y(dP/ds) ~Kays and Crawford@17#!. This relation,
however, does not consider any momentum flux term. In analyz-
ing the measured velocities close to the wall, we determined that
the mean velocities indicated a linear relation with distance from

the wall. This implies that the pressure gradient term is not affect-
ing the velocities in the near wall region and that the additional
pressure force is balanced by the momentum flux difference. For
that reason, the wall shear stress used in the data presented in this
paper was that calculated from the slope of the velocity at the
wall.

Generally for turbulent boundary layers, the shear velocity is
determined using a Clauser fit in the log-law region of the velocity
profile. This is because the physical distance to the wall where
u15y1 is very small making it difficult to measure the viscous
sub-layer velocities. The Clauser fit technique has been shown by
Thole and Bogard@10# to be a valid method of estimatingut even
at high freestream turbulence conditions of 20 percent.

The most difficult region for estimatingut is where a transi-
tional boundary layer is present. In this region, as with the laminar
profiles, measurements were performed in the viscous sublayer to
allow the data to be fit to theu15y1 relationship. This requires
measurements very near the wall surface. For all of the measure-
ments to be discussed, the closest measurement was typically 0.08
to 0.10 mm from the surface of the vane. For laminar boundary
layers, this distance typically corresponded toy1 values ofy1

;5. For transitional and turbulent boundary layers the closest
measurement location was ay1;8 to 10.

Uncertainty Estimates
The partial derivative and sequential perturbation methods, de-

scribed by Moffat@18#, were used to estimate the uncertainties of
the measured values. Uncertainties were calculated based on a 95
percent confidence interval. The estimate of bias and precision
uncertainties for the mean velocities were 1 percent, while the
precision of the rms velocities was 1.2 percent forurms and 1.7
percent for v rms. The precision uncertainties of the Reynolds
shear stress and correlation coefficient were 4.8 percent and 5.4
percent. Note that these uncertainty estimates were at the high
freestream turbulence conditions near the surface on the suction
side of the vane. The total uncertainty in the Stanton numbers was
4 percent at the leading edge and 5 percent at the trailing edge on
the suction side of the vane. The total uncertainty in the friction
factor was a maximum of 7.5 percent for a laminar boundary layer
and 5 percent for a turbulent boundary layer.

Inlet Flow Conditions
Profiles of the mean velocity and turbulence components were

measured at one-third chord upstream (X/C520.33) for inlet
turbulence levels of Tu519.5 percent. Figure 3~a! shows stream-
wise and pitchwise mean velocity profiles measured across the
entire pitch of two vane passages using the passive-grid and pre-
viously reported active grid turbulence generators. These mea-
surements were compared to a baseline case, measured at low
freestream turbulence conditions of Tu50.6 percent, and to a
CFD prediction using the Reynolds stress turbulence model
~RSM! at freestream turbulence levels of Tu51 percent~Radom-
sky and Thole@5#!. The mean velocities have been normalized by
the inlet approach velocity,U inlet . A global coordinate system, as
shown in Figure 1 with the origin at the stagnation point of the
center vane (Y/P50), was maintained for the results shown in
Fig. 3~a!. At this upstream location, the mean velocity was just
beginning to feel the effects of the stator vane, as is evident by the
deceleration inU/U inlet observed in front of the central vane
(Y/P50). As the streamlines turn around the vane, slightly posi-
tive pitchwise velocities (V/U inlet) occurred near the stagnation
point for Y/P.0 and slightly negative pitchwise velocities oc-
curred near the stagnation forY/P,0. Although the turbulence
levels were very high, the good agreement with the low
freestream turbulence case and CFD prediction shows the mean
flowfield was unaffected by either of the turbulence generators.

Turbulence levels and length scales were measured across the
entire pitch of the two passages atX/C520.33. Figure 3~b!

Fig. 2 Location of boundary layer measurements
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shows the streamwise (urms/U inlet), pitchwise (v rms/U inlet), and
spanwise (wrms/U inlet) rms levels at an inlet turbulence level of
19.5 percent using two different turbulence generators. The maxi-
mum deviations relative to the average for the streamwise and
pitchwise rms levels were 7.8 percent and 7.6 percent for the 19.5-
percent case. No noticeable difference was observed in the level
or uniformity of the turbulence between the different turbulence
generators. Fig. 3~c! shows the measured integral and dissipation
length scales across the passages with the integral scale being
approximately 11 percent of the pitch.

As a check for the boundary layer measurements, a comparison
was made between measured edge velocities, the calculated ve-
locities from the measured static pressure distribution, and the
predicted velocities from an inviscid CFD simulation. Figure 4
shows this comparison and indicates good agreement between the
two independent measurements. The positive values ofs/C refer
to the suction surface, while the negative values indicate the pres-
sure surface. Figure 4 also illustrates the inviscid velocities affect-
ing the boundary layer development. On the pressure side there is
a constant acceleration, with an acceleration factor ofK53.14
31026 over the majority of the surface, as the flow progresses
from the stagnation to the end of the vane. The inviscid velocities
along the suction side show a much different behavior with a rapid
acceleration up tos/C50.2 with very high acceleration param-
eters between 1.131026,K,0.01. Froms/C50.2 to 0.5, there
is a continual acceleration but at a much lower rate having an
average acceleration ofK51.131026. Beyonds/C50.5, there is
a slight adverse pressure gradient giving aK521.631028.

For computational benchmarking purposes, the tables shown in
Appendix A1 and A2 of this paper indicate the local boundary
layer edge velocities, local edge turbulence levels, and boundary
layer parameters for each of the measurement locations. As can be
seen by these levels, the local turbulence levels along the suction
side decreased rapidly as the flow accelerates while the levels
along the pressure side remained slightly higher.

Boundary Layer Parameters
In this section, comparisons will be made of the boundary layer

parameters at low and high freestream turbulence levels. These
parameters include the boundary layer and momentum thick-
nesses, the shape factor, friction coefficients, and Stanton num-
bers. When possible the values will be compared to correlation
results using the Thwaites@19# method. The Thwaites method
provides a correlation for laminar boundary layers when affected
by a pressure gradient.

Figure 5~a! compares the measured boundary layer thickness,
d/C, at turbulence levels of 0.6 percent and 19.5 percent to the
Thwaites prediction. On the pressure surface, for the 0.6 percent
turbulence level, the constant flow acceleration resulted in nearly
a constant boundary layer thickness. In contrast, the elevated tur-
bulence level had a large impact on the size of the boundary layer
on the pressure surface. At the trailing edge of the pressure sur-
face, the boundary layer thicknesses at the 19.5-percent condition
are nearly double those at the 0.6 percent level. On the suction
surface, at both turbulence levels, the boundary layer thickness
initially decreased in size to a minimum at ans/C50.21 due to
the large acceleration at this location. Downstream of location

Fig. 3 Profiles of: „a… normalized streamwise, UÕUinlet , and
pitchwise, VÕUinlet , velocities at various turbulence levels and
measurement techniques, „b… streamwise „u rms ÕUinlet …, pitch-
wise „v rms ÕUinlet … and spanwise „w rms ÕUinlet … turbulence levels,
and „c… integral and dissipation length scales measured at
XÕCÄÀ0.33

Fig. 4 Comparison of inviscid velocity distribution from static
pressure and LDV boundary layer measurements to the low-
speed inviscid CFD prediction
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s/C50.5, in the adverse pressure gradient region, the thickness
increased quickly. At the high freestream turbulence conditions,
there was a sharp rise in the thickness of the suction side boundary
layers due to earlier transition to a turbulent boundary layer. The
Thwaites@19# method was able to accurately predict the boundary
layer thickness over both surfaces at low turbulence conditions up
to the point of transition.

The measured displacement and momentum thicknesses are
given in Appendix A1 and A2 of this paper. On the pressure sur-
face at low freestream turbulence the pressure gradient caused
nearly a constant momentum thickness. At high turbulence condi-
tions, the momentum thickness increased towards the trailing edge
of the pressure surface. On the suction surface at low turbulence
conditions, the momentum thickness grew steadily from a mini-
mum that occurred ats/C50.21. At high freestream turbulence
conditions, the momentum thickness deviated quickly from the
low freestream turbulence values as transition began near an
s/C50.5.

The ratio of the displacement thickness to the momentum thick-
ness is defined as the shape factor,H5d* /u. The shape factor for
a laminar boundary layer along a flat plate is 2.6. In general, for a
laminar boundary layer, favorable pressure gradients tend to
steepen the mean velocity profile thereby decreasing the shape
factor and adverse pressure gradients flatten the mean velocity
profiles thereby increasing the shape factor~Schetz@20#!. Figure
5~b! compares the measured and predicted shape factor for the 0.6
percent and 19.5 percent conditions. On the pressure surface at
low freestream turbulence, the shape factor was essentially con-
stant at a value near 2.4. On the suction surface, at low freestream
turbulence levels, the shape factor was near 2.6 at ans/C50.21.
At location S2 (s/C50.5), the shape factor decreased to 2.1 in-
dicating that transition was beginning. Downstream at ans/C

50.5, the shape factor has decreased due to the favorable pressure
gradient occurring up to this point. Farther downstream, the shape
factor increased to a value near 3 due to the presence of the
adverse pressure gradient. After transition the shape factor de-
creased to 1.4, which is typical of a turbulent boundary layer. At
the elevated turbulence levels, the shape factor on the pressure
surface decreased below 2. On the suction surface at elevated
turbulence levels, the shape factor quickly fell below 2 at location
S2 and reached the fully turbulent values of 1.4 at location S4.

The friction coefficient and the Stanton number distribution at
the low turbulence level are plotted for the pressure surface as a
function of surface Reynolds numbers in Fig. 6~a!. Note that the
local edge velocities are used as the velocity scales in Re,Cf , and
St. The surface distance from the stagnation location is used in Re.
In addition to the friction coefficient measurements, heat transfer
data measured at identical operating conditions are also shown.
Stanton numbers are given at two inlet Reynolds numbers of
Rein51.153105 and 2.33105 at turbulence levels of 0.6 percent.
The Stanton number curves for the two Reynolds numbers fall on
the same curve for the pressure surface. Both the friction coeffi-
cient and heat transfer data indicate the boundary layer remained
laminar over the entire surface.

Both data sets fell above their respective correlations for lami-
nar boundary layer flow over a flat plate. The increased friction
and heat transfer is a result of the presence of a favorable pressure
gradient caused by the flow accelerating in the vane passage.
These data were also compared with a prediction using the
Falkner-Skan similarity approach for a laminar boundary layer,
which accounts for the streamwise pressure gradients. The friction
coefficients fell below the Falkner-Skan prediction, but the agree-
ment was better than observed with the flat plate correlations.

The friction coefficient and the Stanton number distribution at

Fig. 5 Comparison of measured: „a… boundary layer thickness,
dÕC, and „b… shape factor, H, at turbulence levels of 0.6 percent
and 19.5 percent with predictions given by Thwaites †19‡

Fig. 6 Comparison of measured Stanton number and friction
coefficients on: „a… the pressure surface, and „b… the suction
surface at Tu Ä0.6 percent
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low turbulence level are plotted for the suction surface as a func-
tion of surface Reynolds numbers in Fig. 6~b!. Both the friction
coefficient and heat transfer data initially indicated a laminar
boundary layer. As with the pressure surface, the data was above
the respective flat plate correlations due to the favorable pressure
gradient. The flow was accelerated up to the location of the sec-
ond boundary layer measurement at ans/C50.5 (Re563105).
The friction coefficient at this location indicates an increase in the
slope of the friction coefficient suggesting that transition was be-
ginning at this location. This transition assertion is supported by
the velocity measurements, which showed a mean profile that was
beginning to appear turbulent~decrease in the boundary layer
shape factor! and a turbulence profile that showed some fluctua-
tions. Downstream of this location, the boundary layer was sub-
jected to an adverse pressure gradient and the measured friction
coefficient at locations S3 and S4 showed a dramatic decrease in
magnitude. The adverse pressure gradient prevented a full transi-
tion from occurring. The decrease in the friction coefficient was
the result of the adverse pressure gradient affecting the develop-
ment of the boundary layer in the near wall region as will be
shown later by the boundary layer measurements. Similar dra-
matic decreases in the friction coefficient for laminar boundary
layer flows in the presence of an adverse pressure gradient have
been observed by Mislevy and Wang@21#. Farther downstream, at
a location ofs/C51.2 (Re51.23106), the measured friction co-
efficient indicated that transition from a laminar to turbulent
boundary layer had been completed.

The Stanton number curve also indicated that transition began
near location S2 (Re553105) where the friction coefficient ini-
tially started to increase. The heat transfer on the vane was not as
affected by the adverse pressure gradient and transition proceeded
normally. Greater effects on the friction coefficients as compared
to the Stanton numbers were observed in transitioning boundary
layers subjected to adverse pressure gradients in Mislevy and
Wang @21#. The Stanton numbers for the two Reynolds numbers
initially fell along the same curve in the favorable pressure gradi-
ent region. The presence of the adverse pressure gradient caused
transition to occur at both Reynolds numbers near the trailing
edge.

Figure 7~a! shows the friction coefficients at 19.5 percent and
Stanton numbers on the pressure surface at 10-percent and 19.5-
percent turbulence levels. Both the friction coefficient and Stanton
numbers indicate that over a majority of the surface a laminar
boundary layer was present, with magnitudes higher than those at
0.6 percent turbulence levels. At the higher Reynolds number
~near the trailing edge!, both the friction coefficients and Stanton
numbers began to increase slightly, indicating the onset of
transition.

Figure 7~b! displays the friction coefficient at 19.5 percent and
Stanton numbers on the suction surface at 10-percent and 19.5-
percent turbulence levels. Comparisons to Fig. 6~b! show that
transition occurs at a lower Reynolds number near Re543105 as
compared to Re563105 at low freestream turbulence conditions.
The dip in the friction coefficient is not observed at high
freestream turbulence conditions because the boundary layer tran-
sitioned prior to the onset of the adverse pressure gradient. This
resulted in an increase in momentum in the near wall region
which resulted in less of a decrease in the friction coefficient for
the adverse pressure gradient under high freestream turbulence.

Figure 7~c! shows the augmentations of the Stanton number and
skin friction due to high freestream turbulence. In general, the
heat transfer augmentation was greater than the skin friction aug-
mentation. The heat transfer was augmented by as much as 80
percent for the highest turbulence levels on the pressure side. The
large spikes on the suction side are due to the upstream shift in the
transition location.

Boundary Layer at Low Freestream Turbulence
The boundary layer profiles discussed in this section will be

presented using two scaling methods. The first method uses outer
variables for the normalization scheme. The distance from the
surface is normalized by the boundary layer thickness,d, and the
velocity and turbulence statistics are normalized by the inviscid
velocity at the edge of the boundary layer,Uedge. The second
method uses inner wall scaling parameters, which are a function
of the shear velocity,ut , and viscosity,n.

Pressure Surface. Figure 8~a! shows the mean velocity pro-
files measured on the pressure surface plotted in terms of
freestream parameters. Predictions ats/C520.15 and s/C
520.60 using the method given by Pohlhausen@22# for laminar
boundary layers are also given in Fig. 8~a!. This boundary layer

Fig. 7 Comparison of measured Stanton number and friction
coefficients on: „a… the pressure surface, „b… the suction sur-
face at Tu Ä19.5 percent, and „c… friction coefficient, Cf ÕCf o ,
and Stanton number augmentation, St ÕSto , at turbulence levels
of 10 percent and 19.5 percent at Re Ä2.3Ã105
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profile was generated using the WALZ program~Devenport et al.
@23#!. The Pohlhausen integral method is a function of the mo-
mentum thickness at each location. Only two profiles are dis-
played due to the similarity between the profiles on the pressure
surface. As suggested by the agreement with the Pohlhausen@22#
prediction, all four of the measured profiles on the pressure sur-
face were laminar and collapsed onto a single curve when normal-
ized by the boundary layer thickness and freestream velocity. The
collapse of the mean velocity was a result of the constant favor-
able pressure gradient that caused similar boundary layer charac-
teristics over the entire pressure surface. The linear portion of the
profile, clearly indicated in Fig. 8~a! extended nearly 40 percent
into the boundary layer from the wall for each of the profiles.

Figure 8~b! shows the mean velocity profiles plotted in terms of
inner wall scaling parameters. Also presented in Fig. 8~b! is the

linear relationshipu15y1. As can be seen, for the laminar pro-
files the measurement location nearest the wall typically corre-
sponded toy1;4. Where the flow was linear in the near wall
region, the use of inner wall scaling parameters collapsed the
experimental data. As the flow progressed downstream, the de-
crease in the wall shear stress continually increased theu1 values.

The streamwise (urms
1 ) and normal (v rms

1 ) rms levels are given
in Fig. 8~c!. In general, the fluctuation levels are quite low with a
maximum value ofurms

1 50.9 at the last streamwise location,
s/C520.6. For a fully turbulent boundary layer at low
freestream turbulence conditions the maximum streamwise rms
levels reach a value ofurms

1 52.8 in the near wall region~Thole
and Bogard@10#!. The normal component is also given in Fig. 8~c!
indicating essentially no fluctuations. As expected, the Reynolds
shear stress profile,u8v8, indicated no Reynolds shear stress was
present in the boundary layers at low freestream turbulence
conditions.

Suction Surface. Figure 9~a! shows the mean velocities mea-
sured on the suction surface using outer freestream scaling param-
eters. In addition to the measurements, a Pohlhausen@22# predic-
tion for the boundary layers at ans/C50.21 ands/C50.50 are
given along with a 1/7th law turbulent boundary layer approxima-
tion. The friction coefficient and Stanton number curves indicated
the start of transition at location S2. For this reason the Pohl-
hausen@22# prediction, which is valid for laminar flows, is only
given at locations S1 and S2. The measured boundary layer at
location S1 agreed well with the laminar boundary layer predic-
tion. The boundary layer at location S2 in the near wall region was
fuller than the boundary layer at S1 and disagreed with the Pohl-

Fig. 8 Boundary layer profiles on the pressure surface at Tu
Ä0.6 percent plotted using: „a… freestream parameters, „b… in-
ner wall scaling parameters, and „c… boundary layer profiles of
streamwise „u rms

¿
… and normal „v rms

¿
… rms levels

Fig. 9 Boundary layer profiles on the suction surface at Tu
Ä0.6 percent plotted using: „a… freestream parameters, and „b…
inner wall scaling parameters
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hausen prediction at location at S2. This should be expected be-
cause the friction coefficients showed the boundary layer was be-
ginning to transition at this location. Just downstream of location
S2 the adverse pressure gradient began, as shown in Fig. 4. At
location S3, the adverse pressure gradient caused a decrease in the
streamwise momentum near the wall. The decrease in momentum
near the wall was still observed at location S4. The measured
velocity profile at location S5 is similar to the 1/7th power law
approximation for a turbulent boundary layer. This indicates that
the boundary layer was either near the end or just downstream of
transition.

Figure 9~b! displays the measured mean velocity profiles on the
suction surface in addition to theu15y1 curve and Spalding’s
law ~Spalding@24#!. The first streamwise locations~S1! showed
the typical laminar boundary layer behavior and agreement with
theu15y1 curve in the near wall region. The favorable accelera-
tion gradient caused the boundary layer at location S2 to fall be-
low theu15y1 curve indicating a start of transition to a turbulent
boundary layer. At location S3, the measured boundary layer was
above theu15y1 curve, which is again the result of the adverse
pressure gradient. This result is consistent with the results from
Mislevy and Wang@21# who also showed that laminar boundary
layers were above theu15y1 curve when subjected to an ad-
verse pressure gradient. Farther downstream at location S4, the
boundary has moved back towards theu15y1 curve. At the far-
thest downstream location, S5, the boundary layer was turbulent
with a depressed wake and showed good agreement with Spald-
ing’s law for a turbulent boundary layer.

The streamwise (urms
1 ) and normal (v rms

1 ) rms levels are pre-
sented in Figs. 10~a! and 10~b!. The first three streamwise loca-
tions ~S1, S2, and S3! had a peak streamwise rms level of 1.5.
Large fluctuations were observed at location S4. As discussed pre-
viously, for a fully turbulent boundary layer at low freestream
turbulence conditions the maximum values of reach a value of
urms

1 52.8 in the near wall region~Thole and Bogard@10#!. The
values ofurms

1 58 that occurred at S4 were the result of the el-
evated turbulence existing in a boundary layer with low wall shear
stress due to the adverse pressure gradient. The peak rms level at
position S3 is higher by 20 percent relative to the S5 position,
while the wall shear stress at position S3 is lower by 29 percent
relative to the S5 position. Thereby, the two almost equally con-
tribute to having highurms

1 peaks. Similar behavior is noted by Lee
and Kang@9# and Mislevy and Wang@25# in their results at their
highest inlet turbulence level of 7 percent. Farther downstream at
location S5, the magnitude of the streamwise rms levels reached a
value of urms

1 53 which was near the typical value for a fully
turbulent boundary layer.

The normal rms levels~Fig. 10~b!! for the first three locations
~S1, S2, and S3! indicated low levels throughout the boundary
layer. At location S4 a large increase was observed with a peak
level of v rms

1 51.8. Again, the higher values were the result of the
elevated turbulence levels being present in a region of low wall
shear stress. Downstream at location S5, an increase in the normal
rms level was observed in the outer portion of the boundary layer.
Inside the boundary layer, these levels flattened out and began to
decrease as the result of attenuation of the vane surface. Thole and
Bogard @9# showed that for a boundary layer at low freestream
turbulence conditions, the normal rms levels should reach a maxi-
mum nearv rms

1 51.
The Reynolds shear stress profiles (u8v8) are given in Fig.

10~c!. The first two locations where coincident LDV measure-
ments were performed~S2 and S3! showed the absence of Rey-
nolds shear stress. At location S4, near the start of transition, a
peak in the Reynolds stress was observed away from the surface
of the vane. The level of the turbulent shear stress has been shown
by Mislevy and Wang@23# to increase dramatically in transitional
boundary layers being subjected to an adverse pressure gradient.
At this location, the turbulent shear stress was approximately 300

percent of the wall-generated shear stress. Proceeding farther
downstream to location S5, the peak stress moved closer to the
vane surface. At this location, the peak turbulent shear stress was
approximately equal to the wall shear stress as is typically the
case for a fully turbulent boundary layer.

Boundary Layer at High Freestream Turbulence
Boundary layer measurements were performed at the same

streamwise locations to allow for a direct determination of
the effect of turbulence levels on boundary layer growth and
development.

Pressure Surface. Figure 11~a! shows the mean velocity pro-
files measured on the pressure surface plotted in terms of

Fig. 10 Profiles of: „a… streamwise „u rms
¿

… „b… normal „v rms
¿

…,
and „c… Reynolds shear stress levels on the suction surface at
TuÄ0.6 percent plotted using inner wall scaling parameters
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freestream parameters at the 19.5-percent turbulence levels. Fig-
ure 11~a! also shows the Pohlhausen predictions at locations P1
and P4 as well as a 1/7th turbulent profile. At low freestream
turbulence conditions, shown previously in Fig. 8~a!, all four of
the measured profiles on the pressure surface were laminar and
collapsed onto a single curve. At the high freestream turbulence
conditions, the boundary layers did not agree with the Pohlhausen
@21# predictions for a laminar boundary layer with no turbulence
as shown by the discrepancy with the correlation given for the P1
and P4 locations. As expected from the increased shear stress, the
velocity profiles in the near wall region were fuller than at low
freestream turbulence levels. The first two streamwise locations
~P1 and P2! showed a laminar velocity profile and still collapsed
onto a single curve. At locations P3 and P4, where an increase in
the friction coefficient was observed, the profiles had steeper ve-
locity gradients in the near wall region.

Figure 11~b! presents the velocity profiles using inner wall scal-
ing on the pressure side for the high freestream turbulence condi-
tions. These boundary layer profiles are similar to the profiles
displayed in Fig. 6~b! measured at 0.6 percent turbulence. The
only noticeable difference between Fig. 8~b! and Fig. 11~b! was
that theu1 values level off to lower values for the 19.5-percent
turbulence case as compared with the 0.6 percent turbulence case.
This was the result of the high shear stress measured at the wall
for the high freestream turbulence conditions as compared to the
low freestream turbulence conditions.

The streamwise (urms
1 ) and normal (v rms

1 ) rms levels are plotted
using inner wall scaling parameters in Fig. 12~a!. The streamwise
rms levels increased from the values at the edge of the boundary
layer to their maximum levels near ay1520. For a turbulent
boundary layer, the maximum value of the streamwise rms levels

wereurms
1 52.8 and occur at a location neary1510. For the first

three streamwise positions~P1, P2, and P3! the maximum level in
the boundary layer reached levels ofurms

1 52.0 at a location of
y1;20. At location P4, the streamwise rms levels are higher
reaching levels similar to those in a turbulent boundary layer.
Moving closer to the wall, a sharp decrease in the streamwise rms
levels was observed. Recall that the acceleration parameter was
K53.431026 along the pressure side of the airfoil. With such a
large acceleration, one would expect that any boundary layer tran-
sition would be suppressed by the acceleration. The previously
shown mean velocity profiles are in agreement with typical lami-
nar profiles, but the large fluctuations indicate the presence of
turbulence. The normal rms levels show a continual decrease in
magnitude as the stator vane surface is approached as a result of
being attenuated by the vane surface. It is interesting to note that
the location of the peak fluctuating value is further away from the
wall than that which would occur for a turbulent boundary layer
profile along a flat plate. Figure 12~a! also indicates the anisotropy
of the freestream turbulence outside the boundary layer, which is
a result of the redistribution of the turbulence due to streamline
curvature.

Normalized values of the Reynolds shear stress (u8v8/ut
2) are

given in Fig. 12~b!. For each of the cases the Reynolds stress was
near zero at the edge of the boundary layer. At location P1 the
Reynolds shear stress became negative in the boundary reaching a
value of 20.3 at ay1515. Proceeding downstream the shear
stress levels became increasingly negative reaching a value of
u8v8/ut

2520.4 at ay1530 at location P4. The maximum Rey-
nolds shear stress in the boundary layer was approximately 30
percent of the viscous shear stress measured at the wall for each of

Fig. 11 Boundary layer profiles on the pressure surface at
TuÄ19.5 percent plotted using: „a… freestream parameters, and
„b… inner wall scaling parameters

Fig. 12 Boundary layer profiles of: „a… streamwise „u rms
¿

… and
normal „v rms

¿
… rms levels, and „b… Reynolds shear stress on the

pressure surface at Tu Ä19.5 percent plotted using inner wall
scaling parameters
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the streamwise locations. Moving closer to the wall, the Reynolds
shear stress approached zero for each of the streamwise locations.
This was expected since the viscous shear dominates near the
wall.

Suction Surface. The boundary layer profiles measured on
the suction surface at 19.5-percent turbulence levels are plotted in
Fig. 13~a! using boundary layer scaling parameters. The laminar
profiles predicted by Pohlhausen@22# at locations S1 and S2 and
the 1/7th power law approximation for the turbulent boundary
layer are also shown in Fig. 13~a!. At location S1, the boundary
layer was slightly fuller than the boundary layer measured at low
freestream turbulence conditions. The measured boundary layers
do not agree with the laminar profiles at S1 and S2 predicted by
Pohlhausen@22# at high freestream turbulence levels. The profiles
at S3 and S4 showed much fuller velocity profiles in the near wall
region at higher turbulence than the low freestream turbulence
conditions. This was the result of the earlier transition, which gave
a higher momentum fluid in the boundary layer.

The streamwise velocity profiles on the suction surface are plot-
ted using inner wall scaling parameters in Fig. 13~b!. The bound-
ary layer at location S1 was laminar, based upon the friction co-
efficients, and similar to the profiles measured at low freestream
turbulence conditions shown in Fig. 10~b!. The boundary layer
started to transition from laminar to turbulent at locations S2 and
S3. The transition at location S3 was obvious as shown by the
deviation from the laminar profile for 50,y1,200. The bound-
ary layers were fully turbulent at locations S4 and S5 and agreed
well with Spalding’s law. The strength of the wake, defined as
the maximum deviation from the velocity distribution to the
log-law in the outer region of the boundary layer, is larger at
location S5 than S4. This is consistent with the higher momentum

thickness Reynolds number at this location. The strength of the
wake for these profiles was smaller than expected due to the
presence of elevated turbulence in the freestream, but does indi-
cate a negative wake strength. Negative wake strengths often oc-
cur for high freestream turbulence conditions~Thole and Bogard
@10#!.

The streamwise (urms
1 ) and normal (v rms

1 ) rms levels are dis-
played using inner wall scaling parameters in Fig. 14~a!. Theurms

1

levels at location S1, which was a laminar boundary layer, were
high but lower than values for a fully turbulent boundary layer. At
locations S2 and S3, the transitional boundary layer resulted in
rms levels ofurms

1 54, which were higher than measured for a
turbulent boundary layer. As discussed previously, this was due to
the presence of the high turbulence levels in boundary layers with
low wall shear stress. At locations S4 and S5, which were fully
turbulent boundary layers, the maximum level in the boundary
layers were urms

1 53 which was only slightly higher than
expected.

The normal rms (v rms
1 ) levels are also shown in Fig. 14~a!. For

the S1 location, the vrms1 levels showed a continuous decrease
in magnitude through the boundary layer. At location S2, the lev-
els in the boundary layer were higher than the levels for S1, indi-
cating that the profile was on the onset of transition at this stream-
wise location. Farther downstream at S3, the normal fluctuations
reached a maximum ofv rms

1 51.5. These values are larger than the
typical value ofv rms

1 51 for a turbulent boundary layer, and were
the result of the fluctuations being present in the boundary layer.
The values at S4 and S5 agreed with the expected values for a
turbulent boundary layer.

The Reynolds shear stress profiles are shown in Fig. 14~b!. The
boundary layer at location S2 contained Reynolds shear stress

Fig. 13 Boundary layer profiles on the suction surface at Tu
Ä19.5 percent plotted using; „a… freestream parameters, and „b…
inner wall scaling parameters

Fig. 14 Boundary layer profiles of: „a… streamwise „u rms
¿

…

and normal „v rms
¿

… rms levels, and „b… Reynolds shear stress, on
the suction surface at Tu Ä19.5 percent plotted using inner
scaling
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indicating that it was at the onset of transition. At location S3, the
maximum Reynolds shear stress in the boundary layer was ap-
proximately twice the measured viscous shear stress at the wall.
For the fully turbulent boundary layers at locations S4 and S5, the
maximum Reynolds stress in the boundary layer was approxi-
mately equal to the viscous shear stress deduced from the velocity
gradient.

Conclusions
Detailed boundary layer measurements on a turbine vane geom-

etry at combustor turbulence levels have been compared to bound-
ary layer measurements at low turbulence levels. To date, this data
has not been available in the literature and was made possible by
using a large-scale test facility.

The integral boundary layer parameters at low freestream tur-
bulence levels agreed well with those estimated using Thwaites’
method when the boundary layer remained laminar. At high
freestream turbulence levels, the integral parameters on the suc-
tion side indicated the transition location moved upstream of the
transition location that had occurred at low freestream turbulence
conditions. This upstream shift was also seen in the skin friction
and heat transfer measurements. Overall lower shape factors oc-
curred for the high freestream turbulence case as compared with
the low freestream turbulence case indicating lower displacement
to momentum thickness ratios. This is expected since lower shape
parameters occur for turbulent boundary layers compared to lami-
nar boundary layers.

At low freestream turbulence levels, the mean velocity pro-
files along the pressure side of the vane collapsed to a single
curve using the edge velocity and boundary layer thicknesses as
the scaling parameter. The profiles also indicated a linear behavior
of velocity with distance from the wall in the near-wall region,
even though the boundary layer is affected by a pressure gradient.
At high turbulence levels, the outer scaling parameters did
not collapse the profiles. At high freestream turbulence levels,
fluctuations were measured in the boundary layer along the pres-
sure side even though the mean profiles were more consistent
with a laminar-like boundary layer. At the most downstream po-
sitions measured along the suction side, the mean velocity pro-
files indicated a fully turbulent profile with a depressed wake
region.

The data presented in this paper provide the community with an
understanding of the effects that high freestream turbulence can
have on the development of an airfoil boundary layer. In addition,
this data provides not only surface phenomena but also velocity
field measurements to use for improving predictive turbulence
models.

Appendix A1

Boundary Layer Parameters at Low Turbulence Conditions

Pressure
Surface

Uedge
~m/s! Tu Cf/2 d/C d* /C u/C H

P1 4.99 0.8% 0.0049 0.0025 7.09E24 3.01E24 2.35
P2 8.69 0.8% 0.0029 0.0026 7.24E24 3.17E24 2.29
P3 13.11 0.6% 0.0021 0.0026 6.91E24 3.04E24 2.27
P4 18.65 0.7% 0.0013 0.0024 6.76E24 2.80E24 2.42

Suction
Surface Cf/2 d/C d* /C u/C H

S1 23.54 0.5% 0.0019 0.0010 3.49E24 1.33E24 2.63
S2 31.23 0.6% 0.0014 0.0020 5.51E24 2.58E24 2.14
S3 30.04 0.6% 0.0002 0.0033 1.40E24 4.58E24 3.05
S4 28.97 2.1% 0.0003 0.0044 1.71E24 6.08E24 2.81
S5 27.56 2.2% 0.0022 0.0097 1.56E24 1.08E23 1.44

Appendix A2

Boundary Layer Parameters at High Turbulence Conditions

Pressure
Surface

Uedge
~m/s! Tu Cf/2 d/C d* /C u/C H

P1 5.43 12.1% 0.0051 0.0034 6.80E24 3.22E24 2.11
P2 9.22 7.1% 0.0032 0.0037 6.79E24 3.29E24 2.06
P3 13.43 4.9% 0.0027 0.0046 6.55E24 3.57E24 1.83
P4 18.96 3.7% 0.0018 0.0055 6.89E24 3.78E24 1.82

Suction
Surface Cf/2 d/C d* /C u/C H

S1 23.31 3.9% 0.0019 0.0012 3.41E24 1.30E24 2.62
S2 31.02 4.0% 0.0011 0.0040 7.25E24 3.78E24 1.92
S3 30.05 3.6% 0.0011 0.0097 1.52E23 9.78E24 1.56
S4 28.99 3.4% 0.0019 0.0180 2.41E23 1.74E23 1.38
S5 27.61 3.7% 0.0018 0.0259 3.34E23 2.44E23 1.36
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Nomenclature

C 5 true chord of stator vane
Cj (Cf o) 5 friction coefficient~low turbulence case!,

2(ut
2/Uedge

2 )
Cp 5 specific heat

d 5 turbulence generator rod diameter
D1 5 probe volume diameter in inner coordinates,Dut /v

h 5 convective heat transfer coefficient
H 5 shape factor,d* /u

L« 5 dissipation length scale, 1.5urms
2 /«

K 5 acceleration parameter,v(dUedge/ds)/Uedge
2

P 5 vane pitch
Pr 5 Prandtl number
Re 5 Reynolds number defined as Re5sUedge/v

Rein 5 Reynolds number defined as Re5CUin /v
s 5 surface distance along vane measured from

stagnation
sL 5 turbulence generator bar spacing
S 5 span of vane

St(Sto) 5 Stanton number~low turbulence case!
St5h/rCpUedge

Tu 5 turbulence level (0.5(urms
21v rms

2))0.5/Uedge
ut 5 shear velocity,Atw /r
u1 5 velocity in inner coordinates,u/ut

u, v, w 5 mean local velocity in local coordinate system
U inlet 5 incident upstream velocity
Uedge 5 local inviscid velocity

U, V, W 5 mean velocity in theX, Y, Zdirections
u8v8 5 Reynolds shear stress

x, y, z 5 local coordinates defined at measurement
location

X, Y, Z 5 global coordinates defined from stagnation location
y1 5 velocity in inner coordinates,yut /v

d 5 boundary layer thickness
d* 5 displacement thickness

« 5 turbulent dissipation rate
u 5 momentum thickness

Lx 5 integral length scale
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r 5 density
tw 5 wall shear stress
n 5 viscosity

Subscripts

edge 5 local inviscid quantity
inlet 5 inlet
rms 5 root mean square
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Discharge Coefficients of a
Preswirl System in Secondary Air
Systems
The discharge behavior of a ‘‘direct-transfer’’ preswirl system has been investigated ex-
perimentally. The influences of the pressure ratio and the swirl ratio as well as the
influence of the receiver and stator geometry were investigated. The discharge coefficients
of the preswirl nozzles are given in the absolute frame of reference. The definition of the
discharge coefficient of the receiver holes is applied to the rotating system in order to
consider the work done by the rotor. Numerical calculations carried out for a free expan-
sion through the stationary preswirl nozzles show very good agreement with experimental
data. @DOI: 10.1115/1.1413474#

Introduction

In high-efficiency gas turbine engines, the cooling air for the
high-pressure turbine stage is expanded through stationary pre-
swirl nozzles to the blade feed holes of the rotating disk. By
accelerating the cooling air in the direction of rotation, the total
temperature relative to the rotor disk and the pressure losses oc-
curring at the receiver hole inlet can be reduced. According to
Scricca and Moore@1#, there are two different preswirl systems
established in modern engines.

In a ‘‘cover-plate’’ system, the preswirl nozzles are located at a
small radius to reduce seal leakage. The air flows radially outward
between the turbine disk and the cover-plate attached to it. The
preswirl nozzles of a ‘‘direct-transfer’’ system are positioned at a
large pitch radius similar or equal to the pitch radius of the re-
ceiver holes. In such a system, lower cooling air temperatures can
theoretically be achieved. In addition, the weight of the engine can
be reduced if the cover-plate is omitted@1#. Meierhofer and Fran-
klin @2# were the first to measure the cooling air temperature in the
rotating blade feed holes of a ‘‘direct-transfer’’ system. They
found the preswirl system effectiveness to be a function of the
ratio of disk velocity to effective preswirl velocity. Unfortunately,
the discharge behavior of the system was not considered in their
study. Discharge coefficients for rotating holes without preswirl
are presented by Samoilovich and Morozov@3#, Meyfarth and
Shine@4#, McGreehan and Schotsch@5# in the absolute frame of
reference plottingcD againstu/cax,id . Wittig et al.@6# presented a
correlation in the relative frame of reference for differentl /d and
r /d ratios.

A combined experimental and numerical study is presented by
El-Oun and Owen@7#, where the effectiveness of a ‘‘direct-
transfer’’ preswirl system was calculated with a simple theoretical
model, based on the Reynolds analogy. Wilson et al.@8# used an
axisymmetric elliptic flow solver to determine the flow structure
and the heat transfer in a preswirl rotor–stator system. Popp et al.
@9# introduced a plane model for a CFD analysis of a ‘‘cover-
plate’’ system with several simplifications. Discharge coefficients
and the temperature drop were calculated for different geometries.
For low velocity ratiosu/c good agreement between CFD and
measured data was achieved.

To the authors’ knowledge, no data are available describing the
discharge behavior of a ‘‘direct-transfer’’ preswirl system. It is the

subject of this paper to investigate the main parameters influenc-
ing the discharge coefficients of the preswirl nozzles and receiver
holes.

Experimental Setup
A sectioned view of the ‘‘direct-transfer’’ preswirl rotor–stator

system is shown in Fig. 1. Details of the test section are given in
Fig. 2.

Compressor air was discharged from a settling chamber through
the flange of the rig to the preswirl plate, which contained the
preswirl nozzles. Four different preswirl plates were used in order
to vary the axial distances1 between the stator and rotor. The
number of preswirl nozzlesNN varied between 11 and 12. The
nozzle centerlines were inclined ata520 deg to the stator surface.
In addition, the preswirl nozzles were oriented such that a jet
following the extended nozzle centerline enters the receiver hole
tangential to the pitch circle. In order to meet these geometric
constraints, the radial positionr e of the nozzle exit had to be
varied for each distances1 . The corresponding values fors1 , s0
and r e are listed in the left part of Table 1. Thereby,s0 indicates
the distance between the stator and the casing, which changed
with different preswirl plates installed.

The preswirled air entered an annulus, of 46.8 mm radial
height, formed by an inner seal and the casing. A labyrinth seal
placed between the rotor and the casing could be fed with sealing
air to reduce the leakage flow. Two differential pressure transduc-
ers were located at different angular positions to monitor the leak-
age. During the experimental investigations, the pressure drop
across the labyrinth seal was adjusted to be close to zero. The air
left the test section through receiver holes located at a pitch radius
of r m5220 mm.

In order to maintain the total cross-sectional area of the receiver
holes while changing the length to diameter ratio, the number of
receiver holesNR had to be increased with decreasing diameterd.
Thereby, the length of the receiver holes was kept constant atl
540 mm. The number of holes, thel /d ratio, and the correspond-
ing diameter are given in the right part of Table 1.

The rotor was driven up ton57000 rpm, which is equivalent to
a circumferential velocity of the receiver holes ofu5161 m/s, or
a rotational Reynolds number Ref52.33106. The rig offered the
possibility to superimpose a radial outflow to the swirled main-
flow. Therefore, air was fed into the rotor–stator wheelspace near
the hub region. Passing the inner seal and mixing with the main-
flow, the superimposed cooling air left the test section radially
through a lip seal arrangement in the casing.

The mass flow rate discharged through the preswirl rig was
measured by an orifice-metering system in accordance to Euro-
pean Standards with an uncertainty of 1 percent. The radially su-
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perimposed outflow was measured with hot-film-sensors cali-
brated to an uncertainty of 1 percent. The overall pressure ratiop
across the preswirl rig was varied from 1.05 to 2.00, resulting in
Reynolds numbers in the range of 3.83104,Re,1.33105 for a
subsonic flow through the preswirl nozzles.

The instrumentation inside the test section is shown in Fig. 3.
Total pressure and total temperature sensors were installed inside
the settling chamber to monitor the inlet conditions of the preswirl
system. Between each preswirl plate and the opposite casing, six
static pressure tappings and two thermocouples were located,
which could measure the total pressure and the total temperature
in front of the preswirl nozzles. Three out of six pressure tappings
were located just opposite one nozzle inlet, while the other taps
were placed at a different angular position in between two nozzle
inlets. The thermocouples were arranged at one angular and two
radial positions. The total number of static pressure taps down-
stream of the preswirl nozzles was nine. Six pressure tappings
were arranged in the preswirl chamber. Three of them were lo-
cated around the exit plane of one nozzle, while the other three

were placed at two different radii on the bisecting line of two
neighboring nozzles. The outmost tapping was placed at two dif-
ferent angular positions. The remaining three pressure tappings
were placed on the bisecting line at different radial positions in-
side the inner wheelspace.

For the temperature measurements, type K thermocouples were
employed. The temperature was recorded with an uncertainty of
61K. The pressure measurements were accomplished by means
of a pressure transducer in combination with a Scanivalve system.
The pressure was measured with an accuracy of 0.5 percent in the
range of 0 – 5.173105 Pa.

Definitions
In addition to all relevant temperatures and pressures, the char-

acteristic absolute and relative velocities inside the preswirl sys-
tem are sketched in Fig. 4. The arrows indicate the positive direc-
tion of the velocities in the absolute and relative frames of
reference.

The total pressurep0t and the total temperatureT0t are defined
as the arithmetic average of the corresponding readings in front of
the preswirl nozzles. The static pressurep1s in the annulus is the
mean average calculated from the six pressure tappings inside the
preswirl chamber. Finally,p2s was assumed to be equal to the
ambient pressure measured downstream of the rig.

According to Zimmermann et al.@10#, for investigations of the
rotating part of rotor–stator systems, it is convenient to transfer
the variables into the relative frame of reference. As the total
properties of the air change with relative motion, total temperature
and total pressure have to be transformed according to Eqs.~1!
and ~2!

T1t,rel

T1t
511

u222uct

2cpT1t
(1)

p1t,rel

p1t
5S 11

u222uct

2cpT1t
D k/~k21!

(2)

Fig. 1 Preswirl rig

Fig. 2 Details of test section; dimensions in mm

Table 1 Geometric parameters; dimensions in mm

Fig. 3 Instrumentation of preswirl rig

Fig. 4 Velocities in absolute and relative frames of reference
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This transformation assumes that the cooling air attains solid
body rotation before it leaves the receiver holes. Especially for
relatively smalll /d ratios of the receiver holes and a large relative
tangential inlet velocity, this is unlikely to happen in the test rig.
However, the resulting uncertainty in the total properties is esti-
mated to be negligible for the receiver hole geometry and radial
position chosen in this study. The total propertiesT1t and p1t as
well as the velocityct in the preswirl chamber are calculated
assuming isentropic flow through the preswirl nozzles and inside
the preswirl chamber. Thus, these values equalT0t and p0t , re-
spectively. Frictional effects inside the nozzles and inside the pre-
swirl chamber as well as the interaction of the jet with the annulus
flow are supposed to reducect, but are difficult to quantify with
the measuring techniques applied in this study. An iterative pro-
cess might be used to calculate the polytropic nozzle exit velocity,
but neither the mixing effects nor the frictional effects inside the
preswirl chamber would be considered. An alternative would be to
measure a representative velocity in the preswirl chamber. How-
ever, this can hardly be done for every test case. The accurate
measurement of the total temperatureT1t and the total pressure
p1t inside the preswirl chamber is also difficult due to the turbu-
lent three-dimensional unsteady flow structures existing in such
systems.

ThecD value is defined as the ratio of the real mass flow rate to
the ideal mass flow rate. While the discharge coefficient of the
preswirl nozzles~Eq. ~3!! is defined in the absolute frame of ref-
erence, the discharge coefficient for the receiver holes~Eq. ~4!! is
defined in the relative frame of reference. Neglecting the pressure
losses and the frictional effects occurring upstream the receiver
results in lowercDR values. The assumption of a fully developed
flow inside the receiver hole enhances or reduces the discharge
coefficient of the receiver hole depending on the direction of the
flow deflection in the hole.

A hypothetical discharge coefficient~Eq. ~5!! can be used to
describe the flow resistance of the receiver holes without consid-
ering the work done by the rotor@10#. In this definition, the real
mass flow rate is compared to a ideal mass flow rate calculated for
a free expansion top2s .

cDN5
ṁ

ANp0t

ART0t

•A 2k

k21
•S S p1s

p0t
D 2/k

2S p1s

p0t
D 111/k

(3)

cDR5
ṁ

ARp1t,rel

ART1t,rel

•A 2k

k21
•S S p2s

p1t,rel
D 2/k

2S p2s

p1t,rel
D 111/k

(4)

cD5
ṁ

ANp0t

ART0t

•A 2k

k21
•S S p2s

p0t
D 2/k

2S p2s

p0t
D 111/k

(5)

Results
Before the main investigation of the entire preswirl system

started, its components, namely the preswirl nozzles and the re-
ceiver holes, were tested individually. After the discharge behav-
ior for a free expansion through the preswirl nozzles was deter-
mined, the effect of the rotor oncDN was investigated. With the
preswirl plate not integrated in the rig, the discharge coefficient
for rotating holes could be determined. These data can be com-
pared with existing correlations to check the proper instrumenta-
tion of the rig.

Preswirl Nozzles. In order to determine the discharge behav-
ior of the preswirl nozzles, the rotor disk was detached from the
shaft. This simplified stationary system was also studied numeri-
cally and a CFD analysis was carried out for different pressure
ratios p0t /p1s to predict the discharge coefficients. The commer-

cial code TASCFLOW, incorporating the standardk–« turbulence
model for a compressible flow, was used for the calculations. Fig-
ure 5 shows a comparison between the results obtained experi-
mentally and numerically for the preswirl plate containing 12
nozzles and an axial distance to the casings0528.7 mm. The
discharge coefficient increases with the pressure ratio due to the
compressibility effect@11#. With a deviation of less than 1 percent
with respect to the experimental values, the experimental and nu-
merical data show perfect agreement for the whole pressure ratio
variation. In a subsequent experimental setup, the rotor was in-
stalled spinning at rather low speed (n560 rpm) in order to in-
vestigate its effect oncDN . As shown in Fig. 5, the presence of a
slowly moving rotor disk obviously has little effect on the dis-
charge behavior of the preswirl nozzles located upstream. For all
three configurations with different numbers of radiused receiver
holes, the maximum deviation is only 4 percent based on the setup
without a rotor disk.

Rotating Holes Without Preswirl. In order to separate the
receiver holes from the entire system and to characterize the dis-
charge behavior dependent on pressure ratio and disk circumfer-
ential velocity, the preswirl plate was detached from the rig. Simi-
lar investigations were performed earlier by Wittig et al.@6# using
a different test rig. The experimental study was also assisted by

Fig. 6 c DR,abs without preswirl plate

Fig. 5 Discharge coefficients for preswirl nozzles c DN
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CFD work. The authors presented a correlation called DIANA,
capable of predictingDischarge coefficientsAnd Nusselt numbers
for such anAir system@6#. According to that correlationcDR,abs
was defined using the static pressure in front of the receiver hole.
As the work term was not considered, values larger than unity
were achieved. Although the geometries of both test rigs differ in
respect to the pitch radius of the rotating holes and the inflow

conditions, the new data fit very well within the validity range of
the existing correlation, as shown in Fig. 6. However, it must be
noticed that there is a considerable overprediction ofcDR,abs for
u/cax,id.0.7.

Preswirl System. For the investigation of the entire preswirl
system, the number of preswirl nozzlesNN and the receiver holes
NR , the r /d ratio, the axial gap widths1 between the stator and
rotor, and the radial flow rate was varied for different rotating disk
speeds and a wide range of overall pressure ratiosp5p0t /p2s .
All experimental tests were conducted at near adiabatic
conditions.

Figure 7 shows typical trends forcDN and cD defined in the
absolute frame of reference and forcDR defined in the relative
frame of reference. The discharge coefficients are plotted against
the velocity ratiow1t, is /w2ax,id. Thereby, the tangential relative
velocity w1t, is is calculated assuming an isentropic expansion
through the preswirl nozzle in the stationary system.w2ax,id de-
notes the ideal axial velocity of the receiver flow in the relative
frame of reference for an isentropic expansion fromp1t,rel to p2s .
To plot the cDR value againstw1t, is /w2ax,id incorporates several
advantages. The use of the velocity ratiow1t, is /w2ax,id allows one
to discuss the effects oncDR resulting from over and underswirl,
separately. In addition,w1t, is /w2ax,id was found to equal unity ifu
approaches infinity. Vice versa, if the rotor were accelerated into
the opposite direction of the preswirl jet, then the velocity ratio
would be limited tow1t, is /w2ax,id51. In addition, the discharge
coefficient of the receiver holescDR equals zero foru approaching
6`. With these two fixed points, extrapolations and correlations
can be established that are more reliable.

The discharge coefficients for the preswirl nozzlecDN show a
linear behavior. Thereby,cDN decreases with increasing rotor disk
speed due to the increased momentum of the annulus flow. The
discharge coefficientcDR of the receiver hole is strongly depen-
dent on the velocity ratio with a distinct maximum at
w1t, is /w2ax,id,0. As the discharge coefficient should decrease
with increasing flow angle, a symmetric progression ofcDR rela-
tive to w1t, is /w2ax,id50 was expected. The position of the maxi-
mum at w1t, is /w2ax,id,0 can be explained by the definition of
w1t,is . As c1 is determined for an isentropic expansion through
the preswirl nozzle and neither mixing of the preswirl jet with the
annulus flow nor frictional effects were taken into account,w1t, is
overpredicts the real inlet velocity for the receiver holes. Thus,
perpendicular inflow into the rotating receiver holes occurs at
smaller velocity ratiosw1t, is/w2ax,id.

The hypothetical discharge coefficientcD of the system de-
creases with increasing rotor speed and increases with the overall

Fig. 7 Typical trends for c DN , c DR , and c D

Fig. 8 Effect of NR , l Õd , and NN
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pressure ratio. As the ideal mass flow rate~Eq. ~5!! is constant at
a specific overall pressure ratio, the graphs show the progression
of the real mass flow rate, which was found to decrease with
increasing rotor disk speed.

The number of receiver holesNR and the l /d ratio were
changed simultaneously due to the above-mentioned reasons. In
Fig. 8, discharge coefficients of the receiver holes are given for
different numbers of preswirl nozzles and receiver holes. For the
setup withNN512, NR was varied from 4 to 24. In addition, the
number of preswirl nozzles was reduced to 11 forNR54. The
discharge coefficientcDR increases with the number of receiver
holes although thel /d ratio exceeds 2.0. Atl /d.2.0, frictional
effects inside the hole should reducecDR according to McGreehan
and Schotsch@5#. Therefore, it can be concluded that the number
of receiver holesNR seems to have a stronger impact oncDR than
the length-to-diameter ratiol /d.

The integral ratio of preswirl nozzles and receiver holes was
chosen to facilitate numerical computations of such a complex
system. In real engines such a symmetric configuration is always
avoided to prevent periodic excitation. As a matter of fact, un-
stable flow occurred for a setup with 12 preswirl nozzles and 4
receiver holes, causing a severe decrease incDR in the range of
20.7,w1t, is /w2ax,id,20.3. Therefore, the number of preswirl

nozzles was reduced to 11 in a subsequent setup. Nevertheless, the
flow stayed unsteady in the same range ofw1t, is /w2ax,id, as shown
in Fig. 8. Samoilovich and Morozov@3# observed a similar de-
crease in the discharge coefficient for a setup with fewer than six
rotating holes. To be able to predict the occurrence of unstable
flow, depending on the system geometry and the operating condi-
tions, a more profound experimental investigation is necessary. A
possible approach would also incorporate a more advanced data
acquisition system, employing pressure transducers with a high-
frequency response at several locations inside the rig. As a single
pressure transducer in combination with a Scanivalve unit was
used in the present setup, only time-averaged pressures could be
measured. Study of the building mechanisms of the observed flow
instabilities therefore was not within the realms of possibility.

Additional tests were run with 11 preswirl nozzles, 4 receiver
holes, and an axial gap width ofs1510 mm to find the influence
of the inlet geometry of the receiver holes. Ther /d ratio was
varied from 0.0 to 0.2. As shown in Fig. 9, a radius at the inlet of
the receiver hole enhanced the discharge coefficientcDR .

The results obtained for a variation of the axial distances1
between the stator and rotor are shown in Fig. 10. ForNR524
receiver holes, a variation ofs1 does not significantly influence
the discharge coefficientcDR . It can further be seen in Fig. 10 that
unstable flow occurred for the smallest gap widths155 mm in the
vicinity of w1t, is /w2ax,id520.5.

In addition to the geometric variations, the flow pattern was
changed by superimposing a radial outflow to the swirled main-
flow. Thereby, the radial outflow was set to 30 and 50 percent of
the original main mass flow rate, while the overall total pressure
ratio was kept constant. According to Fig. 11, a radial outflow of
coolant scarcely influences the discharge behavior of the receiver
holes for the whole range of velocity ratios. A slight scatter ofcDR
can be observed forw1t, is /w2ax,id,20.2. However, in this par-
ticular region it is difficult to detect a definite trend.

Conclusions
The discharge behavior of a preswirl system and its main com-

ponents were investigated experimentally. The discharge coeffi-
cients of the preswirl nozzles were determined in a simplified
static setup without rotor. Experimental and numerical data show
perfect agreement for different pressure ratios. The influence of a
rotor spinning at rather low speed (n560 rpm) oncDN can be
neglected. With increasing rotor speed, however, the discharge
coefficient of the preswirl nozzles is slightly reduced. The dis-
charge coefficients of the receiver holes in a setup without pre-
swirl plate were compared with an existing correlation. Although

Fig. 9 Effect of r Õd for NNÄ11, NRÄ4, and s 1Ä10 mm

Fig. 10 Effect of s 1 for NNÄ12, NRÄ24, and r ÕdÄ0.2

Fig. 11 Effect of a superposed radial outflow
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the geometries involved in both studies were different, good
agreement was obtained within the range of validity. However, the
data obtained in this study are severely overpredicted if the cor-
relation is used out of its specified range. The discharge coeffi-
cients of the receiver holescDR were defined in the relative frame
of reference taking into account the work that is required~or
gained! if the fluid is brought up~or down! to disk speed. Thereby,
cDR was plotted against the velocity ratiow1t, is /w2ax,id, which
estimates the flow angle relative to the receiver hole. The dis-
charge behavior of the receiver holes was found to be strongly
dependant on this ratio. The number of receiver holesNR turned
out to have a stronger impact oncDR than thel /d ratio. A fillet
radius at the receiver hole inlet improves the discharge behavior
while the distance between the stator and rotors1 has no signifi-
cant influence oncDR . The occurrence of unstable flow, leading to
a decrease ofcDR seemed to be more probable for smalls1 and
small numbers of receiver holes. A radial outflow of coolant
scarcely influences the discharge behavior of the receiver holes.
Since neither the total temperature nor the total pressure in front
of the receiver hole can be precisely measured owing to the ex-
isting complex flow structure, they had to be calculated assuming
isentropic expansion through the nozzles. Friction on the stator
walls and mixing of the preswirl jet with the annulus flow are
believed actually to elevate the relative total temperature and to
reduce the total pressure. As these effects are neglected by the
theoretical approach, it also follows thatw1t, is overpredicts the
real circumferential velocity relative to the rotor. This puts an
error on the ‘‘work term’’ and finally oncDR . As the discharge
coefficient simply describes the ratio between real and ideal mass
flow rate, it sums up the existing individual losses. Separating
the loss mechanisms and quantifying their effects is worthwhile
and would help to gain a more detailed physical understanding.
The apparent lack of experimental data gives scope for future
investigations.
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Nomenclature

A 5 cross-sectional area, m2

c 5 velocity in absolute frame of reference, m/s
cD 5 discharge coefficient
cp 5 specific heat, J/~kg K!
d 5 diameter of receiver holes, m
l 5 length of receiver holes, m

ṁ 5 mass flow rate, kg/s
n 5 revolutions per min, 1/min
N 5 number of holes
p 5 pressure, N/m2

r 5 radius, m
r 0 5 outer radius of rotor, m

r e 5 pitch radius of preswirl nozzle exit, m
r m 5 pitch radius of receiver holes, m
R 5 specific gas constant, J/~kg K!

Re 5 Reynolds number defined for preswirl nozzles
5cdN /n

Ref 5 rotational Reynolds number5vr m
2 /n

s 5 axial gap, m
T 5 temperature, K
u 5 circumferential velocity, m/s
w 5 velocity in relative frame of reference, m/s
a 5 inclination of preswirl nozzles, deg
k 5 isentropic exponent
n 5 kinematic viscosity, m2/s
p 5 total pressure ratio5p0t /p2s
v 5 angular velocity of rotor, 1/s

Subscripts

abs 5 absolute system
ax 5 axial
is 5 isentropic
id 5 ideal
N 5 preswirl nozzle

rad 5 radial
rel 5 relative system
R 5 receiver hole
s 5 static
t 5 total, tangential

0, 1, 2 5 stages 0, 1, 2
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Approach to Unidirectional
Coupled CFD–FEM Analysis
of Axial Turbocharger Turbine
Blades
This paper describes an approach to unidirectional coupled CFD–FEM analysis devel-
oped at ABB Turbo Systems Ltd. Results of numerical investigations concerning the vi-
bration behavior of an axial turbocharger turbine are presented. To predict the excitation
forces acting on the rotating blades, the time-resolved two-dimensional coupled stator–
rotor flow field of the turbine stage was calculated. The unsteady pressure, imposed on the
airfoil contour, leads to circumferentially nonuniform and pulsating excitation forces act-
ing on the rotating bladed disk. A harmonic transformation of the excitation forces into
the rotating coordinate system of a single blade was elaborated and the complex Fourier
amplitudes were determined. The bladed rotor was modeled by a single symmetric seg-
ment with complex circumferential boundary conditions. With respect to different nodal
diameter numbers, free vibration analyses of the disk assembly were then effectively
performed. For calculated resonance conditions, the steady-state responses of the turbo-
charger bladed disk were computed. By using this coupled CFD–FEM analysis, the
dynamic loading of the turbine blades can be determined in the design process.
@DOI: 10.1115/1.1415035#

Introduction

High cycle fatigue of rotating turbine components is a serious
problem, causing substantial damage and high maintenance effort.
Highly loaded compressor or turbine blades are damaged by al-
ternating stresses resulting from the excitation forces. To improve
the component reliability, this important technical aspect has ini-
tiated intensive research programs@1#. An understanding of the
fluid–structure interaction is essential because excitation is mainly
induced by the fluid flow. Phenomena like stator wakes, flutter,
rotating stall, as well as acoustic resonance are numerically and
experimentally under investigation@2–8#, but the link between
fluid dynamics and structural mechanics is still not well estab-
lished. Numerical tools can help to close this gap, but there are
only a few reports@9,10# describing the complete procedure, be-
ginning with the flow evaluation and stepping on to the calcula-
tion of the resulting loading of the turbine blades.

Turbine blades of axial turbochargers operating with variable
speed are exposed to extreme unsteady dynamic forces. These
forces are caused by the stroke and the charging system of the
engine, the gas inlet, and the nozzle guide vanes. In general, lack
of experimental and numerical data does not allow the definition
of the exciting forces required in the design process. Therefore, in
current design procedures, the reliability of the already manufac-
tured blade can only be proved experimentally for instance by
applying expensive strain gauge measurements.

A research program, initiated at ABB Turbo Systems Ltd. in
Switzerland, intends to support the expensive experimental work
with numerical tools. In analogy to Srinivasan’s@11# statement,
progress could be achieved by close collaboration among experts
in computational fluid dynamics~CFD!, Finite Element methods
~FEM!, turbine design, and charging systems. This paper presents
an approach to unidirectional coupled CFD–FEM analysis of
axial turbocharger turbine blades.

Numerical Procedure
The final goal of the research program is the calculation of

dynamic stressess in rotating blades exposed to unsteady aero-
dynamic forces. This ambitious task requires reliable numerical
tools. Firstly, the transient flow behavior in the turbine cascade
has to be simulated requiring time-dependent pressure and tem-
perature inlet boundary conditions. Finally, forced blade responses
u have to be computed due to the pulsating pressure distribution
p(t) obtained from CFD analysis~Fig. 1!. The coupling between
these two numerical methods is achieved by a Fourier decompo-
sition ~amplitudePk , phase delaybk! of the time resolved exci-
tation forcesF(t) acting on the rotating bladed disk. Figure 1
illustrates the unidirectional coupled procedure. Emphasis was on
the issue not to exceed industrial standards for the turnaround time
of a complete calculation cycle. Also the required computational
memory and time had to be kept in mind and, therefore, some
simplifications had to be accepted. Features of the applied numeri-
cal tools and assumed simplifications are described in the
following.

Computational Fluid Dynamics. The program system devel-
oped in-house was already adjusted to the prediction of unsteady
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aerodynamic forces in pulse charged turbines of turbochargers
@12#. It is based on a two-dimensional time accurate multiblock
Euler/Navier–Stokes solver. The integrated postprocessing offers
a close link to mechanical integrity codes by the determination of
the blade forces. The calculations are done in the absolute frame
of reference, using a moving grid for the rotor. At the intersection
between the stator and the rotor grid, the cells have to overlap, and
the so-called CHIMERA Interpolation is used@13#. The number of
channels in the stage is between 60 and 70. For a fully three-
dimensional simulation of the transient flow field, the amount of
computational time and computer memory would be far beyond
the capacity of standard computers used in design departments.
Therefore, a simplified model was applied, based on two-
dimensional Euler equations. These equations are valid for
straight inviscid cascade flows and sufficient for the flow simula-
tion on a circumferential stream plane of a chosen radius with
constant radial thickness. Assuming thin boundary layers, the in-
fluence of friction and heat transfer are negligible and coarse com-
putational grids could be used for the two-dimensional simulation
without loss in accuracy. Figure 2 shows an example with only
2939 grid points per block. A more detailed explanation of the
CFD tool can be found in Scha¨fer @14#.

Boundary Conditions. The unsteady inlet boundary condi-
tions were determined by using the simulation system, SiSy,
which was developed at ABB Turbo Systems, Ltd., by Bulaty
et al. @15#. This code simulates Diesel engine behavior with re-
spect to the exhaust pipe system and the turbocharger perfor-
mance. The SiSy system fulfills the following requirements:~1!
optimization of gas exchange processes,~2! simulation of engine
performance under different ambient conditions,~3! analysis of
the influence of turbocharger specifications,~4! comparison of dif-
ferent turbocharging systems, and~5! parameter studies for load
acceptance. In the scope of the ‘‘coupled CFD–FEM analysis’’,
the SiSy program delivers the transient total pressure and tem-
perature at the inlet of the turbocharger turbine in terms of the
operating conditions. Total temperature and pressure are highly
unsteady due to the pressure pulses in the exhaust system of an
alternating combustion engine~compare Fig. 6!.

Finite Element Method: Dynamic Analysis. At ABB Turbo
Systems, Ltd., the ABAQUS finite element code is already inten-
sively used for structural and dynamic analyses. Valuable experi-
ence is available and, therefore, the ABAQUS program was inte-
grated into the design procedure.

Disk assemblies containingN turbine blades coupled circumfer-
entially through the elastic rotor and an optional lacing wire had
to be analyzed. Blade mistuning effects~slight differences in ge-
ometry and/or in the damping properties among blades@16#! were
neglected in the performed analyses. Under these conditions the
disk assembly is a rotationally periodic structure ofN identical
blades and the cyclic wave theory could be applied. Thus, the
static and dynamic deformations of the whole disk could be rep-
resented by a single blade with complex circumferential boundary
conditions.

Free Vibration Computation. Neglecting dissipation effects,
the harmonic free vibration of the single coupled blade is given by
the complex matrix equation

bM ~ejnw!c$q̈%1 bK~ejnw,V!c$q%5$0%, j 5A21 (1)

where w52p/N is the circumferential periodicity angle of the
disc sector and the nodal diameter numbern varies according to

n50,1,2, . . . H N/2 for N even

~N21!/2 for N odd
(2)

In Eq. ~1!, @M (ejnw)# and @K(ejnw,V)# represent the blade
mass and nonlinear stiffness matrices with respect to the rotational
speedV Both complex matrices depend on the nodal diameter
numbern. The complex vectors$q% and $q̈% describe the nodal
displacement and the acceleration of the blade vibration. Between
nodes located on the right and left circumferential sector sides,
cyclic kinematic constraints are imposed as

$q% right5$q% lefte
jnw (3)

$q̈% right5$q̈% lefte
jnw (4)

Rewriting the Euler function in trigonometric notation, eigen-
frequencies of the cyclic finite element system can be computed in
the real domain. Consequently, the cyclic model has to be repre-
sented by two identical finite element meshes~Fig. 3!, whose
nodal boundaries on the circumferential sector sides are con-
strained as shown in Eqs.~3! and~4!. For each modei and nodal
diametern ~besidesn50 and n5N/2!, two identical eigenfre-
quencies are computed, which refer to two possible orthogonal
mode shapes of the disk assembly.

Static Calculation. By substitutingn equal to 0 into Eq.~1!
and Eqs.~3! and ~4! as well as omitting the inertial term of Eq.
~1!, the static equation of the disk assembly rotating with the
angular speedV is obtained in the following form:

@K~V!#$q%5$Po%1$T%1$F~V!% (5)

where $Po%, $T%, and $F(V)% are stationary gas pressure~ob-
tained from CFD!, thermal loads~obtained from thermal FE simu-
lation!, and centrifugal forces, respectively. In turbocharger blisks
the blades can be circumferentially coupled by a lacing wire, as
shown in Fig. 3. In this case, an effective contact area between the
airfoil and lacing wire is obtained from a nonlinear static compu-
tation by using contact elements@17#. In the free vibration analy-
ses, the nodes located on the computed contact area are fixed
rigidly to each other as demonstrated by Szwedowicz@18#. Fi-
nally, for the considered rotational speedV, the eigenfrequencies
of the bladed disk can be computed.

Damping Properties of Turbocharger Disks. Gust-response
and motion-dependent unsteady aerodynamics assure improve-

Fig. 2 Example of CFD grid

Fig. 3 Identical meshes to define complex bladed disk oscilla-
tions in the real domain
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ments for calculations of aero-damping@19#. But their reliability
is restricted due to hardware limitations and an excessive need of
computational time.

For the numerical analyses, the total blade damping~material,
micro-frictional, and aero-damping! was evaluated from measured
resonance peaks. Vibrations of disk assemblies with~Fig. 4! and
without lacing wire were measured under service conditions. With
the help of the fractional-power bandwidth method@20#, the mag-
nitudes of the damping ratios were evaluated from the resonance
peaks. The values obtained by means of fraction of the critical
damping were in the range of between 0.15 and 0.4 percent.

CFD–FEM Coupling
Even for simplified models of disk assemblies, a time-marching

structural finite element simulation of the bladed disk response is
ineffective because of the need of the excessive computational
time. Hence, the finite element calculations were performed in the
frequency domain as mentioned before.

From CFD simulations~Fig. 1!, the time-dependent two-
dimensional pressure distribution on the blade midsection is ob-
tained. To realize a quite simple first approach, a single excitation
force, split into axial and circumferential direction, is calculated
from the pressure distribution assuming a uniform radial distribu-
tion along the blade height. This force, acting on the center of
gravity of the blade midsection, represents the blade stimulation in
the forced response analyses. This simplification is acceptable
since in the scope of this project, there is major interest in vibra-
tions caused by the pressure pulses of the diesel engine exhaust
system, which mainly excite low, simple bending blade modes
@21#.

Forced Response Analysis. In general, forced vibrations of a
single coupled blade can be expressed in the Cartesian system by

bM ~ejmw!c$q̈%1@D#$q̇%1 bK~ejmw,V!c$q%5$P% (6)

where the damping matrix@D# is determined by the Rayleigh
dissipation model as a linear combination of the mass and stiff-
ness matrices. The generalized vector$P% describes the nonuni-
form pressure distribution along the circumference. For a blade
rotating with the constant angular speedV, the pressureP is a
periodic excitation function with the period oft52p/V. After
applying the computed eigenfrequenciesv i ,n and mode shapes
f i ,n ~see Eq.~1!!, the steady state response of the disk rotating
with constant angular speedV is given for each nodal diametern
in the rotating frame of reference as

mi ,nüi ,n12v i ,nj i u̇i ,n1ki ,nui ,n5$f% i ,n* T$Pk%e
j ~ka l2bk!ejkVt

(7)

@22# wherek51,2, . . . ,̀ describes the engine order,i 51,2,3 in-
dicates the number of the considered mode shapes,a l denotes the
circumferential position of the excited node of the cyclic finite
element model ~Figs. 3 and 11!. In Eq. ~7!, mi ,n

5$f% i ,n* T@M (ejnw)#$f% i ,n andki ,n5$f% i ,n* T@K(ejnw)#$f% i ,n are the
modal mass and modal stiffness of the cyclic FE model, respec-
tively, ~Fig. 3!, and $f% i ,n* T is the conjugate transposed vector of
the disk eigenformf i ,n . The nodal circumferential positiona l is
determined from Cartesian coordinates of the excited nodel. For
each nodal diametern, constant either minimum or maximum
values of the damping ratioj i evaluated from the experimental
resonance curves~see Fig. 4! are only taken into account in Eq.
~7!. Therefore, the global damping matrix@D# in the space-time
differential Eq. ~6! can be simplified by 2v i ,nj i in the modal
dynamic Eq.~7! of the cyclic FE blade model shown in Fig. 3.

AmplitudesPk and phase delaybk are obtained from the Fou-
rier decomposition of the nonuniform pressureP. For the applied
twin FE models~Fig. 3!, excitation loads of each engine orderk
have to be imposed simultaneously on nodel of the real and
imaginary blade as shown by Szwedowicz@22#

Fl ,x
~real!5Pk,x@cos~ka l2bk,x!1 j sin~ka l2bk,x!# (8.1)

Fl ,x
~ imag!5Pk,x@sin~ka l2bk,x!2 j cos~ka l2bk,x!# (8.2)

wherex refers either to the circumferential or the axial direction.
Due to the orthogonality condition between the disk modef i ,n

and the circumferential pressure distributionPk in Eq. ~7!, the
disk assembly oscillating with nodal diameter numbern is in reso-
nance, if the excitation orderk is equal tok•N7n or k•(N12)
7n wherek50, 1, . . .` for the even or odd number of the blades
N of the turbine rotor@22#.

Transformation of the Calculated Blade Forces Into the Ro-
tating Blade System. For the analyzed pulse charged turbo-
charger, excitation amplitude$Pk% in Eq. ~7! varies in the time
domain. For the forced response calculation, the excitation has to
be transformed into the frequency domain. This is achieved by use
of an ordinary Fourier decomposition. In this content, it is impor-
tant not only to keep an eye on the amplitude~Fourier coeffi-
cients! but also on the phase relationship, which seems to be more
uncertain to calculate@23#, but influences the magnitude of the
loading considerably.

It also has to be stated that the sampling interval of the time-
resolved CFD plays an important role for the quality of the results
@21#. Depending on the expected frequency contents and the de-
sired resolution, the sampling interval was chosen according to the
Nyquist sampling theorem given in Newland@24#.

Results
With the help of these numerical tools, different turbine con-

figurations under a variety of operating conditions were analyzed.
This paper gives a summary of two loading cases of the turbine
disk with the lacing wire. The first one was a turbine stage under
constant pressure loading. The second example demonstrates the
loading of a turbocharger turbine under pulse charging engine
conditions. The numerical results were compared to experimental
data as far as available.

Constant Pressure. For a first assessment of the CFD-
calculations, three different turbine stages under full admission
were analyzed. The output powerPT of the stages was calculated
by means of the tangential blade forcesF1 multiplied with the
rotational speed of the turbinenTC , the Euler radiusr, and the
number of turbine bladesN

PT52•p•nTC•r •N•Ft (9)

Fig. 4 Measured Campbell diagram of turbocharger disk with
lacing wire in service
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The numerical results were compared to the measured values
obtained from thermodynamic experiments. The relative differ-
ence is illustrated in Fig. 5. All values are related to the results for
configuration 1. As expected, the calculated output power is
higher than the corresponding measured values since the pressure
distribution on the blade surface was calculated only for the mid-
section and was assumed to be constant along the total blade
height. The difference between calculated and measured data for
these calculations is maximal up to 10 percent, due to the applied
simple Euler calculations.

Also, mass flow rates and the output power calculated from
thermodynamic data are in a good agreement with the experimen-
tal results. This indicates that the CFD code is able to predict the
flow fields for different turbine setups.

Pulse Charging. For this case, real engine conditions were
modeled assuming a three-pulse charged six-cylinder diesel en-
gine. This led to model an inlet casing with two separated gas
inlets. Therefore, the inlet was divided along the circumferential
direction into two parts. Each inlet segment was connected to an
individual exhaust pipe serving three cylinders. Heavy pressure
pulses from the exhaust system are directly led to the turbocharger
turbine. This results in significant differences between the admis-
sions of the two inlet segments and therefore high dynamic loads
acting on the turbine blades had to be expected. Thus, the de-
scribed test case is a good example to demonstrate the capability
of the coupled CFD–FEM analysis.

Boundary Conditions. The unsteady inlet boundary condi-
tions for the CFD analysis, namely the total pressurep and total
temperatureT, were obtained by the use of the SiSy code model-
ing the Diesel engine behavior with respect to the pipe system.
The values for each of the two segments are displayed in Fig. 6.
The six pulses of the cylinders~three per segment! can clearly be
seen. With respect to the time, very high differences of the inflow

boundary conditions exist at the two separate gas inlets. The
boundary conditions at the outlet were set to ambient conditions.

Blade Forces. The CFD calculation reveals snapshots of the
unsteady pressure field of the turbine stage for each time step. An
arbitrary example can be seen in the upper part of Fig. 7, which
illustrates the significant difference in pressure distribution at tur-
bine inlet and the pressure decrease over the stage. From the pres-
sure distribution the pulsating forces acting on the rotating blade
were calculated.

As mentioned before, only one single resulting force represents
the loading on each blade. Figure 8 shows the calculated forces
for a complete engine cycle, which equals two revolutions of the
four-stroke diesel engine. In the graph, the forcing function is
related to the time averaged value. Six pulses are detected and it
can be stated that the blades are subjected to extreme dynamic
loads. The turbocharger revolution can also be recognized, and in
the lower part of Fig. 8 one turbocharger revolution is shown in
detail. For reasons of clarity, the qualitative loading of the turbine
blades during one revolution is also illustrated in the lower part of
Fig. 7. The strong differences between the two segments and the
influence of the turbine nozzles can be detected.

Fig. 7 Pressure distribution in the midsection of the turbine stage for a single time step „upper plot … and quali-
tative loading of the turbine blades „lower diagram …

Fig. 5 Comparison of relative change in output power for dif-
ferent turbine configurations

Fig. 6 Unsteady pressure p „upper … and temperature T „lower
diagram … inlet boundary conditions
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Figure 9 displays the power spectrum of the Fourier decompo-
sition for the forces acting on the blade. The high values at fre-
quencies below the first turbocharger order result from the charg-
ing system. Their frequencies are characterized by multiples of the
speed of the Diesel enginenDE . Further peaks are detected for
multiples of the turbocharger rotationnTC . Even turbocharger or-
dersk are directly identified~seek52,4,6, . . . in Fig. 9!, because
maximal peaks refer to the frequencyk•nTC as it is illustrated for
the sixth engine order in the lower part of Fig. 9. For uneven
turbocharger ordersk ~seek51,3,5, . . . in Fig. 9!, the highest
peaks correspond to two particular frequenciesk•nTC2m•nDE
and k•nTC1m•nDE where m denotes the pulsation order (m
51,2, . . . ).

For each turbocharger orderk, the excitation spectrumk•nTC
6m•nDE is obtained from the Fourier decomposition of the CFD
results. An example for the sixth turbocharger order is shown in

the lower part of Fig. 9. For this particular excitation order, the
unsteady excitation amplitude is about 3 percent of the steady
load. These data compose the excitation input for the forced finite
element response calculation.

Forced Response Calculations. Initially eigenfrequencies of
the turbocharger assembly with respect to the different nodal di-
ameter numbersn, characterizing the disk mode shapes, were cal-
culated. As mentioned before, resonance can occur if the excita-
tion orderk is equal to the nodal diameter numbern. Intersections
between the calculated excitation bands and eigenfrequencies,
which define possible resonance conditions, are found with the
help of the well-known Campbell diagram~compare Fig. 4! in
combination with the nodal diameter diagram given in Fig. 10. As
an illustrative example, the sixth engine order was chosen to per-
form the FEM calculations.

In the CFD simulation, the rotor speed was adjusted to coincide
with resonance of the first blade mode in the sixth engine order
~compare Fig. 10!. Using the ABAQUS finite element code, the
forced response analysis was performed according to the excita-
tion band of the sixth engine order shown in Fig. 9~lower dia-
gram!. A constant equivalent damping ratioj i 51 of 0.2 percent
was assumed. As mentioned before, this value includes the energy
dissipation effects of the vibrating blade caused by material, fric-
tional, and aerodynamic damping~see Fig. 4!. Considering only
material damping, which can be obtained with the help of a ham-
mer test, the value would be below 0.02 percent.

In the steady-state FE analysis, only the first blade mode was
included, because the excitation spectra, which induce vibrations
of the second and third blade modes~turbocharger orders above
12 in the upper diagram in Fig. 9!, are much smaller in compari-
son to the spectrum of the sixth engine order. Additionally, the
fundamental vibration mode of the analyzed nodal diameter 6 of
the bladed disk is well separated and distinct from the higher
modes~compare Fig. 11:v i 52,n5652.1•v i 51,n56 and v i 53,n56
52.3•v i 51,n56!.

Fig. 8 Resulting blade force versus time

Fig. 9 Power excitation spectrum of the blade rotating with
speed n TC ; upper diagram: full spectrum, lower diagram:
zoomed spectrum for the sixth engine order

Fig. 10 Nodal diameter diagram of the bladed disk rotating
with constant speed n TCÄV „compare Eq. „7……

Fig. 11 Comparison among the resonance amplitudes of the
lowest blade modes excited by the sixth engine order for two
damping ratios j
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Fixed contact between the lacing wire and the airfoil was as-
sumed in the steady state vibration analyses. The frictional as well
as the aerodynamic energy dissipation are only included by the
introduction of the equivalent damping ratio. To illustrate all this,
Fig. 11 shows the computed minor resonance responses of the
second and third blade modes related to the resonance of the fun-
damental blade mode.

The difference between the first computed and measured blade
eigenfrequency was below 2 percent. To illustrate the results of
the forced response analysis, the calculated relative amplitudes at
the tip of the blade trailing edge are shown over the exciting
frequencies on the left side of Fig. 12. The trailing edge was
chosen because it exhibits the highest airfoil oscillations for the
first blade mode. The right side of Fig. 12 displays the dynamic
stress distribution. Additionally, the resulting circumferential and
axial forces imposed on the blade are indicated in Fig. 12. The
calculated peak stress was validated with the help of strain gage
measurements. In spite of the simple model of the blade loading,
fairly good agreements for the highest measured and computed
stresses are obtained. The differences were below 25 percent. This

leads to the conclusion, that for the described example case three-
dimensional effects are small and the value of the damping ratio
was well chosen.

To prove the numerical results~Fig. 12, left diagram!, measured
vibration amplitudes are shown in Fig. 13. The similarity between
the measured and calculated spectrums is obvious and shows the
capability of the unidirectional coupled numerical procedure to
predict vibrations of turbocharger turbine blades.

Summary and Outlook
The described numerical procedure developed at ABB Turbo

Systems, Ltd., is an approach to support turbocharger blade design
for predicting dynamic stresses. With the help of this unidirec-
tional coupled method, a structural optimization can be achieved
with respect to the blade excitation resulting from the fluid flow.
Costly experiments required within the design procedure of reli-
able turbine blades can then be reduced. In the first step the dy-
namic loads of pulse charged turbines were emphasized. A simple
model of the blade loading was assumed because only fundamen-
tal blade mode shapes had to be considered. Qualitatively good
agreement between experimental and numerical results was
achieved. With respect to the simplifications, the quantitative
agreement was satisfactory.

In the next step of the research program, the modeling of the
blade loading and, therefore the CFD modeling, has to be im-
proved to give quantitative better results. Higher resolution of the
pressure loading takes torsional effects into account, and is there-
fore mandatory to be able to include higher mode shapes into the
numerical design procedure. These mode shapes are possibly ex-
cited by the nozzle guide vanes and contribute to the dynamic
load of turbocharger turbine blades.
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Influence of Injection Type and
Feed Arrangement on Flow and
Heat Transfer in an Injection Slot
An experimental investigation is conducted to improve a slot film cooling system used for
the cooling of a gas turbine combustor liner. The tangential slots are constructed of
discrete holes with different injection types which are the parallel, vertical, and combined
to the slot lip. The investigation is focused on the coolant supply systems of normal, inline,
and counter-flow paths to the mainstream flow direction. A naphthalene sublimation tech-
nique has been employed to measure the local heat/mass transfer coefficients in a slot
wall with various injection types and coolant feeding directions. A numerical simulation is
also conducted to help understand the flow patterns inside the slot for different injection
types. The velocity distributions at the exit of slot lip for the parallel and vertical injection
types are fairly uniform with mild periodical patterns with respect to the injection hole
positions. However, the combined injection type increases the nonuniformity of flow dis-
tribution with the period equaling twice that of hole-to-hole pitch due to splitting and
merging of the ejected flows. The dimensionless temperature distributions at the slot exits
differ little with blowing rates, injection types, and secondary flow conditions. In the
results of heat/mass transfer measurements, the best cooling performance inside the slot is
obtained with the vertical injection type among the three different injection types due to
the effects of jet impingement. The lateral distributions of heat/mass transfer coefficients
with the inline and counter-flow paths are more uniform than the normal-flow path. The
average heat/mass transfer coefficients with the injection holes are about two to five times
higher than that of a smooth two-dimensional slot path.@DOI: 10.1115/1.1424890#

Introduction
A slot film cooling has been used extensively for the cooling of

a gas turbine combustor liner. A surface exposed to a hot gas
stream can be protected by injecting a layer of cooling air along
the surface. The injected coolant forms an insulating layer be-
tween the hot gas and the surface to be cooled. Generally, the
liners of gas turbine combustors are film cooled by tangential slot
injections of compressed air along their flame side surfaces. It is
recognized that the best film cooling performance is achieved with
a two-dimensional and uniform injection through continuous slots
in the surface to be protected@1–3#. Extensive investigations, in-
cluding numerical simulations, have been carried out in past years
to determine the individual influences of the large number of pa-
rameters that can be of significance with slot film cooling@1,4–6#.
Goldstein@7# provides an intensive summary of the film cooling
works.

In actual slot film cooling application, a number of constraints
such as structural strength, thermal expansion, cost of fabrication,
and coolant metering often prevent the use of a two-dimensional
continuous slot injection. Therefore, a practical combustor liner
often uses discrete holes and three-dimensional film cooling slots
to protect its wall from the hot gas stream. These film cooling
slots consist of rows of parallel, vertical, and combined holes with
or without slot lips. The cooling flow, which is admitted through
discrete holes, impinges on the inside surface of a slot lip, and is
mixed to form more or less uniform flows before ejection to the
hot gas stream. The slot lip should be long enough to insure de-
velopment of a uniform film, and the proper lip length is related to
the hole size, hole-to-hole spacing, and slot height. However, an
extremely long slot lip can be damaged because convection heat
transfer inside the slot decreases gradually as the length of flow

paths increases. Recently, as combustors develop into smaller
sizes and higher temperature rises, it is essential to determine the
detailed and accurate slot film cooling information. Many re-
searchers@8–13# investigated slot film cooling, discharging flows
through discrete injection holes, to obtain flow characteristics and
cooling performances. Sivasegaram and Whitelaw@14# presented
the flow characteristics affected by slot lip thickness and injection
angles of 30 deg, 60 deg, and 90 deg to the direction of main-
stream. Farmer et al.@15# investigated two geometries including a
35-deg inclined slot and a shaped 35-deg inclined slot. Hounslow
et al. @16# reported the development of combustors for a power
plant.

The present study is conducted experimentally and numerically
to investigate flow and heat transfer characteristics of slot film
cooling with discrete holes for changing blowing rates, injection
types, and flow conditions at the slot exit. Especially, coolant
feeding directions, which have inline and counter-flow directions
to the mainstream flow, have the effect of secondary flows greatly
being used. The investigation is focused on the heat transfer en-
hancement of the inside surface of a slot lip with changing the
coolant flow paths. The mass transfer experiments by means of a
naphthalene sublimation technique are conducted instead of heat
transfer experiments to obtain detailed local transfer coefficients
on the inside surface of the slot lip. The radiation and conduction
errors that occur in heat transfer experiments are excluded in the
naphthalene sublimation technique. Numerical simulations using a
commercial code, FLUENT, are also conducted to help under-
stand the flow patterns inside the slot for different injection types.

Experimental Apparatus and Procedure

1 Wind Tunnel and Secondary Injection System. The
wind tunnel used for this experiment is an open circuit and blow-
ing type. The test section is 300 mm wide by 195 mm high by 800
mm long and the area ratio of the contraction section is 9:1. A trip
wire of diameter 2.5 mm is attached at the beginning of the test
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TURBO, Expo 2000, May 8–11, Munich, Germany. Manuscript received by the
International Gas Turbine Institute February 2001. Paper No. 2000-GT-238. Review
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section to ensure fully developed turbulent boundary layer in the
test section. The nominal velocity of the mainstream is maintained
at 8 m/s, which is the Reynolds number of 8000 based on the slot
height, during the experimental tests. The turbulence intensity of
the mainstream without secondary flow injection is measured
within 0.7 percent. The boundary layer thickness based on 99
percent mainstream velocity at the location of slot exit is 11 mm.

The secondary injection system is composed of a blower, a heat
exchanger, an orifice flow meter, and a plenum chamber. Second-
ary flow passes through fine screens in a plenum chamber and is
injected through the slot holes into the boundary layer of the
mainstream. The orifice flow meter between the blower and the
plenum chamber is used to measure the mass flow rate of the
secondary flow. For heat transfer experiments, the temperature of
the secondary flow is raised above that of the mainstream with the
aid of the heat exchanger supplied from an iso-thermal bath. A
temperature difference of approximately 30°C is used and is mea-
sured by using J-type thermocouples which are attached to the
inlet and outlet of system. For mass transfer experiments, the
mainstream and secondary flows are maintained within 0.2°C.

2 Test Plates. The geometries of film cooling slots and co-
ordinate system are shown schematically in Fig. 1. Parallel and
vertical holes compared to the mainstream are punched linearly in
the inside of slot. The configuration of the test plate is presented in
Table 1. The coordinate system of the duct takes the streamwise,
lateral, and vertical directions forX, Y, andZ, respectively, and its
origin is located at the end point of the lip, the middle, and bottom
point of the slot height. The geometries of slots with various in-
jection types are presented schematically in Fig. 2 for a normal-
feeding direction in which the secondary flow is supplied verti-
cally from the bottom of plenum. Three injection types are used to
study the effects of slot geometries. For a parallel injection, uni-
form velocity distribution can be obtained at the slot exit but
convection heat transfer is the only method to cool the inside
surface of the slot. For a vertical injection, jet impingement effect
can be added to convection heat transfer and the inside surface of
slot can be cooled intensively. For a combined injection, both
advantages of the parallel and vertical injection are expected.
Moreover, as shown in Figs. 3~a! and ~b!, the effects of feeding

directions of the secondary flow which have inline and counter-
flow directions to the mainstream flow is investigated. The height
of the guide vane is equal to that of the slot.

The mass transfer experiments are performed by using the
naphthalene sublimation method instead of heat transfer experi-
ments. The boundary of the naphthalene-coated surface corre-Fig. 1 Slot configuration and coordinate system

Fig. 2 Schematics of injection types— „a… parallel injection
„PI…; „b… vertical injection „VI…; „c… combined injection „CI…

Fig. 3 Schematic view of different flow feeding directions— „a…
parallel-feeding direction; „b… counter-feeding direction

Table 1 Experimental configurations of the test plate

Slot Height
~Zc! Lip Length ~l! Lip Thickness~t! Pitch ~P! Diameter~D!

15 mm 45 mm 3 mm 15 mm 10.5 mm
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sponds to a constant temperature condition of heat transfer experi-
ments. Detailed local heat/mass transfer coefficients are obtained
in the present experiments. As shown in Fig. 4, the test plate
including the naphthalene-coated surface is established like a slot
lip. The coordinate system of the test plate takes the same lateral
direction asY, the vertical one asZ in Fig. 1. But the streamwise
direction is defined newly asX* at the start point of slot lip in Fig.
4. Therefore, the region to measure mass transfer coefficients is
covered by 0.1<X* /Zc<2.8 in the streamwise direction and
22.0<Y/Zc<2.0 in the lateral direction and the naphthalene-
coated surface includes four holes. A J-type thermocouple is po-
sitioned inside the naphthalene-coated layer near the exposed sur-
face. The vapor pressure and density of naphthalene on the surface
is calculated from this measured temperature.

A two-dimensional continuous slot test is conducted for refer-
ence values of the tested experimental results according to chang-
ing parameters~i.e., blowing rates, injection types, flow supply
directions!. The two-dimensional continuous slot is constructed
with rounded approach duct sections at the front of slot and fine
screens at the inlet of duct are used to minimize flow disturbance
and to make a uniform flow condition at the slot exit.

Data Reduction. Velocity and turbulence intensity are mea-
sured by a hot-wire anemometer~TSI-IFA300! which is a constant
temperature type with anI-type sensor. A three-axis traverse con-
trolled by a PC is used to carry the hot-wire probe to various
directions. The measured data are stored in the PC through a
GPIB board.

Temperature distribution is measured by a J-type thermocouple
rake which is composed of seven thermocouples arranged at in-
tervals of 5 mm. The three-axis traverse is also used to move the
rake. The dimensionless temperature coefficient is defined as

Q5
T2T`

T22T`
(1)

whereT is the flow temperature at the measuring position,T` is
the mainstream temperature, andT2 is the secondary flow
temperature.

The test surface is cast with naphthalene using a set of molds
composed of the test plate and the molding plate polished highly
to a maximum smoothness. To obtain the local mass transfer rates,
the sublimation depths of the naphthalene surface are measured at
the numerous positions using an automated positioning table and
an LVDT ~linear variable differential transformer! made by Schae-
vitz Engineering~LBB-375TA-020!. The LVDT has a resolution
of 0.025mm and the diameter of the measuring tip is 1.588 mm.
An error of the LVDT measurements on the test plate is about
0.15mm, which is within 0.5 percent of an averaged sublimation
depth of 40mm during the run.

The sublimation depths of the naphthalene-coated surface are
measured before and after the test in the slot flow. Sherwood
number~Sh!, the dimensionless local mass transfer coefficient, is
calculated from differences of the surface elevations~the naphtha-
lene sublimation depths!.

The local mass transfer coefficient is defined as

hm5
ṁ

rv,w2rv,`
5

rs~dy/dt!

rv,w
(2)

Since the approaching flow contains no naphthalene vapor,rv,`
50 in the present study. Therefore, the mass transfer coefficient is
calculated from the local sublimation depth of naphthalene~dy!,
run time (dt), density of solid naphthalene (rs), and naphthalene
vapor density (rv,w). The naphthalene vapor pressure is obtained
from a correlation of Ambrose et al.@17#.

The Sherwood number can be expressed as

Sh5
hmd

Dnaph
(3)

Dnaph is based on the discussion of naphthalene properties given
by Goldstein and Cho@18#.

Uncertainty Analysis. The uncertainty of the measured Sher-
wood number is estimated within 7.9 percent at the 95-percent
confidence level by using Kline and McClintock’s@19# uncer-
tainty estimation method. This uncertainty is attributed mainly to
the uncertainty of properties of naphthalene, such as the naphtha-
lene saturated vapor pressure~3.8 percent!, and diffusion coeffi-
cient of naphthalene vapor in the air~5.1 percent!.

Numerical Simulations
The numerical simulations using a commercial package pro-

gram~FLUENT! are accomplished to understand the flow patterns
inside the slot lip with different injection types. The computation
domains are modeled by the geometry used in the experimental
study. The symmetry boundary conditions for one cell of injection
holes are imposed to reduce the grid size and calculation time.
The computation domain grids are created using the GAMBIT
solid modeling, and the number of grids is about 803403150.
Different grids are used to verify the grid independence of the
solution at the blowing rate ofM51.0. The steady solutions for
turbulent flow field in the slot cooling system are calculated using
an RNG~re-normalization group! k-e turbulence model. The flow
characteristics with the variations of injection types are investi-
gated in the present numerical simulation to support the experi-
mental results.

Results and Discussion

1 Two-Dimensional Continuous Slot. Figure 5~a! shows
the vertical velocity distribution of a two-dimensional continuous
slot for M51.0 atX/Zc50.25 ~near the slot exit!. As the second-
ary flow is injected through the two-dimensional continuous slot,
the uniform velocity distributions are obtained laterally and the
vertical velocity distribution is similar to a duct flow pattern.
Therefore, this two-dimensional slot is expected to have a mini-
mum entrainment of the mainstream into the coolant film with
respect to shear mixing. Figure 5~b! shows the local variation of
Sherwood numbers for M51.0 on the inside surface of slot lip at

Fig. 4 Schematic diagram of test plate for mass transfer ex-
periments

Fig. 5 Velocity and Sh distributions of 2-dimensional continu-
ous slot for MÄ1.0 — „a… vertical velocity distributions at
XÕZc-0.25; „b… local Sh along the slot lip
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Y/Zc50. The heat/mass transfer decreases as the heat/mass trans-
fer boundary layer develops from the root of slot lip and that is
very uniform at the region ofX* /Zc>0.7. The lateral distributions
of the local heat/mass transfer coefficients is fairly uniform over
most parts of the slot lip. These results are used for a reference
value evaluating experimental results obtained from other
configurations.

2 Velocity Distributions. Figures 6–8 show lateral and ver-
tical velocity distributions forM51.0 atX/Zc50.25 according to
the change of flow injection types and flow feeding directions. For
the normal flow feeding direction, as shown in Fig. 6~a!, the maxi-
mum and minimum velocities are repeated periodically at hole
centers (Y/Zc560.5,61.5) and at middle points between holes
(Y/Zc50.0,61.0) for the parallel injection~PI!, respectively. The
vertical velocity distribution shows that the maximum velocity
appears near the bottom surface~Fig. 6~d!!. This velocity distri-
bution will produce high shear mixing with the mainstream due to
a large velocity difference at the slot lip boundary.

For the vertical injection, maximum velocities appear at the
middle points between injection holes due to the interaction of
secondary flows inside the slot lip~Fig. 6~b!!. The vertical veloc-
ity distribution presents that the maximum value exists near the
slot lip, which is the reverse to that of the parallel injection case.
The local velocity atZ/Zc>0.9 is much higher than that of the
mainstream even though the average blowing rate equals 1.0.
Therefore, the slot flow will produce a large shear mixing layer at
the boundary in spite ofM51.0 for the vertical injection case.

For the combined injection as shown in Fig. 6~c!, the period
changes to twice that of hole-to-hole pitch due to the influence of
splitting and merging of the parallel and vertical injection flows
and its amplitude grows larger. This nonuniformity will affect the
downstream region of the slot exit resulting in lower film cooling
effectiveness values because the nonuniform velocity distribution
enhances the entrainment-induced mixing between the main-
stream and secondary flows.

For the inline-feeding direction, as shown in Figs. 7~a–f!, the

tendency of velocity distributions is similar to that of the normal
flow feeding direction, except the parallel injection. The vertical
velocity distributions are fairly uniform with the parallel injec-
tions, and will produce much less mixing with the mainstream.

Fig. 6 Velocity distributions of normal-feeding direction for
MÄ1.0 at XÕZcÄ0.25: „a…, „b…, „c… lateral; „d…, „e…, „f… vertical dis-
tributions

Fig. 7 Velocity distributions of inline-feeding direction for M
Ä1.0 at XÕZcÄ0.25: „a…, „b…, „c… lateral; „d…, „e…, „f… vertical distri-
butions

Fig. 8 Velocity distributions of counter-feeding direction for
MÄ1.0 at XÕZcÄ0.25: „a…, „b…, „c… lateral; „d…, „e…, „f… vertical
distributions
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For the combined injection, the difference of maximum and mini-
mum velocities is considerably reduced owing to the change of
secondary flow feeding direction. For the counter-feeding direc-
tion, as shown in Figs. 8~a–f!, the velocity distributions have the

most laterally uniform distributions at the parallel and vertical
injection types, which are similar to the results of the two-
dimensional continuous slot. However, the difference of maxi-
mum and minimum is highly amplified in the combined injection
case. Therefore, the counter-feeding direction can be recom-
mended for the parallel and vertical injections to obtain high film
cooling effectiveness at the downstream region, but not for the
combined injection.

3 Temperature Distributions. Figure 9 shows dimension-
less temperature distributions for various injection types with the
normal feeding direction. For the parallel injection, as shown in
Fig. 9~a!, the dimensionless temperature coefficients are fairly
uniform and aboutQ51 near the slot exit (X/Zc50.25) for M
51.0. As going downstream region (X/Zc51.0), the dimension-
less temperature coefficients decrease (Q51) maintained only in
the region ofZ/Zc<0.6! due to interaction of the mainstream and
secondary flows. For the vertical injection, presented in Fig. 9~b!,
the distribution is similar to that of the parallel injection even
though the coolant has different velocity distributions. For the
combined injection~Fig. 9~c!!, the dimensionless temperature co-
efficients are slightly lower and less uniform than the other cases
due to the mixing of the mainstream and secondary flows with the
large lateral variation of velocity distributions as shown in Fig.
6~c!.

4 HeatÕMass Transfer. The contour plots of local heat/
mass transfer coefficients~Sherwood number! are presented in
Fig. 10 for various injection types with the normal-feeding direc-
tion. Different contour scales are used to show Sh distributions
clearly for each case. ForM50.5 and the parallel injection, the
high Sherwood number regions are observed along the lines of
injection hole positions (Y/Zc560.5,61.5) and the maximum
values appear approximately atX* /Zc>1.0, as shown in Fig.
10~a!. For the region ofX* /Zc>1.5, the heat/mass transfer de-
creases as the heat/mass transfer boundary layer develops. The
lateral distribution of the local heat/mass transfer coefficients is
fairly uniform over most parts of the slot lip regardless of hole
positions. However, at the region ofX* /Zc<0.5, the heat/mass
transfer coefficients have low values due to the recirculation flows
which are blocked by diffused parallel injection flows.

For the vertical injection atM50.5 ~Fig. 10~b!!, the injected
flow from the plenum impinges on the inside surface of the slot lip
and forms a cross-flow to the exit. The high heat/mass transfer
coefficients are obtained in the area of 0.5<X* /Zc<1.0, where
the jet is impinging on it. The impinged secondary flow spreads
widely due to the interaction of neighboring jets with the close
hole-to-hole spacing, and consequently high heat/mass transfer
coefficients are obtained in the overall area including higher Sher-
wood numbers atX* /Zc<0.5 than that of the parallel injection
case. The lateral distribution of the local heat/mass transfer coef-
ficients is fairly uniform due to the mixing of secondary flows
inside the slot.

Figure 10~c! shows the results of the combined injection for
M50.5. Parallel and vertical hole positions areY/Zc520.5, 1.5
and Y/Zc521.5, 0.5, respectively. For this case, the Sherwood
number distributions are much different from those of the parallel
and vertical injections. The lateral distributions of the local heat/
mass transfer coefficients are nonuniform over most regions of the
slot lip and it is expected from the lateral velocity distributions for
the combined injection as presented in Fig. 6~c!. This area would
be subject to the excessive thermal stress load due to the nonuni-
form temperature distribution and including hot spots with lower
cooling effectiveness regions. At increasing blowing rates, the dis-
tributions of Sherwood numbers have the similar trends in all
three injection types. The heat/mass transfer coefficients increase
continuously as the blowing rates increase.

The contour plots of local Sherwood numbers for different flow

Fig. 9 Dimensionless temperature distributions for normal-
feeding direction at MÄ1.0 and XÕZcÄ0.25
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feeding directions are presented in Fig. 11 forM51.0; Figs. 11~a-
c! for the inline-feeding direction and Figs. 11~d–f! for the
counter-feeding direction. For the parallel injection with inline-
feeding direction, although the overall trend is similar to that of
the normal-feeding direction presented in Fig. 10~d!, the increas-
ing regime of local heat/mass transfer is widened and the effect of
hole positions decreases. The reason is that the change of flow
direction between the slot and plenum chamber results in the bet-
ter mixing of secondary flows. Especially, the low transfer regions
disappear atX* /Zc<0.5 comparing with the results of normal-
feeding direction~Fig. 10~d!!. For the vertical injection, the jet
flow impingement is the most important effect to augment heat/
mass transfer on the slot lip. But, as changing of the flow feeding
direction, the impinging region is slightly moved downstream
rather than the normal flow feeding direction. Especially, the local

heat/mass transfer coefficients at the region of 1.0<X* /Zc<1.5
increases and that is more uniform in the lateral direction. For the
combined injection, as the flow from parallel injection holes
(Y/Zc520.5,1.5) is instantly divided into the vertical injection
jets, the augmentation of heat/mass transfer appears along the ver-
tical injection flows. It is confirmed that the peak values of lateral
velocity distributions at the slot exit correspond to the vertical
hole positions (Y/Zc521.5,0.5).

On the contrary, for the counter-flow feeding direction, the
mass transfer enhanced area due to the injected secondary flows is
moved upward compared with that of the normal flow feeding
direction ~Fig. 11~d!!. For the parallel injection case, the high
heat/mass transfer coefficient is seen in the region of 0.5
<X* /Zc<1.0 as shown in the vertical injection of other flow

Fig. 10 Contour plots of Sh for various injection types with normal-feeding direction
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feeding directions. Since the flow feeding direction is changed,
such as a counter direction to the mainstream, the secondary flow
is injected obliquely through the parallel holes onto the slot lip.
These trends are also distinctly observed in the vertical and com-
bined injection results presented in Figs. 11~e! and ~f!, respec-
tively. Therefore, the very high mass transfer coefficients are ob-
served in the region ofX* /Zc<0.5.

The detailed local mass transfer coefficients are presented in
Fig. 12 for M51.0 at several lateral positions~X* /Zc50.2, 0.7,
and 1.5! for the inline-feeding direction. Generally, the periodical
patterns correspond to the hole positions are observed mildly for
the parallel and vertical injection types. As the secondary flow is
moved downstream, the lateral distributions of heat/mass transfer
coefficient are fairly uniform due to the large mixing of injection
flows inside the slot. The best performance for the slot lip cooling

is obtained with the vertical injection among the three types of
injections due to the effects of jet impingement. In contrast, for
the combined injection, high heat/mass transfer coefficients are
observed periodically atX* /Zc50.2 and 0.7. The lateral distribu-
tions of heat/mass transfer coefficients are extremely nonuniform
due to the splitting and merging of flows between parallel and
vertical injection jets regardless of the flow feeding directions.

5 Averaged HeatÕMass Transfer. Figure 13 shows the
streamwise distributions of laterally averaged Sherwood numbers
with different flow feeding directions forM51.0. As discussed
previously, the best performance is obtained by using the vertical
injection type and the peak point of Sherwood numbers is about
five times higher than that of the two-dimensional continuous slot.
For the parallel injection type, the counter-flow feeding direction

Fig. 11 Contour plots of Sh for various injection types at MÄ1.0
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has the highest averaged Sherwood numbers at the region of 0.5
<X* /Zc<1.0 because a kind of impinging effect is added to the
parallel injection flows. Generally, the averaged Sherwood num-
ber is 2–5 times higher than that of the two-dimensional continu-
ous slot injection. The patterns of the averaged Sh distributions for
M50.5 are similar to those forM51.0 as partially shown in
Fig. 10.

6 Numerical Simulation. Figures 14 and 15 show the ve-
locity vector plots for different flow injection types with the

inline-feeding direction. Those present only interested regions,
even though the calculated domain includes a whole tested area,
obtained from a numerical simulation using a commercial code,
FLUENT. Figures 14~a! and~b! present the vector plots for a side
view and a front view, respectively, with the parallel injection
type. The flow ejected from the hole forms a separation bubble on
the bottom surface~Fig. 14~a!! resulting in a down wash flow
from the middle lines between holes~Fig. 14~b!!. This flow pat-
tern will produce the reverse velocity distribution near the bottom
wall before the flow reattachment on the surface. Therefore, the
flow structure ejected from the slot lip would be strongly depen-
dent on the length of the slot lip. The numerically obtained flow
patterns correspond fairly well with that measured from the
experiments.

For the vertical injection case, the ejected jet impinges on the
inside surface of the slot lip, as shown in Fig. 14~c!, and enhances
the heat transfer on the slot lip. The impinged jet inside the slot

Fig. 12 Lateral distributions of Sh for various injection types
with inline-feeding direction at MÄ1.0

Fig. 13 Comparison of averaged Sh for flow feeding directions
at MÄ1.0
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develops quickly with a counter-rotating vortex resulting in a
fairly uniform flow distribution in lateral directions before expo-
sure to the mainstream. The maximum velocity is obtained near
the slot lip and this result matches fairly well with the experimen-
tal data as shown in Fig. 7~e!.

For the combined injection case, the flow pattern is different
from those of the previous cases showing a large counter-rotating
vortex ~a double size of that in the vertical injection!, as presented
in Fig. 15. The flows ejected from the parallel holes split quickly
and merge into the jet ejected from the vertical hole as shown in
Fig. 15~c!. Therefore, the nonuniform heat/mass transfer is ob-
tained inside the slot lip and the flow velocity distribution is ex-
tremely nonuniform at the exit of slot lip. These results support
strongly the heat/mass transfer and velocity data obtained from
the experiments~Figs. ~7! and ~11!!.

Conclusions
The present study has been conducted to investigate the veloc-

ity and temperature distributions in the slot and at the slot exit and
local heat/mass transfer coefficients on the inside of the slot lip
with various injection types and flow feeding directions. It is com-
pared with the results of the two-dimensional continuous slot in-
jection. The results are summarized as follows;

Velocity Distributions

• Generally, the parallel and vertical injection types have weak
periodical flow patterns at the slot lip exit with respect to the
hole positions, because the counter-rotating vortices mix the
flow quickly inside the slot before exposure to the main-
stream.

• For the combined injection type, the flow period changes to
twice that of hole-to-hole pitch due to the splitting and merg-
ing of parallel and vertical injection flows.

Temperature Distributions

• The dimensionless temperature coefficients at the slot exit are
little affected by variation of blowing rates and secondary
flow injection types.

HeatÕMass Transfer

• The highest heat/mass transfer on the slot lip is obtained with
the vertical injection among the three types of injections due
to the effects of jet impingement.

• For the combined injection type, the lateral distribution of Sh
is extremely nonuniform due to the splitting and merging of
ejected jets.

• The inline and counter-flow feeding directions change
slightly the flow pattern and the lateral distributions of Sh
resulting in more uniform heat transfer distributions.

• As changing the injection types and flow feeding directions,
the averaged Sherwood numbers increase about two to five
times higher than that of the two-dimensional continuous slot
injection.
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Nomenclature

D 5 diameter of slot film cooling hole
dy 5 sublimation depth of naphthalene
dt 5 time interval during experiment

Dnaph 5 naphthalene vapor diffusivity in air
hm 5 local mass transfer coefficient

l 5 slot lip length
M 5 blowing rate,r2U2 /r`U`
ṁ 5 mass transfer rate per unit area
P 5 hole-to-hole pitch

Sh 5 Sherwood number based on slot heighthmZc /Dnaph
Sh 5 spanwise averaged Sherwood number

t 5 slot lip thickness

Fig. 14 Velocity vectors for inline-feeding direction „not in
scale …—„a… side view of parallel injection at YÕZcÄ0.5; „b… front
view of parallel injection at X* ÕZcÄ2.0; „c… side view of vertical
injection at YÕZcÄ0.5; „d… front view of vertical injection at
X* ÕZcÄ2.0

Fig. 15 Velocity vectors for the combined injection with inline-
feeding direction „not in scale … — „a… side view at YÕZcÄ0.5; „b…
side view at YÕZcÄ0.5; „c… top view at ZÕZcÄ0.5; „d… front view
at X* ÕZcÄ2.0
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T 5 local temperature
T2 5 secondary flow temperature
T` 5 mainstream temperature
u2 5 secondary flow velocity
u` 5 mainstream velocity
X 5 streamwise distance from end of lip

X* 5 streamwise distance from root of lip
Y 5 lateral distance from center of test plate
Z 5 vertical distance from bottom of test plate

Zc 5 slot height
rs 5 density of solid naphthalene

rv,w 5 naphthalene vapor density at wall
rv,` 5 naphthalene vapor density in mainstream

Q 5 dimensionless temperature coefficient, (T2T`)/(T2
2T`)
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Effects of Bulk Flow Pulsations
on Film Cooling With Compound
Angle Holes: Heat Transfer
Coefficient Ratio and Heat
Flux Ratio
Experiments are conducted to investigate the effects of bulk flow pulsations on film cool-
ing from compound angle holes. A row of five film cooling holes is employed with orien-
tation angles of 0, 30, 60, and 90 deg at a fixed inclination angle of 35 deg. Static
pressure pulsations are generated using an array of six rotating shutter blades, which
extend across the span of the exit of the wind tunnel test section. Pulsation frequencies of
0 Hz, 8 Hz, and 36 Hz, and time-averaged blowing ratios of 0.5, 1.0, and 2.0 are em-
ployed. Corresponding coolant Strouhal numbers based on these values then range from
0.20 to 3.6. Spatially resolved surface heat transfer coefficient distributions are measured
(with the film and freestream at the same temperature) using thermochromic liquid crys-
tals. Presented are ratios of surface heat transfer coefficients with and without film cool-
ing, as well as ratios of surface heat flux with and without film cooling. These results, for
compound angle injection, indicate that the pulsations cause the film to be spread more
uniformly over the test surface than when no pulsations are employed. This is because the
pulsations cause the film from compound angle holes to oscillate in both the normal and
spanwise directions after it leaves the holes. As a result, the pulsations produce important
changes to spatially resolved distributions of surface heat flux ratios, and surface heat
transfer coefficient ratios. In spite of these alterations, only small changes to spatially
averaged heat transfer coefficient ratios are produced by the pulsations. Spatially aver-
aged surface heat flux ratios, on the other hand, increase considerably at coolant Strouhal
numbers larger than unity, with higher rates of increase at larger orientation angles.
@DOI: 10.1115/1.1400110#

Introduction
It is well known that film cooling performance is affected by a

number of parameters such as external boundary layer status,
blowing ratio, blade curvature, and film hole arrangement and
configuration, to name a few@1#. Flow unsteadiness in turbines
has only recently been recognized to also affect film cooling per-
formance in significant ways. Such unsteadiness develops from
four different sources@2#: ~i! potential flow interactions, (i i )
shock waves, (i i i ) passing wakes, and (iv) random freestream
turbulence from the combustion chamber. Potential flow pulsa-
tions are caused by the relative motion of a rotor blade row rela-
tive to an adjacent stator blade row. In transonic gas turbines,
downstream rotor blades encounter shock waves which form at
the trailing edges of upstream stator blades. As this happens,
shock waves are often reflected, absorbed, or broken up near rotor
blade surfaces. Such passing families of shock waves, along with
potential flow interactions, result in periodic alterations to the
static pressure on the surfaces of downstream rotor blades. When
film cooling is employed, these surface static pressure variations
are then present at the exit planes of the holes. As a result, coolant
flow rates pulsate at film hole exits, and coolant trajectories and
coverage vary with time downstream of the film holes. This often
gives significant changes to the protection ordinarily provided by
film cooling, as well as to the structural characteristics of film
cooled boundary layers.

The effects of potential flow interactions and passing shock
waves are described by a number of investigators@2–9#. In an
investigation of rotor heat transfer with a short-duration blow-
down turbine test facility, Abhari and Epstein@3# indicated that
these types of flow pulsations cause the time-averaged heat trans-
fer rate to increase by 12 percent on the suction surface and to
decrease by 5 percent on the pressure surface, compared with
values measured with no pulsations. Flow visualization results in
the recent experiments of Ligrani et al.@2,4,5# show two distinct
coolant flow regimes: quasi-steady and nonquasi-steady. Accord-
ing to these authors, magnitudes of the coolant Strouhal number
less than 1-2 correspond to quasi-steady behavior, and the magni-
tudes greater than 1-2 correspond to nonquasi-steady behavior,
regardless of the blowing ratio. Quasi-steady film distributions are
the same as the steady distribution which would exist at the same
instantaneous flow condition. With the nonquasi-steady film be-
havior, multiple pulsations are imposed on the coolant over the
time period required for it to pass through the film hole. As a
result, portions of the film oscillate in ways different from adja-
cent portions, which gives a ‘‘wavy’’ appearance at each instant in
time @2#. In many cases, nonquasi-steady film distributions lead to
more important alterations to film effectiveness values and flow
structure than when quasi-steady behavior is present@4,5#. More
recently, Bell et al.@8# and Ligrani and Bell@9# present correla-
tions which give the experimental conditions~for a single row of
simple angle, round holes! when significant reductions in protec-
tion occur due to the imposed bulk flow pulsations.

Other recent investigations consider film cooling from holes
with compound angle orientations~with no imposed pulsations!
because lateral momentum components are produced which result

Contributed by the International Gas Turbine Institute and presented at the 46th
International Gas Turbine and Aeroengine Congress and Exhibition, New Orleans,
Louisiana, June 4–7, 2001. Manuscript received by the International Gas Turbine
Institute February 2001. Paper No. 2001-GT-129. Review Chair: R. Natole.
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in more uniform film coverage along the surface. Of these inves-
tigations, Mehendale and Han@10# consider the effects of high
freestream turbulence on leading edge film cooling. Heat transfer
coefficients, measured downstream of holes with 90-deg orienta-
tion angles, increase as the ratio of coolant to crossflow mass flux
increased. In a study which employs compound angle holes with
60 deg orientation angles, Sen et al.@11# present heat transfer
rates which increase quite remarkably compared to simple angle
injection, provided momentum ratios are large. They also report
that the effect of the heat transfer coefficient on overall film cool-
ing performance is stronger as the blowing ratio increases. The
authors thus demonstrate that the film cooling performance should
be evaluated using the surface heat flux rather than the adiabatic
effectiveness alone.

Ligrani and Lee@12# present boundary layer temperature pro-
files, surface effectiveness distributions, and surface iso-energetic
Stanton numbers at high blowing ratios ranging from 1.0 to 4.0
using holes with orientation angles of 50.5 deg. The authors show
that overall film cooling performance, based on surface heat flux
data, degrades considerably as the blowing ratio increases. Jung
and Lee@13# report detailed boundary layer temperature and sur-
face effectiveness measurements made downstream of compound
angle holes with orientation angles of 30, 60, and 90 deg. Another
recent study by Bell et al.@14# includes results measured down-
stream of shaped holes with compound angle orientations. Ac-
cording to the authors, the combination of less jet penetration,
flow diffusion, and lower velocity gradients fromshaping, and
increased lateral spreading and greater injectant concentrations
near the surface fromcompound angles, results in important local
and spatially averaged protection benefits.

The present study is different from these other investigations
because the combined effects of compound angle orientations and
imposed bulk flow pulsations are considered together. Cylindrical
film cooling holes with orientation angles of 0, 30, 60, and 90 deg
are investigated. In all cases, the inclination angle is fixed at 35
deg. Blowing ratios are 0.5, 1.0, and 2.0, and pulsation frequen-
cies are 0 Hz, 8 Hz, and 36 Hz. Corresponding coolant Strouhal
numbers then range from 0.20 to 3.6. Surface heat transfer coef-
ficient distributions are measured using thermochromic liquid
crystals. This technique is employed because of its high spatial
resolution, which allows detailed surface heat transfer coefficient
distributions to be measured just downstream of the injection
holes. Surface heat flux ratio distributions are subsequently ob-
tained from these heat transfer coefficient data, along with surface
effectiveness data, which are presented in a companion paper@15#.

All of these data are valuable because they provide new infor-
mation on means to prevent the thermal failure of turbine blades
exposed to excessive, external heat loads. They are also valuable
for the development of new prediction models for film cooling
which are aimed at accounting for the combined effects of im-
posed, bulk flow pulsations, and compound angle orientations.

Experimental Apparatus and Procedures
Experimental apparatus and procedures are similar, in most

cases, to ones described by Lee and Jung@15#. Many details are
also presented here for the sake of completeness.

Wind Tunnel and Injectant Supply System. A schematic of
the wind tunnel and the injectant supply system is shown in Fig.
1~a!. The wind tunnel is an open-circuit and subsonic facility, with
a 6.25 to 1 contraction ratio nozzle and an exit crosssection with
dimensions of 0.40 m and 0.28 m. The nozzle leads to the test
section, which is a rectangular duct 3.0 m long. At a freestream
velocity of 10 m/s, flow at the test section inlet shows excellent
spatial uniformity with spanwise velocity variation less than 0.3
percent and a turbulence level less than 0.2 percent. A boundary
layer trip wire of 1.8 mm in diameter is located on the test plate
just downstream of the nozzle exit. The air, used as the injectant,
first flows through an orifice plate followed by two heat exchang-

ers that control the injectant air temperature. The air is then ducted
to a plenum chamber and is discharged through the injection
holes.

Device Employed to Impose Bulk Flow Pulsations. Static
pressure pulsations are produced in the test section using an array
of rotating shutter blades located at the exit of the test section and
driven by a system of timing belts and an electric motor. With
bulk flow pulsations of 8 Hz, the coolant Strouhal number, Src
52p f L/Uc , varies from 0.2 to 0.8, while the coolant Strouhal
number with 36 Hz pulsations varies from 0.9 to 3.6, depending
upon the blowing ratio. This Strouhal number definition gives the
time required for the coolant to pass through each hole divided by
the time period of one pulsation. Typical values for operating
turbines range from 0.2 to 6.0. Coolant Strouhal numbers and
non-dimensional pressure parameters at different blowing ratios
are listed in Table 1. Here, the nondimensional pressure parameter
is defined using

c5~DPmax2DPmin!/D P̄ (1)

whereDP is the instantaneous static pressure difference between
the plenum and freestream, andD P̄ is the time-averaged magni-
tude of this value.

Experimental Conditions. Experiments are conducted at a
fixed freestream velocity of 10 m/s. The injection hole diameterD
is 20 mm and its lengthL is 4D. The freestream Reynolds number
Rex , determined for a distance between the trip wire and the hole

Fig. 1 Schematic diagrams of: „a… the experimental apparatus
used for heat transfer coefficient measurements, „b… the film
hole geometry, and „c… the test surface, including the coordi-
nate system
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center, is 383,000. The boundary layer thickness~based on
0.99U`! at the hole center is 0.91D, the displacement thickness is
0.14D and the momentum thickness is 0.10D. The shape factor of
the boundary layer is 1.4, which is typical for a fully developed
turbulent boundary layer. Blowing ratios are 0.5, 1.0, and 2.0.
Corresponding injectant Reynolds numbers ReD are 6400, 12,700,
and 25,400, respectively.

Injection Hole Configurations. Compound injection angle
orientations are identified by two angles, as shown in Fig. 1~b!.
The inclination anglea is defined as the angle between the injec-
tion vector at the hole exits and its projection on thex-z plane.
The orientation angleb is the angle between the streamwise di-
rection and the projection of the injection vector onto thex-z
plane. The inclination angle is fixed at 35 deg, and the orientation
angle is positive in the1z direction, as indicated in Fig. 1~b!. A
different injection plate is employed for each orientation angle of
0, 30, 60, and 90 deg. In each injection plate, a row of five holes
is located 30D downstream of the trip wire as shown in Fig. 1~c!.
The spanwise spacing between the hole centers is 3D.

Test Plate. As depicted in Fig. 1~c!, the test plate consists of
an upstream plate, one of the four injection plates and the mea-
surement plate. The measurement plate starts atx/D51.0. To pre-
vent unwanted wall temperature variations near the downstream
edges of the holes, injection holes are machined in the injection
plate, not in the measurement plate. The triangular gap between
the injection plate and the measurement plate is filled with poly-
styrene. The foamed polystyrene in the gap works as a thermal
barrier that minimizes the conduction from the injection holes to
the measurement plate.

Flow Visualization. To visualize the injectant and determine
its distribution along and above the test surface, the injectant air is
contaminated with fog. This is accomplished by pressurizing a 50-
gal steel drum housing a Rosco model 1500 theatrical fog genera-
tor. Fog is produced from the vaporization of a water soluble
liquid with this device, and subsequently fed into the diffuser and
plenum of the injectant air supply system. The air is then photo-
graphed against a black background after it is ejected from the
holes. This fog is employed to identify vortex structures and other
secondary flow features produced by the compound angle, film
cooling holes. Smoke patterns are illuminated using a thin sheet of
light provided by a Colotran ellipsoidal No. 550, 1000-W spot-
light, and light slits machined in two parallel metal plates, located
between the spotlight and the test section. The illuminated, time-
varying patterns are recorded at rates as high as 60 frames per
second using a Dage-MTI CCD72 camera and control box with a
Computar Inc. 12.5 mm, F1.8 lens, connected to a Panssonic AG-
1960 type 4-head, multiplex video cassette recorder. The 16.7 ms
exposure time of the camera is set by its 60 Hz vertical sweep
rate. Recorded images are monitored using a Dage-MTI HR1000
monitor. Images recorded on video tape~in sequence! are then
digitized using a Sony DCR-TRV 900 digital video camera re-
corder. The resulting images are then further processed using

Adobe PhotoShop software on a Puwer Macintosh 7500 PC com-
puter, and finally printed using a Panasonic PV-PD 2000 digital
photo printer.

Surface Temperature Measurements Using Liquid Crystals.
To measure the temperature distribution on the surface down-
stream of the injection holes, a thermochromic liquid crystal
~THC! sheet is employed. The TLC sheet covers the test plate
from x/D51.0 to x/D516.0, and fromz/D526.0 to z/D
516.0. The TLC sheet consists of 110-mm-thick polyester film,
TLC coating, black paint, and an adhesive layer. The total thick-
ness of the sheet is 240mm. Beneath the TLC sheet, a 30-mm-
thick stainless steel foil is used to generate a uniform surface heat
flux. The stainless foil is heated using an AC electrical power
supply. The current and voltage across the heating element are
measured to calculate the input power. A 12.7-mm-thick polycar-
bonate plate is attached just beneath the stainless steel foil using
adhesive tape. A layer of insulation then follows. Formed polysty-
rene, which is 50 mm thick, is then placed beneath the insulation.
A CCD camera is used to capture the TLC color images, as it is
aligned perpendicular to the TLC sheet and located about 1.2 m
away. Two 150-W halogen lamps are used to illuminate the TLC
sheet.

Various techniques of TLC are available for temperature mea-
surement. Here, a steady-state, hue capturing method is utilized.
The liquid crystals employed change color over the temperature
range from 25°C to 45°C. With such a bandwidth, the liquid crys-
tal sheet can map the entire isothermal pattern of the test surface
from a single image. A robust TLC color-temperature response
calibration is then necessary for high accuracy measurements. It is
known that the perceived color of the TLC depends on the
lighting/viewing arrangement, the spectrum of primary illuminant
and background light, and the optical properties of the measure-
ment path as well as temperature. For all measurements, extra care
is taken to fix all conditions identical with calibration conditions
to avoid unwanted color variations.

Measurement of Other Temperatures. The free-stream and
the injectant temperatures are measured with T-type thermo-
couples that are calibrated in a constant temperature bath with a
precision platinum resistance thermometer.

Heat Flux Ratio Determination. According to Eckert@16#,
the relationship between the heat flux and the heat transfer coef-
ficient on a film-cooled surface is given by

qf5hf~Taw2Tw! (2)

whereTaw , Tw , hf , and qf denote adiabatic wall temperature,
wall temperature, heat transfer coefficient with film cooling, and
heat flux with film cooling, respectively. Another way of defining
the heat transfer coefficient is given by

qf5h~T`2Tw! (3)

Dividing both sides of Eq.~3! by both sides of Eq.~2!, and rear-
ranging, it follows that:

h/hf512h@~Tc2T`!/~Tw2T`!# (4)

whereh is the adiabatic film cooling effectiveness, defined as

h5~Taw2T`!/~Tc2T`! (5)

From Eq.~4!, hf is identical withh when the coolant temperature
and the freestream temperature are the same. In this study, the
freestream temperature and the injectant temperature are both
fixed at 20°C and the wall is heated with a uniform heat flux. The
heat transfer coefficienth is then calculated using Eq.~3!. Heat
transfer coefficient data are then presented in terms of the heat
transfer coefficient ratio (hf /ho). Here,hf denotes the heat trans-
fer coefficient with film cooling, whereasho is the heat transfer
coefficient without film cooling at the same location and same
Reynolds number.

Table 1 Coolant Strouhal number and pressure perameter
values
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To evaluate the reduction of thermal load due to film cooling,
the thermal loads with and without film cooling are compared.
The heat transfer coefficient without film cooling is expressed
using

qo5ho~T`2Tw! (6)

The heat flux ratio can thus be expressed in the form given by

qf /qo5hf~Taw2Tw!/ho~T`2Tw!5~hf /ho!~12h/u! (7)

where u is the nondimensional temperature, which ranges from
0.5 to 0.7 for gas turbine blades with film cooling. A value of
0.6, which is typical of a film cooled turbine blade in operation,
is used for the heat flux ratio calculation. This is the sameu
value used to obtain the effectiveness values in the companion
paper@15#.

Uncertainty Estimates. Uncertainty estimates are based on
95 percent confidence levels, and determined using procedures
described by Kline and McClintock@17# and Moffat @18#. The
uncertainty of the heat transfer coefficient ratio is69.5 percent at
a typical hf /ho value of 1.2, and that of the heat flux ratio is
610.1 percent at a typicalqf /qo of 0.8.

Experimental Results and Discussion

Bulk Flow Pulsation Characteristics. The periodic charac-
teristics of the phase-averaged freestream static pressure are illus-
trated in Fig. 2. The data are presented for time-averaged blowing
ratios of 0.5, 1.0 and 2.0 at pulsation frequencies of 8 and 36 Hz.
Here, D P̃ indicates the difference in the phase-averaged static
pressure between the plenum and freestream,P̃c2 P̃` . D P̄ is then
the difference in the time-averaged static pressures. The pressure
data show quantitative alterations to waveforms, which occur as
blowing ratio and pulsation frequency are changed. Note that the
peak-to-peak amplitude of the phase-averaged freestream velocity
variation is fixed at 11 percent of the time-averaged velocity
value, regardless of the magnitude of pulsation frequency.

Normalized pressure differencesD P̃/D P̄ with pulsations im-
posed at 8 Hz show only slight variations in amplitude asm is
changed~Fig. 2~a!!, although the pressure parameterc varies
widely from 0.25 to 1.62~see Table 1!. In this case, the coolant
Strouhal numbers are less than unity~see Table 1!, and thus, the
pulsation conditions are located in the quasi-steady regime de-
scribed by Ligrani et al.@2#. When the pulsation frequency is 36
Hz, Fig. 2~b! shows that the normalized pressure difference varies
over a wider range of values. This is because the coolant Strouhal
number is larger than unity and the injectant behavior is non-
quasi-steady@2#. Such variations evidence important coupling be-
tween pulsations, and the injectant in the holes and within the
plenum. The amplitude of the pressure difference thus increases as
the blowing ratio decreases or the coolant Strouhal number in-
creases. Another important feature of the data in Fig. 2~b! is ap-
parent for blowing ratios of 0.5 and 1.0. Here, prolonged durations
of negative values ofD P̃ are observed over the phase-averaged
pulsation period. Atm50.5, negative values are present over al-
most half of the period fromt/t50 to t/t51. This implies that
the freestream static pressure is higher than the plenum pressure
over this time interval, which might cause local ingestion of ex-
ternal boundary layer fluid into the holes.

Local Heat Transfer Coefficient Ratio Distributions. As
expected from the pressure pulsation data shown in Fig. 2, the
heat transfer coefficient ratio distributions measured with pulsa-
tions imposed at 8 Hz deviate little from ones measured with no
pulsations. The heat transfer coefficient ratio distributions at 8 Hz
pulsations are, therefore, not presented here. Instead, discussion is
concentrated on the more interesting 36 Hz pulsations as they
affect heat transfer coefficient ratio distributions. Note that base-
line heat transfer coefficients used for normalization are measured
on the same test surface with no pulsations imposed, and no film
cooling.

Figure 3 shows detailed contours of the local heat transfer co-
efficient ratio (hf /ho) with 36 Hz pulsations whenm50.5 for
four different orientation angles. The value of Src is 3.6 and the
dimensionless pressure parameterc is 8.83. The effect of 36 Hz
pulsations on heat transfer is apparent by comparing with the heat
transfer coefficient ratio distributions with no pulsations. For ex-
ample, with simple angle injection~b50 deg!, Fig. 3~a! shows
that heat transfer coefficient ratios are slightly augmented due to
36 Hz pulsations. This includes high heat transfer ratios along the
geometrical centerline of each hole just downstream of each hole
exit, which is caused by the periodic up-and-down motion of the
injectant trajectory when pulsations are present.

When the orientation angleb is 30 deg, as shown in Fig. 3~b!,
the heat transfer coefficient ratio distribution is altered by the
pulsations in the high heat transfer coefficient region near the
injection holes (1.5<x/D<5.0). Without pulsations, the heat
transfer coefficient ratio is high near the central hole in the region
of 21.0<z/D<0.0. Whereas with pulsations, the high heat trans-
fer coefficient ratio region near the central hole moves to 0.0
<z/D<1.0. This is because the injectant trajectory pulsates not
only in the vertical direction~i.e., in they-z plane!, but also in the
spanwise direction~i.e., in thex-z plane! when compound angle
injection is employed. This is supported by results from an experi-
ment on a flat plate with no film cooling holes, but with bulk flow
pulsations, which show that pulsations do not affect the heat trans-
fer on the surface because the freestream Strouhal number based
on the boundary layer thickness is much less than unity. However,
introduction of the injectant into pulsating flow creates increased
disturbances and additional augmentations of heat transfer coeffi-
cient ratios in the near hole region.

Figures 3~c! and~d! illustrate additional important effects of the
pulsations on local heat transfer coefficient ratios. Here, heat
transfer coefficient ratios increase slightly with orientation angle.
In addition, comparisons with distributions measured with no

Fig. 2 Normalized, phase-averaged static pressure difference
between the injectant plenum and the freestream: „a… fÄ8 Hz,
„b… fÄ36 Hz
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pulsations reveal that heat transfer coefficient ratio distributions
become more uniform downstream of the holes when 36 Hz pul-
sations are present. The uniform distributions with large orienta-
tion angles also result from the swaying motion of the injectant.
This is present because the injectant issued from compound angle
holes contains significant spanwise momentum components.
When large static pressure pulsations are applied to compound
angle injection, the pressure difference behavior in Fig. 2 leads to
changes of the injectant mass flow rate over each pulsation period.

These changes in the injection rate cause alterations to the
strength of the lateral momentum of the injectant over each pul-
sation period. The injectant trajectory then oscillates in the span-
wise direction. As a result, the surface region covered by the in-
jectant is widened, and the heat transfer coefficient ratio
distribution becomes more uniform compared to the correspond-
ing case with no pulsations. The smoothing effect is more promi-
nent when the orientation angle is large because of higher magni-
tudes of lateral momentum.

Fig. 3 Local surface heat transfer coefficient ratio distributions with and without imposed bulk flow pulsations at
fÄ36 Hz for mÄ0.5: „a… bÄ0 deg, „b… bÄ30 deg, „c… bÄ60 deg, „d… bÄ90 deg
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Flow Visualization Results. The variations to injectant tra-
jectories produced by pulsations are further illustrated by the flow
visualization results in Figs. 4~a!,~b!. These are obtained in an
illuminated spanwise-normal (y-z) plane located atx/D54.3
downstream of theb530 deg compound angle holes. As men-
tioned earlier, the injectant plenum is contaminated with fog so
that injectant distributions are apparent during downstream advec-
tion. To increase the visibility and detail with the images, the fog
patterns are videotaped at lower speeds and lower pulsation fre-
quencies than used to obtain the heat transfer coefficient data.
Freestream velocity is 0.5 m/s, and spatially-averaged film veloc-
ity in the holes is 0.35 m/s, giving a time-averaged blowing ratio
m of 0.7. The data in Figs. 4~a!,~b! are obtained usingf of 0 Hz,
and 0.5 Hz, respectively. Figures 4~a!,~b! both show a time-
sequence of flow images, arranged so that time increases as one
proceeds down the page. With a 0.26-s time interval between ad-
jacent images in the latter case, the eight sequential images then
span one complete 2-s pulsation period.

In each image, fog patterns located just downstream of about
three film cooling holes are apparent. A tilted and skewed vortex
pair is then apparent in each fog pattern downstream of each of
these holes. One vortex in each pair is large and readily apparent.
The second is much smaller and located closer to the test surface.
These differences are due to the orientations of the holes, the
spanwise components of momentum that are produced by them,
and the tilted orientation of the injectant as it emerges from each
hole.

In Fig. 4~a! with no pulsations present, only small variations of
vortex pair structure are evident as time increases. When 0.5 Hz
pulsations are imposed, the coolant Strouhal number Src is 0.72,
and vortex pair changes with time in Fig. 4~b! are much more
dramatic. These include convolutions and distortions of each vor-
tex. Of particular interest are the changes to the distributions of
film fluid near the test surface. In the first two images, most of this
is concentrated beneath each vortex pair. However, substantial
film concentrations are advected along the surface to the left of
the each vortex pair~i.e., in the positivez direction! in the next
four images~where all images are viewed looking upstream!. This
disappears in the last two images, as the cycle of events prepares
to repeat itself. Such variations then lead to surface heat transfer
coefficient distributions such as the ones shown in Fig. 3~b!, ex-
cept that the effects of the imposed pulsations~on local flow struc-
ture! are expected to be even much more dramatic and substantial
when Src increases to 3.6.

Spatially Averaged Heat Transfer Coefficient Ratio Distri-
butions. Spatially averaged heat transfer coefficient ratioshf /ho
are compared in Figs. 5 and 6. Note that all spatial averages are
obtained overx/D from 2 to 16, and overz/D from 26 to 16.

Fig. 4 Flow visualization results in an illuminated spanwise-
normal plane located at x ÕDÄ4.3 for bÄ30-deg compound
angle holes with mÄ0.7, „a… fÄ0 Hz, „b… fÄ0.5 Hz

Fig. 5 Spatially averaged surface heat transfer coefficient ra-
tios with imposed bulk flow pulsations at f of 0 Hz, 8 Hz, and 36
Hz for mÄ0.5: „a… bÄ0 deg, „b… bÄ30 deg, „c… bÄ60 deg, „d…
bÄ90 deg

Fig. 6 Normalized spatially averaged surface heat transfer co-
efficient ratios as dependent upon coolant Strouhal number Sr c
and orientation angle b
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From Fig. 5, it is evident that changing the orientation angleb
plays a more dominant role than changing the pulsation frequency
in augmenting magnitudes of spatially averaged heat transfer co-
efficients. Increasing the blowing ratiom also contributes to en-
hancement ofhf /ho values, with more pronounced influences as
the orientation angle increases.

Even thoughlocal heat transfer coefficient ratio distributions
change considerably when the pulsation frequency changes, par-
ticularly at large orientation angles~see Fig. 3!, the net result is

more uniform distributions, with little changes tospatially aver-
agedvalues. This is illustrated by the spatially averaged results in
Fig. 5, where the only changes of any significance due to pulsa-
tions are measured when the blowing ratiom is 0.5. This is also
shown by the results presented in Fig. 6, where ratios of film
cooled heat transfer coefficients with pulsations, normalized by
ratios with no pulsations, are presented. Here, changes to spatially
averaged heat transfer coefficient ratios from flow pulsations are
again relatively minor.

Fig. 7 Local surface heat flux ratio distributions with and without imposed bulk flow pulsations at fÄ36 Hz for m
Ä0.5: „a… bÄ0 deg, „b… bÄ30 deg, „c… bÄ60 deg, „d… bÄ90 deg

148 Õ Vol. 124, JANUARY 2002 Transactions of the ASME

Downloaded 01 Jun 2010 to 171.66.16.35. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



Local Heat Flux Ratio Distributions. Film cooling perfor-
mance is best evaluated using the heat flux ratioqf /qo , which is
the ratio of the heat flux with film cooling to that without film
cooling @11#. A heat flux ratio value less than unity then indicates
that the thermal load to the wall is reduced by film cooling.

According to Eq.~7!, the adiabatic film cooling effectiveness
and the heat transfer coefficient ratio are needed to determine the
heat flux ratio. Adiabatic film cooling effectiveness magnitudes
for the same hole geometries and experimental conditions inves-
tigated here are given by Lee and Jung@15#. For a ratio of coolant
density to freestream density just less than 1, the effects of pulsa-
tions on adiabatic film cooling effectiveness distributions are also
discussed by these authors, including dependence on the coolant
Strouhal number. According to them, pulsations imposed at low
coolant Strouhal numbers do not alter the effectiveness distribu-
tions by significant amounts. Minimal changes to heat flux ratios
are thus expected forf 58 Hz, because heat transfer coefficients
are also affected by only very small amounts when pulsations are
imposed at this frequency. Consequently, heat flux ratio distribu-
tions are presented and discussed here only for an imposed pulsa-
tion frequencyf of 36 Hz.

Such heat flux ratio data are presented and compared to data
obtained with no bulk flow pulsations in Fig. 7 for a time-
averaged blowing ratiom of 0.5. The corresponding coolant
Strouhal number is 3.6, which is the highest value employed in
the present investigation. From Fig. 7, it is evident that heat flux
ratio distributions are altered significantly by the pulsations. With
no pulsations present, heat flux ratio values are relatively small
~which indicates good film protection!, with lower magnitudes
over regions where large injectant concentrations contact the sur-
face, and higher values overz/D values positioned between the
holes. Heat flux ratio values with no pulsations cover a wide range
of values, but are less than unity over almost the entire surface.
Such low heat flux ratios provide good film protection at a blow-
ing ratio m of 0.5 ~when no imposed pulsations are present! as a
result of higher effectiveness magnitudes and lower heat transfer
coefficients.

When imposed bulk flow pulsations at 36 Hz are present, Fig.
7 shows that heat flux ratio values are larger, with more uni-
form values over the test surface. For example, in Fig. 7~a! for
b50 deg, the difference between maximum and minimum
values of the heat flux ratio is 0.36, compared to 0.78 when no
pulsations are present. This is because of significant decreases of
film cooling effectiveness magnitudes, as well as increased heat
transfer coefficient ratios, which are distributed more uniformly
over the surface. This occurs when pulsations are imposed regard-
less of the orientation angle of the film cooling holes, and results
in significant local sugmentations of thermal loads to turbine
blades.

Spatially Averaged Heat Flux Ratio Distributions.
Spatially averaged heat flux ratios are presented in Figs. 8 and 9.
In the first of these figures,qf /q0 values measured with pulsations
imposed at 8 Hz are, in most cases, nearly the same as values
measured when no pulsations are imposed (f 50 Hz), regardless
of the values ofb andm.

Much larger increases in heat flux ratio~and more significant
reductions of film cooling protection relative tof 50 Hz data! are
then present forf 536 Hz. In this case, heat flux ratio increases
become larger as the blowing ratiom decreases for each value of
the orientation angleb considered. This is also illustrated by the
results in Fig. 9, where heat flux ratios with pulsations, normal-
ized by ratios with no pulsations, are given. Such variations are
also consistent with results described by Ligrani et al.@2#, since
coolant Stroubal numbers are greater than 1, ranging from 1.8 to
3.6 asm decreases from 1.0 to 0.5. Heat flux ratio increases with
f 536 Hz are then quite small~relative to thef 50 Hz data! when
m is equal to 2.0 because the coolant Strouhal number is 0.9,
which is smaller than unity.

Figure 8 also shows that the pulsations imposed at 36 Hz

have a more substantial effect on heat flux ratio increases~relative
to f 50 Hz data! as the orientation angle increases. For example,
for m51.0, the incremental increase inqf /qo with simple
angle injection is only 2 percent~Fig. 8a!. It increases to 5, 10
and 18 percent as the orientation angle varies to 30, 60, and
90 deg, respectively,~Figs. 8~b!,~d!!. The indicates more severe
pulsation effects, and greater reductions in protection, as the
spanwise component of momentum from the film cooling holes
increases.

With no pulsations present (f 50 Hz), Fig. 8 also shows heat
flux ratios atm50.5 which are much lower than values when
m51.0, especially at smaller orientation angles. However, with
36 Hz pulsations, heat flux ratio values atm51.0 are about the
same as or even slightly lower than values form50.5. This is
partially due to static pressure variations like the ones shown
in Fig. 2. Form of 0.5 and 1.0, this figure indicates that pulsations
imposed at 36 Hz produce pressure differences between the
plenum and freestream which can cause ingestion of external
flow into the holes over substantial portions of each pulsation
period.

Figure 9 provides additional insight into these effects. Here,
heat flux ratios with pulsations, normalized by ratios with no pul-
sations, show a substantial increase as the coolant Strouhal num-

Fig. 8 Spatially-averaged surface heat flux ratios with im-
posed bulk flow pulsations at f of 0 Hz, 8 Hz, and 36 Hz for m
Ä0.5: „a… bÄ0, „b… bÄ30, „c… bÄ60, „d… bÄ90 deg
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ber becomes greater than 1. Note that data for all four compound
angle orientation angles, 0, 30, 60, and 90 deg, are included. Such
behavior is thus consistent with other flow visualization and flow
structure results@2,4,5#, but over a wider range of experimental
conditions and film hole geometries.

Summary and Conclusions
Presented are heat transfer coefficient and heat flux data on a

surface film cooled with compound angle holes, and subject to
imposed bulk flow pulsations. Film hole orientation angles are 0,
30, 60, and 90 deg. The film hole inclination angle is fixed at 35
deg. The frequencies of imposed bulk flow pulsations are 8 and 36
Hz at a peak-to-peak velocity amplitude of 11 percent of the time-
averaged freestream velocity. The blowing ratios considered are
0.5, 1.0, and 2.0, which correspond to coolant Strouhal numbers
from 0.2 to 3.6. Detailed surface heat transfer coefficient distribu-
tions are measured using thermochromic liquid crystals. Distribu-
tions of surface heat flux ratios are then evaluated from these heat
transfer coefficient data, and adiabatic film cooling effectiveness
values from another source@15#. Some important observations are
noted and summarized in the following:

1 The pulsations produce important changes tospatially re-
solveddistributions of surface heat flux ratios, and surface heat
transfer coefficient ratios, mainly as a result of more uniform film
coverage over the test surface~compared to situations when no
pulsations are employed!. This is a result of periodic changes to
the magnitude of spanwise momentum in the injectant over each
pulsation period. This then causes the film from compound angle
holes to oscillate in both the normal and spanwise directions after
it leaves the holes.

2 Only small changes tospatially averagedheat transfer coef-
ficient ratios are produced by the pulsations, relative to distribu-
tions measured with no pulsations.

3 Spatially averaged surface heat flux ratios increase consider-
ably at coolant Strouhal numbers larger than unity. Relative to
values measured with no pulsations, rates of increase are higher
for larger orientation angles and smaller blowing ratios.

4 Coolant Strouhal numbers greater than 1 generally indicate
reductions in the protection provided by film cooling, relative to
situations when no pulsations are imposed. This is consistent
with other flow visualization and flow structure results@2,4,5#,
but over a wider range of experimental conditions and film hole
geometries.
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Nomenclature

D 5 film hole diameter
f 5 imposed pulsation frequency
h 5 heat transfer coefficient5q/(Tw2T`)
L 5 film hole length
m 5 time-averaged blowing ratio5rcUc /r`U`
P 5 static pressure
q 5 local surface heat flux

ReD 5 injectant Reynolds number5DUc /v
Rex 5 freestream Reynolds number5XU` /v
Src 5 coolant Strouhal number52p f L/Uc

T 5 temperature
t 5 time

U 5 time-averaged velocity
X 5 streamwise coordinate, measured from trip wire
x 5 streamwise coordinate, measured from downstream

edges of film cooling holes
y 5 normal coordinate, measured from test surface
z 5 spanwise coordinate, measured from spanwise center-

line
a 5 inclination angle
b 5 orientation angle
h 5 local adiabatic film cooling effectiveness

5(Taw2T`)/(Tc2T`)
u 5 nondimensional temperature5(Tw2T`)/(Tc2T`)
n 5 kinematic viscosity
t 5 imposed pulsation time period
c 5 pressure pulsation parameter5(DPmax2DPmin)/DP̄

DP 5 instantaneous static pressure difference between ple-
num and freestream

Subscripts

aw 5 adiabatic wall value
c 5 coolant or plenum value
f 5 film cooling value

max 5 maximum value
min 5 minimum value
np 5 no pulsations value

o 5 no film cooling value
w 5 wall value
` 5 freestream value

Superscripts

˜ 5 phase-averaged value
¯ 5 time-averaged, or space-averaged value
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Unsteady Flow/Quasi-Steady Heat
Transfer Computations on a
Turbine Rotor and Comparison
With Experiments
The unsteady flow in stator–rotor interactions affects the structural integrity, aerody-
namic performance of the stages, and blade-surface heat transfer. Numerous viscous and
inviscid computer programs are used for the prediction of unsteady flows in two-
dimensional and three-dimensional stator–rotor interactions. The relative effects of the
various components of flow unsteadiness on heat transfer are under investigation. In this
paper it is shown that for subsonic cases, the reduced frequency parameter for boundary-
layer calculations is about two orders of magnitude smaller than the reduced frequency
parameter for the core flow. This means that for typical stator–rotor interactions, the
unsteady flow terms are needed to resolve the location of disturbances in the core flow, but
in many cases the instantaneous disturbances can be input in steady-flow boundary-layer
computations to evaluate boundary-layer effects in a quasi-steady approximation. This
hypothesis is tested by comparing computations with experimental data on a turbine rotor
for which there are extensive experimental heat transfer data available in the open lit-
erature. An unsteady compressible inviscid two-dimensional computer program is used to
predict the propagation of the upstream stator disturbances into the downstream rotor
passages. The viscous wake (velocity defect) and potential flow (pressure fluctuation)
perturbations from the upstream stator are modeled at the computational rotor–inlet
boundary. The effects of these interactions on the unsteady rotor flow result in computed
instantaneous velocity and pressure fields. The period of the rotor unsteadiness is one
stator pitch. The instantaneous velocity fields on the rotor surfaces are input in a steady-
flow differential boundary-layer program, which is used to compute the instantaneous
heat transfer rate on the rotor blades. The results of these quasi-steady heat-transfer
computations are compared with the results of unsteady heat transfer experiments and
with the results of previous unsteady heat transfer computations. The unsteady flow fields
explain the unsteady amplitudes and phases of the increases and decreases in instanta-
neous heat transfer rate. It is concluded that the present method is accurate for quanti-
tative predictions of unsteady heat transfer in subsonic turbine flows.
@DOI: 10.1115/1.1405419#

Introduction
The flow between stator and rotor blade rows in turbomachin-

ery cascades is inherently three-dimensional and unsteady. De-
mands for improved performance, fewer stages, and fewer blades
per stage result in highly optimized and highly loaded airfoils that
operate at continuously increasing gas and alloy temperatures. The
sources of two-dimensional flow unsteadiness between the rotor
and the stator are: viscous velocity wakes shed from the trailing
edge of the stator; inviscid potential flow variations in time and
space caused by the relative motion of the lifting surfaces; two-
dimensional vortices shed at the stator trailing edge; flutter of both
cascades; and the effect of flow changes due to cooling flows in
high-pressure high-temperature turbine stages. Three-dimensional
disturbances include the effects of passage vortices, end-wall ef-
fects, and radial flows. In order to analyze these flows and design
reliable engines, we need to understand the effects of unsteady
flow aerodynamics and unsteady heat transfer on airfoil and en-
gine performance. This has resulted in a series of numerical and
experimental investigations on unsteady flow and unsteady heat
transfer. Stator–rotor computations are in common use@1–8#.

Other investigators@9–17# have used unsteady flow programs to
study the effect of upstream and downstream disturbances on
blade flows, and have conducted experimental unsteady aerody-
namic investigations@18–20#. Unsteady heat transfer experiments
and computations, such as@21–31#, are essential to understanding
these processes.

Previous investigations@11–15# interpreted the aerodynamic ef-
fects of two-dimensional propagation of the combination of vis-
cous wakes and potential flow~static pressure perturbation! in
turbine passages. Incoming flow disturbances were modeled into
the computational flow field of infinitely rigid uncooled down-
stream rotors, neglecting the effects of two-dimensional vortex
shedding. The conclusion was that the aerodynamic unsteadiness
~unsteady pressure and velocity fields! is a function of the stator-
to-rotor pitch ratioR (R[Nrb /Nsb5Ssb /Srb) and of the axial gap
d between blade rows. For typical gaps (d'0.30) and for small
values ofR (R,1.5), the wake disturbances dominated the un-
steadiness onto the downstream cascade, while the potential-flow
disturbance from the upstream cascade decays before it affects the
downstream cascade significantly. For larger values ofR (R
.2.5), the wake disturbance effect onto the downstream blades
was dwarfed by the potential-flow disturbance. For intermediate
values ofR (R'2), both disturbances influence the unsteady flow
fields. The different mechanisms of propagation of the two distur-
bances and their phase effects on unsteady flow~functions ofR

Contributed by the International Gas Turbine Institute and presented at the 38th
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andd! were explained. The combined interaction results in com-
plex patterns of unsteady pressure and velocity regions influenc-
ing the forcing functions, stress levels, and blade heat transfer.

This paper shows theoretically, and demonstrates by comparing
computations with experiments, that the amplitudes and phases of
unsteady heat transfer in high subsonic turbines can be accurately
predicted using unsteady-inviscid-flow and quasi-steady heat-
transfer computations; and identifies the instantaneous~quasi-
steady! convection as the major heat transfer mechanism. The
unsteady two-dimensional inviscid computations predict the loca-
tion of instantaneous disturbances in the rotor core flow using
disturbance–rotor models of stator–rotor interactions. In order to
predict the instantaneous location of the unsteady disturbances
accurately, it is essential to model correctly the values ofR andd,
and the combined wake and potential-flow interactions. Three-
dimensional unsteady inviscid flow computations would be re-
quired in cases where the flow has strong three-dimensional gra-
dients. The resultant instantaneous velocities are input in a steady-
flow finite-difference boundary-layer program, which is used to
predict the instantaneous heat transfer rates at the corresponding
times. The computed amplitudes and phases of unsteady heat
transfer rates agree well with experimental measurements.

Theory and Hypothesis
The unsteady continuity, momenta, and energy equations are:
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Assuming that shearing in the core of the unsteady flow~out-
side the boundary layer! is less dominant than the core unsteady
flow, the friction terms and dissipation function are dropped from
Eq. ~1!. The resulting nondimensional equations for unsteady two-
dimensional inviscid stator flows are
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For unsteady rotor flows, the equations are slightly modified to
account for the centrifugal forces~the momentum equations! and
for rotor work~the energy equation!. Vc f is the reduced frequency
parameter for the core flow. Many definitions ofVc f appear in the
literature, but for the purposes of this paper it is a measure of the
time required for a disturbance to pass through the rotor~modeled
by brb /a0!, divided by the time between successive disturbances
entering the rotor~or for the rotor to traverse the distance between
two stator trailing edges,Ssb /Vrb!. ~This definition is slightly dif-
ferent fromṽ52pVc f /Mx,0 used in our previous investigations.!
Here
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Starting from Eq.~1! and using the thin boundary layer ap-
proximation, the nondimensional unsteady boundary layer equa-
tions along the two-dimensional blade surface~along surface
lengthss! become
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Vbl is the reduced frequency parameter for the boundary layer.
It is a measure of the time required for the disturbance to pass
through the boundary layer thickness~modeled byu/a0!, divided
by the time between significant changes in properties at the
boundary layer edge. The blade-passing frequency is the lowest
frequency of unsteadiness for both disturbances~from potential
flow interaction and from wake interaction!. The unsteady ampli-
tudes of higher harmonics from the wake interaction are orders of
magnitude smaller than the first harmonic, and their downstream
decay from the stator trailing edge is rapid@32#. The unsteady
amplitudes of higher harmonics from the potential-flow interac-
tion are several orders of magnitude smaller than the first har-
monic, and their downstream decay is very rapid. As will be seen
later in instantaneous velocity figures at points on the rotor sur-
face, the dominant~highest amplitude! frequency of the core-flow
unsteadiness is the blade-passing frequency. For subsonic cases,
the amplitude of higher harmonics is much smaller than the am-
plitude of the first harmonic. For such cases we chose as charac-
teristic time between significant changes in properties at the
boundary layer edge the blade passing period~or for the rotor to
traverse the distance between two stator trailing edges,Ssb /Vrb!.
Therefore, for these casesVbl is given by

Vbl[
u

a0

Vrb

Ssb
5

Vrb

a0
•

u

Srb
•

1

R
(6)

Comparison of Vcf and Vbl. Vc f andVbl are strong func-
tions of R. In Eq. ~2!, the second and third~inertia! terms are of
the order of unity (O(1)). In mostturbomachinery stator–rotor
interactions,Vc f is of the order of or greater than unity, indicating
that the unsteady terms cannot be neglected and that the flow is
fully
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unsteady. Unsteady-flow computations are required to predict the
instantaneous location of the disturbances accurately. Direct com-
parison of Eqs.~4! and ~6! results in

Vbl5S u

brb
DVc f (7)

In many nonseparated turbine flows, the term (u/brb) is between
two and three orders of magnitude below unity~O(1022) to
O(1023)!. ~u is defined as the average value of boundary-layer
momentum thickness between the leading and trailing edge.! In
Eq. ~5! the inertia and viscous terms are one to two orders of
magnitude larger than the unsteady terms~becauseVbl is very
small in comparison!. In such cases, the unsteady terms multiplied
by Vbl can be neglected from the boundary layer formulations
without significant loss of accuracy.

This is not valid when the fifth or higher harmonics of local
disturbances ~with respect to the blade-passing frequency
Vrb /Ssb! have a high amplitude, so that the correspondingVbl
becomes significant. In unsteady transonic flows this is valid away
from the moving shocks, and is invalid in the temporal and spatial
vicinity of the moving shocks, where an unsteady boundary layer
computation with shock capturing is required. For example, in
Fig. 8 of @31# and for the design case, the Nusselt number traces
over the blade-passing period for most of the pressure surface
have a dominant first harmonic amplitude, and negligible higher
harmonics. This is because the flow solution for that case is not
affected by shocks~see Fig. 9 of@31#!. This idea is valid for most
of the pressure surface in that case. It is clearly invalid in other
cases shown in@31#, where shocks significantly affect the flow
solution on the blade surfaces.

Hypothesis. In subsonic turbines, while the core of the flow
is unsteady and requires unsteady-flow computations, the bound-
ary layer responds almost immediately to instantaneous changes
in properties at its edge. The disturbance travels through the thick-
ness of the compressible boundary layer~of orderu! with the local
sonic velocity~of ordera0!. Unsteady boundary-layer effects can
be computed using a series of steady boundary-layer computa-
tions, in each of which the instantaneous properties at the edge of
the boundary layer have been obtained from unsteady core-flow
computations. This is true whenever the high-amplitude harmon-
ics of the disturbances at the edge of the boundary layer have low
frequency~up to about five times the blade-passing frequency!,
and the boundary-layer thickness and running length are small. In
subsonic turbine cascades this is valid: near the leading edge be-
cause the boundary layers are thin; and farther downstream
~where the boundary layers become a little thicker! because the
amplitude of the high-frequency disturbances decay very fast.

Propagation of Two-Dimensional Disturbances
Giles’ @6,7# computer program UNSFLO was used to compute

the flow fields and the forces. The program can compute viscous
stator–rotor flows, but we identified the propagation of the distur-
bances in the core of the flow using the inviscid dirturbance–rotor
version of the program. Wakes are defined as the velocity defects
generated by the surface boundary layers of upstream blade rows
and propagating downstream. Since there is no static pressure
jump at the trailing edge of blades, the wakes by this definition do
not include a static pressure variation at the trailing edges where
they are generated. Potential-flow interaction is defined as the
static pressure variation generated by the existence of and relative
motion between the lifting surfaces, propagating both upstream
and downstream of the blade region that generates it.

The propagation mechanisms of wake and potential-flow inter-
actions from upstream to downstream blades were examined in
@14#. The wake is chopped, sheared, and rotated in the passages
because the portion of the wake touching the pressure surface
moves downstream with~lower! pressure-surface velocities, while
the portion of the wake touching the suction surface moves down-

stream with~higher! suction-surface velocities. The resultant vor-
tical unsteady flow patterns result in a region of increased pressure
upstream of the wake centerline, and in a region of decreased
pressure downstream of the wake centerline. The potential-flow
interaction is chopped and propagates downstream with mecha-
nisms similar to those of acoustic disturbances~pressure waves! in
channels.

The phases of the unsteady pressures and velocities in stator–
rotor interactions must be accurately computed in order to predict
unsteady flows and heat transfer. Previous work@11–15,5# indi-
cates that, in order to do that, one needs to model accurately both
R and d. This last conclusion is evident if one considers the
mechanisms of propagation of the unsteadiness for different ge-
ometries, and the limiting cases ofR51 ~wake disturbances
dominate the unsteadiness! and R53, 4, and 6 ~potential-
interaction disturbances dominate the unsteadiness! @14,15#.

Approach
Unsteady rotor heat transfer experimental data from stator–

rotor interactions on the Garrett 731-2 HP rotor have been ob-
tained by Dunn@21#. A previous investigation@29# performed un-
steady inviscid flow combined with unsteady boundary layer
~unsteady heat transfer! calculations on this rotor by approximat-
ing R578/4151.90244'2 and by modeling only the wake inter-
action ~neglecting the potential flow interaction!. Their analyses
reasonably predicted average values of heat flux but, because the
location of unsteady flow disturbances was not modeled correctly
@30#, it missed unsteady amplitudes and phases.

The approach of this paper is to use UNSFLO in a disturbance-
rotor interaction calculation to obtain the instantaneous velocities
modeling the geometry and flow conditions of Dunn’s experi-
ments. The effects of both wake interaction and potential-flow
interaction, and the correct values of stator-to-rotor-pitch ratioR
and axial gapd are modeled at the computational rotor–inlet
boundary. It is assumed that the instantaneous flow properties on
the rotor surface~inviscid computation! are the same as the flow
properties on the edge of the boundary layer. These properties
~denoted by subscripte! are input in a series of steady-flow
boundary-layer computations using a differential boundary-layer
program@33#. The resultant amplitudes and phases of computed
quasi-steady instantaneous heat transfer rates on the rotor surface
are in better agreement with the experimental measurements than
the earlier unsteady heat transfer study@29#. This is mainly be-
cause@29# did not predict correctly the location of the unsteady
instantaneous disturbances from the wake in the core flow~and at
the edge of the boundary layer!.

Rotor-Inlet Boundary
The two disturbances~viscous wake and potential flow! from

the stator have been modeled as inputs to the computational
rotor–inlet boundary. This simplification provides accurate com-
putational results only if one is extremely careful to specify the
correct inlet boundary conditions. Details of the following deriva-
tions have been published elsewhere@6,7,11–15#, but a summary
has been included here because they are essential to understanding
the model of the rotor–inlet boundary, and the following results
and discussion.

The velocity disturbance due to the wake is characterized by the
maximum amplitude of the velocity defectD, expressed as a frac-
tion of the undisturbed velocity, and by the ‘‘width’’W of the
velocity defect. Most velocity wakes observed in experimental
data have velocity distributions that resemble Gaussian distribu-
tions. For the wake model we assumed that: The velocity defect is
a Gaussian distribution with characteristic width expressed as a
fraction of the pitch of the blade cascade that generates the wake;
in the stator frame the flow vectors in the wake are parallel to
the undisturbed flow~a velocity deficit with no angle variation!;
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the static pressure is constant across the wake; and the stagnation
enthalpy is constant across the wake. These assumptions are
modeled by

uiw,q5F12D•exp
1

2 S tan~an!x2y

SsbWq
D 2Gcn cos~an!

(8)

v iw,q5F12D•exp
1

2 S tan~an!x2y

SsbWq
D 2Gcn sin~an!

where q is either s or p ~suction or pressure surface!. For the
unsteady flow computations shown below the inputs wereD
50.10 andWs5Wp5W50.1100Ssb50.2092Srb based on a re-
view of experimental data included in@15#.

The model for the potential-flow disturbance is developed by
observing measured and computed static pressure fields of various
turbine-blade cascades. Across the line of the trailing edges there
is a variation of static pressure with maxima at~or very near! the
trailing edges and minima at~or very near! the middle of the
passage. The exact location and shape of the pressure variation
depends on the geometric shape of the passage~lift of blade!. This
static pressure disturbance is nearly sinusoidal in blades of various
geometries and tangential lift coefficients, and the amplitude of
the disturbance decays very fast with distance downstream.

The potential-flow model~in the stator frame! is derived as a
two-dimensional, linear, isentropic, irrotational perturbation to
uniform flow @34#

~u22a2!
]u

]x
1~v22a2!

]v
]y

1uvS ]u

]y
1

]v
]xD50 (9)

The velocity–potential relationship is defined by

]F

]x
[u

]F

]y
[v (10)

For subsonic flows, one expects that the potential-flow distur-
bance from the upstream cascade is periodic~one period per stator
pitch! in they ~circumferential or tangential! direction, and that it
decays exponentially in thex ~axial! direction. Thus, the general
solution of Eq.~9! is of the form

F~x,y!5B•expF ~A21!
2p

Ssb
y1jxG (11)

whereB is the amplitude,j is a complex parameter that depends
on whether the flow is subsonic or transonic and governs the
decay of the potential disturbance downstream, and 2p/Ssb dic-
tates the periodicity of the potentialF. Substituting these~with
the negative root ofj to make the potential disturbance decay
downstream! in Eq. ~9!, solving for F, we derive the velocity
disturbancesdup anddvp . These are coupled with the conditions
of no variation in entropy and stagnation enthalpy to give a sinu-
soidal pressure perturbationDp

dvp52Dvp•expF2
2p

Ssb

A12M2

12Mx
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dup52tan~a ip!dv2
A12M2

12Mx
2 Dvp
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Ssb
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where the phase-shiftinge and De locate the maximum of the
potential-flow variation at the trailing edge of the upstream sta-
tors, and tan(aip) is the direction of propagation of the potential
field. Across the line of the trailing edges,Dpp is typically be-
tween 4 and 5 percent of the average pressure@11,15#. In the
computations presented in this paper we usedDpp50.05.

Unsteady Flow Calculations
The stage geometry and some pertinent values are shown in

Fig. 1 and Table 1. Two-dimensional calculations were performed
for the midspan location, at a radius of 4.92 in. The period of the
rotor unsteadiness is one stator pitch, starting from phase
f50.000~when the rotor leading edge is aligned with one stator
trailing edge!, and finishing at phasef58.780 ~Fig. 1!. The re-
sults of the unsteady flow-disturbance/rotor calculations are illus-
trated in Fig. 2 for a series off. The computations have been
performed on a relatively coarse 100340 H-type Euler grid. This
grid ~with this solver! adequately resolves the location of the core-
flow disturbances with minimum numerical diffusion. The figure

Fig. 1 Stator-rotor geometry, and periodic phase angle f

Table 1 Rotor blade data
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shows unsteady flow vectors~instantaneous minus average vector
at each grid point! superimposed on entropy contours. The stator
trailing edges are along the lines ofX520.23, and the centerlines
of the wake contours can be used to identify the location of the
stator trailing edges, as well as the chopping, shearing and rotation
of the wakes in the rotor passages.

SinceR51.9024, the flow is approximately~but not exactly!
periodic every second rotor. The results are obtained relative to
the shaded rotor in Fig. 2, which is always shown in the same
location with the wake centerlines moving in the negativey direc-
tion asf increases. Counterrotating unsteady-flow vectors are lo-
cated upstream and downstream of each wake centerline, resulting
in a region of increased and decreased pressure, respectively, as
discussed for general turbine geometries in@14,15#.

Quasi-Steady Heat Transfer
The instantaneous Stanton number St for this case and at each

point on the surface is defined by

St[
Nu

Re Pr
5

q̇

reUecp~Te2Tw!
(13)

whereq̇ is the heat transfer rate from the working fluid to the wall
under the local conditions. The subscripte denotes properties on
the blade surface~inviscid unsteady-flow computation!, assumed
equal to the properties at the boundary layer edge.

At every value off the instantaneous rotor-surface Mach num-
ber distribution~obtained for the rotor blade shown shaded in Fig.
2! was input for a boundary layer calculation using@33#. Other
inputs to the boundary-layer calculations were the rotor blade ge-
ometry and its surface curvature, the stagnation pressure and tem-
perature at the inlet, the ratio of specific heats, and the relative
inlet Mach number.

The program starts from an initial velocity~and enthalpy! simi-
larity solutions profile, and it recalculates the profile shape assum-
ing either a stagnation point somewhere in the flow, or Blasius
flat-plate flow, or some wedge flow. Stagnation-point profiles
~about the leading-edge region stagnation point computed in the
flow calculations! were used. For each quasi-steady boundary
layer calculation the stagnation point moves about its nominal
position as predicted by the unsteady-flow calculations~Fig. 2!.
The parabolized Navier–Stokes equations for the boundary layer
are discretized in thes direction using a modification of Crank–
Nicolson’s finite-difference scheme. The resulting linearized ordi-
nary ~in the transverse direction! differential equations are nu-
merically integrated at eachs location. It was specified that the
flow transitioned into turbulence as soon as it entered the rotor.
The program calculates the boundary layer properties, and outputs
the local St along the blade surfaces. This and the instantaneous
and local Mach number distribution and the stagnation properties
at rotor inlet are used to computere , Ue and Te are used to
evaluate the instantaneous and local values ofq̇ on the surface of
the rotor blade.

Figure 3 showsq̇ ~in units of btu/ft2/s! as a function off for
four points on the blade surface~near points A, C, D, F in Figs. 1
and 2!. The computed quasi-steadyq̇ ~solid lines without marks!

are compared with experimental unsteadyq̇ data~solid tick marks
and solid lines, from@21#! and with previous unsteadyq̇ compu-
tations~dashed line without tick marks, from@29#!. The solid lines
without tick marks represent the current calculations for the com-
bined wake and potential-flow interaction; the open square tick
marks indicate the results of similar computations to the foregoing
considering the disturbances from the wake interaction alone~no
potential-flow interaction!; and the open round tick marks indicate
the results of similar computations to the foregoing, considering
the disturbances from the potential-flow interaction alone~no
wake interaction!.

Discussion
Figure 4 shows instantaneous local pressures and velocities for

three points on the suction and pressure surfaces~normalized with
their average values at each point! versusf for oneVc f unsteadi-
ness period. The upstream and downstream points on each surface
in Fig. 4 are near points A, C, D, F in Figs. 1, 2, 3. The interme-
diate points are atX50.500 ~to show the propagation and diffu-
sion of the disturbances and their higher harmonics from upstream
to downstream, which post facto justify the hypothesis!. For the
unsteady flow computationsVc f'0.6, indicating the core flow is
unsteady, as seen by the propagation of disturbances in Figs. 2 and
4. The wake and potential disturbances travel downstream with
different mechanisms and they have different phases. As the dis-
turbances pass a point on the rotor surface, each causes a local
change in velocity and pressure agreeing with the explanations
given in @14,15#. This is reflected in the unsteady flow computa-
tion in Fig. 2 and the quasi-steady heat transfer computation in
Fig. 4. The pressure traces are not ‘‘inverse’’ to the velocity traces
in Fig. 4 because the two interactions propagate downstream with
different phases.

One way to interpret the unsteady flow vectors in Fig. 2 is as
local and instantaneous perturbations from the average flow at that

Fig. 2 Unsteady flow vectors superimposed on entropy contours for one full stator pitch from fÄ0:000 to fÄ8:780

Fig. 3 Unsteady heat transfer rate „q̇ †btu Õft 2Õs‡… measure-
ments and calculations as a function of phase f. Top left: point
A; top right: point B; bottom left: point C; and bottom right:
point D „cf. Figs. 1, 2 ….
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surface point. Considering the unsteady flow vectors~counterro-
tating vortices! on the surfaces of the shaded blade, when the
unsteady flow vector is pointing downstream, it indicates slightly
increased velocity from the average conditions, and therefore
slightly increased convective heat transfer at that instant and lo-
cation. Conversely, when the unsteady flow vector is pointing up-
stream, it indicates slightly decreased velocity from the average
conditions, and therefore slightly decreased convection at that in-
stant and location. This matches the local velocity variations
shown in Fig. 4. In theq̇ figures in@29# there is a decrease and
increase inq̇ upstream and downstream of the wake centerlines,
which was not explained in@29#, but is better explained by the
velocity increases and decreases from the average in Figs. 2, 3,
and 4, and in@30#.

With the exception of the upstream point on the suction surface
~Fig. 4~a!!, the velocity traces~Fig. 4~b–f!! are almost sinusoidal
~implying the first harmonic of blade passing frequency is domi-
nant!. For the vicinity of points C, D, and F in Fig. 1 the traces of
V/Vav in Fig. 4 are in phase agreement with the experimental data
and the present-study quasi-steady heat transfer computations in
Fig. 3. In contrast, the trace of computations of@29# in Fig. 3
disagree on the phase distribution ofq̇ with the experimental data.
Even at the upstream point on the suction surface~Fig. 4~a!! the
amplitude of the second harmonic is an order of magnitude
smaller than the first, and the amplitudes of the third and higher
harmonics are negligible. The frequency of the disturbances at the

edge of the boundary layer is the blade-passing frequency. There-
fore Vbl for Eqs. ~5! can be computed using Eq.~6!. Near the
leading edgeVbl'0.002 and near the trailing edgeVbl'0.005.
The hypothesis of this paper is valid in this case, and the
boundary-layer flow is quasi-steady.

The current quasi-steady heat transfer computations for the
combined wake and potential-flow interaction have predicted both
the amplitude and the phase of the unsteady heat transfer rates
better than the unsteady boundary layer computations of@29#, and
with less computational effort. Figures 3 and 4 show that theq̇
variations follow the surfaceV/Vav variations, indicating that the
hypothesis is valid. The normalized peak-to-peak heat transfer
variation for each one of the four points is as follows: For point C,
X50.126 on the pressure surface:@21# 49, 74, 70 percent; present
computation 45 percent;@29# 37 percent. For point F,X50.893 on
the pressure surface:@21# 31, 19, 15 percent, present computation
16 percent;@29# 6 percent. For point A,X50.085 on the suction
surface:@21# 44, 55, 40 percent; present computation 13 percent;
@29# 35 percent. For point C,X50.892 on the suction surface:
@21# 20, 23, 34 percent; present computation 18 percent;@29#
9 percent.

The locations of the solid lines~combined wake and potential-
flow interaction!, the square tick marks~wake only!, and the
round tick marks~potential only! in Fig. 3 indicate the heat trans-
fer effect of the two interactions is not additive.~Contrary to this,
the unsteady flow pressure effects in the core of the flow are
nearly additive@14,15#.! The present method underpredicts the
unsteady amplitude~although less than the unsteady boundary
layer computation of@29#!. The amplitude of the unsteady veloc-
ity depends on the amplitude of the wake input in the calculations.
A larger-amplitude wake introduces larger velocity and heat trans-
fer variations~with the same phases!. There are no experimental
wake data available for this geometry. A larger-amplitude wake
was not used in computations because it is not supported by the
average turbine-wake data in@15#.

Near point A on the suction surface our calculations predict the
average experimentalq̇ amplitude, and tend to follow the phase
reasonably well, but they underpredict the unsteady amplitude.
The direction of the unsteady flow vectors in Fig. 2 and the ve-
locity trace in Fig. 4 indicate that the heat transfer rate should be
decreasing atf'4.39 and a little later, and increasing near
f'0.00 and 8.78. This is indeed the measured and computed
trend in Fig. 3. The unsteady heat transfer calculations of@29#
predict the amplitude ofq̇ better, but they do not follow the phases
as well as the quasi-steadyq̇ computations~for example for
f.6!.

Near point C on the suction surface, and points D and F on the
pressure surface, our calculations predict the steady and unsteady
amplitude and phase ofq̇ reasonably well. The direction of the
unsteady flow vectors in Fig. 2 and the velocity trace in Fig. 4
agree with the measured and quasi-steadyq̇ computed trends in
Fig. 3, showing the expected increases and decreases. The un-
steady heat transfer calculations of@29# do not follow the ampli-
tudes and phases as well.

Similar trends~blade surfaceq̇ is proportionately affected by
local convection as measured by flow velocity at the edge of the
local boundary layer! are observed by carefully examining the
unsteady flow vectors, the instantaneous velocity traces, and the
variations in unsteady heat transfer rates computed in@29#. This is
a further indication that the unsteady terms in the boundary-layer
equations~which they used in their computations! are negligible.
However, the phases of their unsteady flow vectors and their ve-
locity traces do not agree with ours, and this may be the reason for
which they missed the phases of unsteady heat transfer rates.

In Fig. 3 the quasi-steadyq̇ from the wake interaction alone
~square open tick marks! are reasonably close to the phase of the
experimental results, indicating that in this case the wake interac-
tion is dominant. The results from the potential-flow interaction
alone ~round open tick marks! frequently miss the phase of un-

Fig. 4 Periodic local pressures and velocities versus f for six
points on the blade surfaces. On the suction surface: „a… at X
Ä0.085; „b… at XÄ0.50; and „c… at XÄ0.892. On the pressure
surface: „d… at XÄ0.126; „e… at XÄ0.50; and „f… at XÄ0.893.
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steady heat transfer rates. However, in many cases the potential-
flow interaction slightly, but critically, modulates the combined
quasi-steady solution so that it predicts better the experimentalq̇.
For example, atX50.126 on the pressure surface and at 4.39,f
,7.02, the effect of the potential-flow interaction~round tick
marks! on the wake interaction alone~square tick marks! is to
further decrease the instantaneous heat transfer rate of the com-
bined interaction~solid line! so that it matches better the unsteady
amplitudes and phase of the experimental results. Similarly, atX
50.892 on the suction surface and at 5.26,f,8.78, the effect of
the potential-flow interaction~round tick marks! on the wake in-
teraction alone~square tick marks! is to further increase the in-
stantaneous heat-transfer rate of the combined interaction~solid
line! so that it matches better the unsteady amplitudes and phase
of the experimental results.

In Fig. 3 the experimental data and our computations show that
on the suction surface the average heat transfer rates decrease
downstream~X50.085 versusX50.892!. This is a combined ef-
fect of: a decrease of working-fluid temperature due to work ex-
traction; and a decrease of average relative flow vectors in the
region of unguided diffusion@21#. Figures 8, 13, and 14 of@29#
predict a slight increase of average heat transfer downstream, also
shown in the present Fig. 3. On the pressure surface, the average
heat transfer rates slightly increase downstream~X50.126 versus
X50.893!. This is a combined effect of: a decrease of working-
fluid temperature due to work extraction; and an increase of aver-
age relative flow vectors downstream on the pressure surface@21#.
Although the two effects are counteracting, the relative-flow ac-
celeration that increases the convective heat transfer dominates
the decrease due to reduction in working fluid temperature. Simi-
lar observations are shown in Figs. 5, 6, and 7 of@31#.

For design studies, the time-averaged velocity distribution
around the airfoil is approximately equal to the steady-state veloc-
ity distribution~a little less loading because of the effect of loss of
momentum by the velocity deficit in the wake@14#!. Since quasi-
steady convection is the dominant heat transfer mechanism, the
time-averaged~turbulent! heat transfer will be approximately
equal to the~turbulent! steady-state heat transfer~as in Figs. 5, 6,
and 7 of@31#!. However, the local variation of heat transfer about
its average depends on the variation of local velocity about its
average, it is significant, and it can be reasonably predicted as
illustrated above.

Conclusions
1 Using the concept of reduced frequency parameter it is theo-

retically demonstrated that:

• Unsteady core-flow computations are needed to predict the
propagation of disturbances in blade-row interactions. Inviscid
disturbance/blade-row computations can predict the core unsteadi-
ness in many cases.

• Starting from the resultant unsteady properties on the blade
surfaces, quasi-steady boundary-layer~heat transfer! computations
are sufficient to predict the unsteady heat-transfer rates. This is
valid whenever the boundary-layer reduced frequency parameter
~evaluated using the maximum frequency of the dominant ampli-
tudes in the frequency spectra of the unsteadiness and the bound-
ary layer thickness! is small compared to the reduced frequency
parameter of the core flow.

• This approach can be used in subsonic turbine cases and
away from the location of the shocks in transonic turbine
cases ~which introduce large-amplitude high-frequency local
disturbances!.

2 The conclusions above are verified by comparing experi-
ments with computations. A two-dimensional inviscid computer
program is used to compute the instantaneous unsteady flow fields
from disturbance–rotor interactions on a turbine rotor. The effects
of the upstream stator on the rotor are modeled by carefully simu-
lating: the stator-to-rotor-pitch ratio; the stator–rotor axial gap;

the viscous wakes; and the potential-flow interaction between the
stator and the rotor. The resultant unsteady rotor flow fields
closely follow the explanations given in previous publications.
The instantaneous unsteady velocities on the rotor surface and
other pertinent stage data are input on a steady-flow differential
boundary layer program, and the resultant heat transfer rates are
computed. The results of these unsteady-flow/quasi-steady heat
transfer computations are compared with experimental results for
four points on the rotor surfaces. These computations predict the
average amplitude of the heat transfer, the unsteady amplitude of
the heat transfer, and the unsteady phase of the heat transfer well.

3 The unsteady flow fields in the core flow explain the phases
and amplitudes of unsteady heat transfer rates. The unsteady flow
instantaneous and local velocity variations on the rotor surface
correspond to instantaneous variations of the convection heat
transfer rate. The instantaneous velocity variations at the boundary
layer edge cause instantaneous variations in convection that domi-
nate unsteady heat transfer.

4 It is concluded that the present method can be used for quan-
titative predictions of unsteady heat transfer in subsonic turbines.
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Nomenclature

a 5 acoustic velocity~Eq. ~9!!
B 5 amplitude of potential variation~Eq. ~11!!
b 5 axial chord of rotor or stator cascade~lengths

nondimensionalized withbrb!
c 5 local absolute-flow velocity~Eq. ~8!!

cp 5 specific heat at constant pressure
D 5 wake amplitude, fraction ofcn ~Eq. ~8!!
d 5 stator–rotor axial gap
e 5 energy
fW 5 body forces~Eq. ~1!!
h 5 enthalpy
k 5 thermal conductivity

M, Mx , My 5 Mach number and its components
N 5 number of blades in row

Nu, Pr 5 Nusselt, Prandtl numbers
Re, St 5 Reynolds, Stanton numbers

q̇ 5 heat transfer rate
R 5 [Nrb /Nsb5Ssb /Srb5 stator-to-rotor-pitch ratio
S 5 pitch of blade row
s 5 surface length
T 5 temperature
t 5 time

u, v 5 velocity components in (x,y)
U 5 fluid relative velocity along rotor surface
V 5 velocity
W 5 characteristic width, fraction ofSsb ~Eq. ~8!!

(x,y) 5 Cartesian coordinates
(X,Y) 5 coordinates nondimensionalized withbrb

a 5 flow angle
D, d 5 perturbation operators~on p, u, andv!

De, e 5 angles locating the potential~Eq. ~12!!
u 5 mean momentum thickness overs
l 5 intermittency factor
m 5 viscosity
j 5 complex parameter forx decay ofF ~Eq. ~11!!
r 5 density
t̃ 5 shear stress tensor~Eq. ~1!!
F 5 velocity potential~defined by Eq.~10!!
f 5 phase of unsteady rotor flow~Fig. 1!
w 5 dissipation function~Eq. ~1!!
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V 5 reduced frequency parameters~Eqs.~4!, ~6!, ~7!!

Subscripts

0 5 characteristic quantity
av 5 average
c f 5 core flow
bl 5 boundary layer
e 5 property at boundary layer edge

ip 5 flow property for potential flow model
iw 5 flow property in wake

l 5 laminar
n 5 absolute flow direction at stator outlet
p 5 perturbation value due to potential~Eq. ~12!!
q 5 suction~s! or pressure~p! side ~Eq. ~8!!

rb, sb 5 rotor and stator blade row, respectively
t 5 stagnation property

te 5 location of upstream cascade trailing edge
tu 5 turbulent
w 5 wall ~blade-surface! location

(x,y) 5 components in Cartesian coordinates

Superscript

* 5 nondimensional quantity
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